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CHAPTER 1

EXAMPLES OF RADIANT
SYSTEMS

The earth is heated radiantly. Almost everyone worldwide identifies with the warmth
of the sun. Whether welcoming the sun on a cool spring day or seeking shelter from
the sun on a hot summer day, everyone has developed a response to the sun. In fact,
many daily activities are planned around the presence or absence of sunshine. Yet,
few people think in terms of the sun being the earth’s heating system. Perhaps,
because the sun is such a dependable, reliable, and predictable heat energy source,
people take it for granted.

Few people, whether laypeople or professionals, make the connection between
natural radiant heating and cooling in the great outdoors and environmental condi-
tions for human occupancy in the built environment. But they really can be made to
function very similarly. The objective is to capture the best of outdoor comfort for
creation in the built environment whenever desired or required. To understand what
may be involved, it is instructive to examine just how and why nature’s heating sys-
tem actually works.

To the best of our current knowledge, only the earth is dynamically positioned in
relation to the sun to enable exploitation of its resources to support life as we know
it. The daily rotation of the earth during its annual orbit around the sun results in
the simultaneous 24-hour routine we know as day and night and the climatic
change we know as seasons that fans out from the equator. In the natural environ-
ment, shelter, insulation (fur, clothing, or structural), life-cycle change, and migra-
tion are a few of nature’s responses to changing daily and seasonal environmental
conditions.

The reason for changing the climate in the built environment is to provide
for building use, occupant comfort, and safety of the building and its contents. Yet,
to do this in a cost-effective manner requires that the entire structure be viewed
as a system in support of the relevant preceding objective. Building design and
environmental siting impact the performance of heating and cooling design.
The focus of efficiently and effectively heating and cooling a building should
include a comprehensive analysis of all the relevant interactions, whether natu-
ral or manmade, to ensure that the energy balance is optimized in relation to
the objective. The same system logic feeds concern about global warming due to
a change in any one of the components in the complex web of environmental
balance.
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1.4 INTRODUCTION TO RADIANT SYSTEMS

1.1 NATURAL THERMAL ENVIRONMENT

We find in nature all of the elements that are applied and controlled in the built
environment. Radiation, convection, conduction, condensation, evaporation, and
the resulting influences of each action are described in detail in the Handbook as we
seek to harness the laws of physics for application to the built environment. The per-
formance of a radiant environment contrasts with that where air is used to deliver or
extract heat. To better understand the radiant built environment we will look at a
few examples of how the natural radiant environment operates.

A look at the normal agricultural cycle in the continental United States tells us
that soil temperatures, essential to plant growth, are the main determinant of the
planting period. Actual soil temperatures are a direct result of radiant heat charge
and discharge. A look at the time lag involved is instructive to understanding the
performance of building mass in radiant heating and cooling. The other variable also
at work is the change in angle and intensity of the sun. The winter solstice, or short-
est day of the year, is December 21, when the sun cycle is shortest and weakest.

The coldest part of winter in the United States normally occurs in January, when
the days are actually lengthening and the earth is moving closer to the sun. The
recharging of the earth mass continues for more than 4 months before the soil tem-
perature is at levels required for seed germination. In fact, the longest sun exposure
and greatest potential radiant intensity occurs at the summer solstice on June 21.
Although sun intensity and length of exposure then decrease until the occurrence of
the winter solstice on December 21, it is not unusual to have warm days through the
end of October without a killing frost. These same areas may experience tempera-
tures of 0°F or below by, or even before, January.

Lengthy charging and discharging periods are characteristic of high-mass radiant
heating and cooling. The resulting thermal stability is a unique characteristic of radi-
ant heating that yields rich design alternatives, ranging from passive solar and earth
thermal storage to an array of cooling strategies. The time constants involved in the
built environment relate to the building structure, natural external exposure, and
radiant panel selection. Whether occurring naturally or by design, the harnessing of
radiant energy for the provision of thermal comfort and energy conservation differ-
entiates the design of radiant heating and cooling systems from natural and mechan-
ical convection systems.

1.2 APPLICATION OF NATURAL PRINCIPLES

Public awareness of outer space exposure to the impacts of radiation heat transfer
was sparked by the launch of the first Soviet Sputnik satellite. Although commerecial,
combat, and reconnaissance aviation required resolution of radiant heat transfer
impacts, human travel in outer space required a comprehensive resolution of radiant
heat transfer impacts over the full range of human exposure. The vision of a man
walking in the environment on the moon graphically conveyed how far the manage-
ment of energy transfer had come. The space suit provided greater freedom of move-
ment at —300°F (—184.1°C) than the first commercially sewn, bulky down snowsuits
provided at 0°F (-17.4°C).

Recognition of the application’s potential for materials exploiting basic radiant
heat transfer principles spurred extension of reflective insulation into common
everyday use. One dramatic comfort and conservation application for the building
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industry in hot climates is the reduction in attic temperatures achieved through the
application of low-emissivity surface to the underside of roof panels to reduce radi-
ant heat transfer from the hot roof to the attic floor or ceiling below. Considerable
study revealed that attic ventilation was ineffective in reducing the air-conditioning
heat load caused by radiant heat transfer from the roof above and, in fact, could
increase the air-conditioning load by increasing the exfiltration of mechanically
cooled air.

The development of window films and spectrally selective coatings responds to
the need to harness the visible and invisible infrared spectrum to provide safety,
comfort, and energy conservation. The development of high-performance windows
has proceeded to the point where so little heat is transferred to the outer glass sur-
face that condensation can occur at night due to nocturnal radiation. To get a sense
of the magnitude of nocturnal radiation through the atmosphere, think of how much
warmer the air remains on a calm, cloudy night versus a calm, clear night. The dif-
ference is caused by the role the cloud cover plays in lessening energy escape, which
may reduce the day-night temperature range by 10° to 30°F or more. A second
example is the ability to freeze water in the desert at night when the ambient tem-
perature is much higher than 32°F (0°C). A pan of water radiates more heat to the
clear night sky than it receives from the surrounding air. Hence, the equilibrium tem-
perature of the water drops below the freezing point, even though the surrounding
air temperature is actually above the freezing point.

The discomfort caused by heat loss from the human body to a cold window is well
understood, but the application of the same principles for cooling by use of a low-
temperature cold-radiant panel is still relatively uncommon. Yet, primitives sought
relief from the heat in caves and other places with cooler surface temperatures,
where radiant cooling supplanted evaporation as the main agent of temperature
reduction. In arid climates, evaporative cooling of the air is cost-effective, as is evap-
orative cooling of roof surfaces that are misted, thereby cooling water that is recov-
ered for use as the cooling fluid for radiant panels or to lower the temperature of
building mass.

The ability to sunbathe on a calm 60°F (15.9°C) spring day is a dramatic example
of the role that radiant energy can play in providing thermal comfort at a lower
ambient dry-bulb air temperature. Another equally striking example is that of skiers
in swimsuits on days when the air temperature is in the 40°F range and the snow is
still crisp and fresh. The relatively high metabolic rate; dry, clear, thin high-altitude
air; strong late-spring sun; and snow covered surface all combine to enable the high-
intensity radiant field make the human body feel comfortable in otherwise cold con-
ditions. These examples are illustrative of the important role that radiant heat
transfer can play in providing human thermal comfort.

Greenhouses are designed to make use of radiant energy from the sun. However,
most people do not understand why a greenhouse can absorb more radiant energy
than it loses and, therefore, develop significantly higher inside temperature than the
surrounding outside air. The answer lies in the spectral characteristics of the radiant
energy from the sun and also of glass. A substantial percentage of the radiant energy
from the sun is at short wavelengths. Glass is transparent to short-wavelength radia-
tion; therefore, the greenhouse glass allows most of the radiant energy from the sun
to enter the greenhouse. The radiant energy that is emitted within the greenhouse is
at long wavelengths, and it happens that glass is opaque to long wavelength radia-
tion. Hence, the radiant energy trying to leave the greenhouse is stopped by the
glass. These are the same reasons that the enclosed interior of a car sitting in the sun
can become quite warm inside on a calm, sunny 0°F (-17.4°C) winter day. As you
will discover in Sec. 2, long- and short-wavelength radiation come from low- and
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high-temperature sources, respectively. This concept will have some application in
the employment of radiant heating systems.

The creation of heat from radiation leads to another natural phenomenon, the
movement of air we know as wind. Anyone who has ever sat in Wrigley Field, which
is located on the shore of Lake Michigan, has basked in the warm midday zephyr
breezes only to find the wind suddenly shifting from the West to the East off a cold
Lake Michigan. The hot air from the warmed agricultural plains west of the city and
the draft from the hot, level concrete and asphalt city surfaces draw in the cooler air
off of the Lake, suddenly shifting the airflow. The air replaces the rising air heated by
the thermally charged high mass of the city as it continues to discharge heat and until
the plains cool through nocturnal radiation to a temperature below the surface tem-
perature of the Lake water and the process begins anew. The lesson here is that air
movement is driven by temperature gradients, and that it is not heat that rises, but
hot air. This is a truth of physics that is often confused, but must be sorted out to
understand the significance of radiant panel location and sizing and comfort design.

Condensation, or dew, is a common natural occurrence that we seek to eliminate
in the built environment. For many heating and cooling systems, relative humidity
within normally acceptable limits is inherent to the system. Natural relative humidity
varies from as low as 0 percent below freezing to 100 percent over the range of tem-
peratures above freezing. The entrance of outside air into the built environment may
require the addition or removal of moisture from the air. These conditions are most
evident in the winter when people complain of nasal passage or sinus dryness and in
the summer when mold and mildew appear due to excess moisture. Radiantly heated
and cooled homes normally experience significantly lower rates of infiltration and
exfiltration, reducing the impact of casual outside air on the indoor environment. The
role of indoor and outdoor temperature is as important a determinant in the signifi-
cance of natural building pressure differences as the influence of mechanical air dis-
tribution balance and pressure protocol is on determining its parasitic influence on
infiltration and exfiltration.

The orientation, material selection, grade, and elevation design, as well as land-
scaping are among the design decisions that impact the role of natural and designed
radiant heating and cooling. These decisions should be made in conjunction with the
review of heating, ventilation, and air-conditioning alternatives. Yet, whatever deci-
sion is made will include all three elements of heat transfer. In essence, all analyses
of the structure and occupant as a system are incomplete unless they recognize that
comfort is achieved through management of the entire range of dynamic thermal
transfer. The objective of this Handbook is to empower the reader to identify the
role of each and to develop the exact blend or combination of each that best serves
the design application.
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CHAPTER 2

ADVANTAGES OF USING
RADIANT SYSTEMS

Radiant heating and cooling systems offer unique features that merit the inclusion of
radiant analysis in heating, ventilation, and air-conditioning (HVAC) design consider-
ations. There are many radiant system features that differentiate radiant and convec-
tion heating design, performance, and cost. Some of the features present opportunities
to take a fresh look at the building as a system using radiant as the primary system
(Fig. 2.1). Other features make radiant an ideal complementary component for
another dominant system in what then becomes a hybrid system. The important key to
remember is that the range and flexibility of systems and application options is every
bit as encompassing as those common to convection system design.

2.1 OCCUPANT THERMAL COMFORT

It would seem obvious that occupant thermal comfort would be the objective of
any HVAC system. However, trade publications such as Professional Builder and
Contractor magazine surveys show little year-to-year change in reporting that almost
one-half of building occupants—residential or commercial—are not fully satis-
fied with their level of comfort. This is especially surprising when you consider that
the American Society of Heating, Refrigeration, and Air-Conditioning Engineers
(ASHRAE) Standard 55-92, Thermal Environmental Conditions for Human Occu-
pancy, has been available for incorporation into design performance for decades. The
Standard identifies the mean radiant temperature (MRT) as an important factor in
assuring human thermal comfort. Radiant systems provide unique, cost-effective
approaches to addressing numerous conditions affecting human thermal comfort, as
primary or hybrid systems. Standard 55-92 provides the conditions and methods for
analysis to ensure compliance with the Standard.

Radiant systems are used to condition space, often in the traditional way that con-
vection systems must do, by their nature, to produce a selected air temperature. How-
ever, radiant systems may also be used to heat people in comparison to space. The idea
is that the occupied air mass is heated to a lower dry-bulb temperature than with a
convection heating system as long as the occupants are radiantly heated. The objective
is to save energy or to overcome otherwise adverse local comfort conditions (Fig 2.2).
The range of radiant equipment, design, and temperature options provides great flex-
ibility over a broad range of conditions and human occupied environments. Concealed
radiant systems convert an interior building surface into a radiant heat transfer panel.

1.7
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Modular panels affixed to the wall
or ceiling require a small fraction of
the surface area of concealed systems
due to their higher surface-heating tem-
peratures. Cooling panel surface tem-
peratures are dew point constrained,
regardless of configuration. The impor-
tant point to remember is that panel sur-
face area and MRT requirements are
important factors influencing several
aspects of radiant system selection.

Radiant systems provide the oppor-
tunity to provide comfort at lower
ambient air temperatures. ASHRAE
Standard 55-92 provides information
about the index of human thermal com-
fort: operative temperature (OT). Oper-
ative temperature is the weighted
average of MRT and dry-bulb air
temperature, which for convenience is
approximated as the simple average
FIGURE 2.2 Comfort is the key feature of a in the bm.lt. env1r0nmen.t. Under uni-
radiant environment. (Source: Photo courtesy of ~ form conditions, the readings converge.
Delta-Therm Corporation.) However, under transient conditions, or

conditions that are not uniform, a diver-
gence occurs. A radiant system may be employed to provide the higher or lower
MRT necessary to achieve the OT required for human thermal comfort.

The presence of the radiant field, or MRT, characteristic of all radiant systems,
normally results in comfort at a 4°F (-15.2°C) to 6°F (—14.1°C) lower dry-bulb air
temperature than if a convection heating system were used. The U.S. Department of
Energy guideline is that a 1°F air temperature reduction results in a 3 percent
energy reduction. Table 2.1 shows detailed presentation of temperature setback
heating load reduction in the commonly encountered range of dry-bulb air temper-
ature set points. Therefore, a 12 to 18 percent energy reduction is a minimum expec-
tation for a radiant system in comparison to a convective system providing
equivalent comfort. The actual dollar impact would relate to the relevant fuel or
energy costs.

2.2 RADIANT CHARACTERISTICS
AND APPLICATIONS

Radiant systems are fuel neutral. Gas, oil, electricity, and alternate energy sources
are all viable options for operation of radiant systems. The focus of this book is pri-
marily on the radiant delivery configuration, performance, and sizing. The reader
may be assured that there is plenty of information available about heat pumps, boil-
ers, combination electric and gas water heaters, and electrical service to determine
the most appropriate heating or cooling option to serve the desired radiant system.

The transfer of more than 50 percent of energy radiantly characterizes the defi-
nition of a radiant heating or cooling panel (ASHRAE), or other truly radiant
device, including heaters such as quartz or tube heaters (Fig. 2.3). The balance of
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1.10 INTRODUCTION TO RADIANT SYSTEMS
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FIGURE 2.3 Industrial gas-tube heaters. (Source: Photo courtesy of Detroit Radiant Products.)

energy transfer is accomplished through either convection or conduction. While
radiation is dominant, convection is usually the next largest means by which heat is
transferred from a radiant panel. Stratification is normally less with radiant systems
than convection systems, which are characterized by the buoyancy of the warmed air
that facilitates the natural or mechanically driven heat distribution.

TABLE 2.1 Percentage Reduction in Annual Heating Load Resulting from Lower Setting
of Thermostat*

ﬂg;;gllon;;t Degree decreases in original thermostat setting

setting, °F  1° 2° 3° 4° 5° 6° 7° 8° 9° 10°
70 3.74 741 11.02 1456 18.03 21.42 2474 2799 3116 34.26
69 3.81 756 1124 1484 1837 21.81 2519 2849 31.70 34.85
68 3.90 772 1146 1513 1871 2223 25.65 29.00 3227 3546
67 3.97 787 11.69 1542 19.07 2264 2612 2952 3284 36.10
66 4.06 8.04 1192 1572 19.44 23.06 26.60 30.07 3346 36.76
65 4.14 819 1215 16.03 19.80 23.49 2710 30.64 34.09 37.44
64 422 836 1240 1634 2019 2395 27.64 3124 3474 3813
63 4.32 854 12,65 16.67 20.60 2445 2821 31.86 3541 3886
62 4.41 871 1291 17.02 21.04 2497 2887 3249 36.09 39.61
61 4.50 890 1319 1740 2151 2550 2938 3315 36.83 4040
60 4.60 911 13,51 17.81 2199 26.05 30.00 33.85 37.59 41.20
59 4.72 934 1385 1823 2248 26.62 30.66 34.58 38.36
58 4.85 9.58 1418 18.65 2299 2723 3134 3530

57 497 980 1450 19.06 2352 27.84 32.01
56 5.09 10.03 1483 19.52 24.06 2845
55 521 1027 1521 19.99 24.62

* Results assume no internal or external heat gains. This chart is applicable to residences and commer-
cial buildings where these gains are minimal.
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Radiant systems may accommodate any building configuration or material sur-
face. Radiant panels accomplish heat transfer utilizing hydronic or electric conduit in
many design configurations. The actual radiating surface characteristics generally do
not significantly impact the radiant output because the surface emissivities of com-
monly encountered materials are 0.85 or higher. The important design and perfor-
mance factor to be evaluated is the existing or potential resistance to heat transfer
presented by materials that separate the heat-generating source from the radiation
panel surface.

Radiant panel location—ceiling, wall, or floor—is the major determinant of the
division of heat output between radiation and convection. The location of the radi-
ant system, as well as the panel configuration, will impact the radiative-convective
heat transfer split. The definitional panel radiant output range of more than 50
percent defines the base radiant design factor that must be fine-tuned with the
largely convective balance for proper radiant panel sizing. Determining the radia-
tive-convective split is an important design factor in ensuring that OT require-
ments are met.

Radiant systems may be characterized as having minimal transmission loss in
hydronic systems and no transmission loss in electric systems. Convection systems
may experience from 20 to 40 percent or more in losses from the ducts required to
transport the energy from the source to the occupied space. ASHRAE Standard
152P, A Standard Method of Testing for Determining the Steady-State and Seasonal
Efficiencies of Residential Thermal Distribution Systems, is a standard for thermal
distribution that provides the methodology to determine these thermal distribution
losses. Determining the magnitude of distribution loss is an important comparative
system sizing parameter and operating cost determinant.

Heating system choice can impact building performance in terms of relative
humidity due to an increase in infiltration. Radiant systems do not produce air tem-
peratures significantly above the thermostat set point. Convective systems, whether
perimeter baseboard or warm air, increase the indoor-outdoor temperature differ-
ential significantly—20°F (-6.3°C) to 50°F (10.3°C)—in various locations at various
times. In addition, the stack effect of delivery air temperature well above thermostat
set point also increases infiltration of
cold, dry outside air, which then reduces
the interior relative humidity. The relative
humidity in radiantly heated buildings is
normally within the range recommended
in Standard 55-92.

Eliminating or reducing the use of air
to distribute or remove energy lessens a
major source of pollen, dust, bacteria, and
germ distribution. Radiant systems are
nonallergenic and often prescribed for
people with allergies. Fig. 2.4 shows a
popular stainless-steel portable model. In
cases in which makeup air is mandated,
designers may choose the appropriate
design to provide the correct amount of
air required by ASHRAE Standard 62,
FIGURE 24 Ceramic portable nonaller- Ventilation for Acceptable Indoor Air
genic heater. (Source: Photo courtesy of Radi-  Qualify. Regardless of the circumstances,
ant Electric Heat.) the net reduction in air movement is sig-
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nificant in reducing the transfer of airborne contaminants, as well as the cost of air
distribution and filtration.

The characteristic reduction in infiltration and exfiltration of a radiant system
contributes to the significant overall sizing reduction compared with convection sys-
tems. Capacity reduction is significant in terms of initial cost, operating cost, and
energy requirements. Reduced radiant sizing may provide an opportunity for signif-
icant peak power reduction in electrically heated or cooled buildings.

Hydronic system capacity reductions provide the incentive for development of
new heater products, including combination potable and hydronic water heaters.
The newly energized boiler industry is responding with many innovations, including
a significant increase in the range of acceptable incoming and outgoing fluid tem-
peratures, sizes, and packaged systems.

Radiant panels are noiseless. Absent the creaks, vibrations, and air noise charac-
teristic of the different convection systems, radiant panels are silent and odorless.
Scorched-dust air odors are eliminated.

Thermal stability is generally greater in buildings with radiant than with convec-
tion systems. Interior space temperatures are tempered by the flywheel effect of the
embedded energy characteristic of concealed radiant panels (Figure 2.5). Surface
radiant heating or cooling panels (Fig. 2.6) may also be used to charge the mass
when it is cost-effective to do so. In the normal operation of radiant panels, oppos-
ing surfaces directly absorb and reradiate energy in relation to their surface emis-

FIGURE 2.5 Residential radiant hydronic floor heating.
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FIGURE 2.6 Hydronic radiant ceiling cooling panels with displacement ventilation system.

sivities and respective temperatures. The thermal energy storage and/or thermal sta-
bility characteristics of radiant systems provide unique opportunities for the eco-
nomic management of human thermal comfort.

Radiant panels are generally maintenance-free. The advent of new materials and
technologies has given many radiant systems almost a life of the structure longevity.
Manufacturer warranties should be consulted in every case. Radiant system mainte-
nance for hydronic systems is primarily a function of the radiant panel support
equipment, which may include boilers, heat pumps, valves, fittings, meters, controls,
and so forth.

2.3 RADIANT ENERGY AND OPERATING COST

Case studies confirm the energy savings that radiant users have anecdotally re-
ported for years. Studies also confirm reduced heat loss and sizing design for radiant
systems. Case study results specific to one type of system may be inappropriate for
extrapolation to other radiant systems. The differences among radiant heating sys-
tems require appreciation of the design impacts that affect system performance of
each form of radiant heating.

While each radiant panel design or product may be unique, there is a common basis
to expect lower operating costs through their use in buildings that meet the prevailing
ASHRAE 90.1 and 90.2, Commercial Energy Standards and Residential Energy Stan-
dards, respectively. The common factors are occupant thermal comfort at lower ambi-
ent air temperatures, reduced infiltration, and lower system-induced heat loss.

Additional energy savings may be achieved through thermal storage, task heating
or cooling, dynamic or sophisticated control, zoning, and hybrid systems. The oppor-
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1.14 INTRODUCTION TO RADIANT SYSTEMS

FIGURE 2.7 Electric radiant ceiling panel. (Source: Photo courtesy of
SSHC, Inc., Solid-State Heating Division.)

tunities for assuring comfort through conservation are greatly enhanced by the in-
corporation of radiant heating and cooling in the overall building-as-a-system de-
sign analysis approach. Incorporation of the occupant as the object by which the
comfort of the system is measured fits right in with the approach long advocated by
cutting-edge organizations, including Affordable Comfort, Inc.; the Energy Efficient
Building Association; and the Quality Building Council of the New England Sus-
tainable Energy Association.
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CHAPTER 3
HOW TO USE THIS BOOK

The process of choosing a heating or cooling system requires disciplined analysis of
information that is relative to the determination of comparative system perfor-
mance. Typically these include parameters for comfort, energy consumption, main-
tenance cost, architectural detail, system space requirements, impact on occupant
space utilization, reliability, flexibility, as well as first and life-cycle costs. The objec-
tive is to select a system that satisfies the agreed-upon goals for providing the
desired built environment.

In addition to the normal engineering design parameters, there may be system
selection-influencing goals, such as supporting a unique process or activity (e.g., a
computer center, hospital surgical area, or a mother-in-law suite). The goal may be
promotion of aseptic or clean room environment, or increasing sales of office con-
dominium space, or increasing net rental income, or salability of a property, or any
one of several other goals that heating system selection might impact.

The structure of this Handbook is designed to provide the information required
in order to guide the reader through the decision points that determine the true
comparative relationship of radiant heating and cooling systems with conventional
heating, ventilating, and air-conditioning (HVAC) systems. The framework for eval-
uation, in addition to the technical theories and design application information,
demands an appreciation of the typical broad-picture factors. The location; financial
functional, and productivity constraints; and first cost compared with operating cost
are early primary inputs. Secondary considerations include maintenance frequency,
extent, and impact on occupants; system failure frequency and impact; and repair
time, cost, and parts dependability and long-term availability.

The rapid technology advances in equipment, electronics, materials, components,
and system packaging make it impractical to assemble specifications in this Hand-
book. The good news is that mastery of the principles and design checkpoints equips
the reader to make selections that satisfy the design and performance specifications.
The role of the intermediary supply source, whether it is the local supply house, a
manufacturer’s representative, the contractor, or the factory, is important in acquir-
ing detailed product information. As with any HVAC system, the job is only as good
as the installing contractor makes it. Close inspection at each stage of completion is
important to ensure that it is built as it is designed. The reader is encouraged to make
note of information on radiant panel and system design elements that influence sys-
tem performance.

The advantages and disadvantages of conventional systems are well known
by engineers, designers, building owners, and occupants. The comparative features
of radiant alternatives are generally unknown because the commonly used engi-
neering and simulation programs are designed for convection heating systems. In
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fact, although convection and conduction are integral factors in the algorithms
employed, a key factor in human thermal comfort, mean radiant temperature
(MRT), is absent. This aim of this Handbook is to arm the reader with a working
appreciation for the role of MRT in distinguishing radiant from convection sys-
tems. The reader will develop the ability to provide thermal comfort designed to
the standards of ASHRAE 55-92 through radiant system selection from an array
of proven radiant heating design options.

This brief review of where to go for specific information by section and by chap-
ter provides the reader with a quick overview of how to use the Handbook. It is pro-
vided to enable readers with varying backgrounds and interests to quickly identify
the path and location of information they need. The reader is also reminded of the
“Definitions of Terms and Conversions” chart in the front of the Handbook, as well
as the index at the end.

3.1 SECTION AND CHAPTER OVERVIEW

The most important determinant of the accuracy of the overall design analysis is
how well the work has accounted for all energy flows. Section 2, “Fundamentals of
Heat Transfer and Thermodynamics,” is where the reader finds detailed explana-
tions of how this is accomplished.

Chapter 1, “The Energy Balance,” covers conservation and mass equations, heat
transfer and work, the energy content of air—internal energy and enthalpy. The con-
clusion of the chapter elements is the conservation of energy equation. Chapter 2,
“Conduction and Convection Heat Transfer,” explains the underlying theory through
Fourier’s law of heat conduction and detailed explanation of thermal conductivity.
Newton’s law of cooling, the heat transfer coefficient, the Reynolds and Prandtl num-
bers, and the Nusselt number and correlations for the heat transfer coefficient discus-
sion include the important numbers and correlations required to develop specific heat
transfer coefficients. The theory is placed into design perspective in “Combining
Building Materials into a Wall, Floor, or Ceiling.” Many contractors use heat loss anal-
ysis programs that stop at this point. Most simulation programs incorporate elements
of radiant heat transfer, which are covered in Chap. 3, “Radiation Heat Transfer.”

Radiant heat transfer is the equally important third form of heat transfer. The
incorporation of radiant heat transfer factors into design programs completes the
opportunity to optimize building design performance, including heating and cooling,
and most important, in relation to human thermal comfort. Calculation complexity
and time constraints have been overcome by the evolution of computer program-
ming and run time that makes inclusion of radiant transfer factors practical for per-
sonal computers.

Chapter 3,“Radiation Heat Transfer,” begins with a discussion about wavelengths,
microns, and the electromagnetic spectrum, followed by absolute temperature scales.
The important subject of radiative intensity, the basic building block of radiative heat
transfer, is covered fundamentally, but in relation to application in the built environ-
ment. The body of defined theory is covered in Planck’s law, blackbody radiation,
Wien’s displacement law, and the important Stefan-Boltzmann equation. Perhaps the
most important, but often left out, material on surface emissivity, absorptivity, and
transmissivity characteristics are covered in an easy-to-understand format that brings
to life the performance of building material surfaces in a radiant environment. Ther-
mophysical properties of matter encountered in the built environment are the subject
of an overview discussion that commences with thermal conductivity of various
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building materials and R values, followed by the density of common building materi-
als and specific heat of common building materials. The properties of air and water
vapor are introduced, followed by a revisit of the emissivities and absorptivities of
common building materials. Window transmissivity, emissivity, and absorptivity are
related to radiant heating system design, energy, and comfort impacts.

View factor calculations were a major stumbling block that computer capability
has overcome, yet it is important to understand their role in radiant system design
and performance. Chapter 3 next explores the radiative resistance network approach
to calculations of radiative heat transfer, followed by a discussion of solar radiation
versus radiant heating systems, which nicely ties together the natural radiant envi-
ronmental heating system with radiant heating systems for the built environment.
Finally, the advanced topic: the radiative transfer equation is presented for those who
may choose to work the math, which includes the spherical harmonics method,
Monte Carlo method, and discrete ordinates modeling.

Multimodal heat transfer is the subject of Chap. 4. The integration of convection,
conduction, and radiation heat transfer into a complete heat transfer analysis system
leads to discussion of techniques to analyze combined heat transfer cases.

Chapter 5, “Psychrometrics and Mixtures,” deals with the fundamentals of mois-
ture analysis in the design process. Topics covered are humidity ratio, relative humid-
ity,dewpoint temperature, the psychrometric chart, and heating and cooling humid air.

“Fluid Mechanics,” Chap. 6, is essential to the design of hydronic radiant heating
and cooling systems. Bernoulli’s equation and the complete range of pipe flow, pump
power, and head loss calculation methodology is reviewed.

Section 3 is “Thermal Comfort.” Chapter 1 asks and answers the question, What Is
Thermal Comfort?, and it looks at the effects of thermal distribution systems. Chap-
ter 2 reviews the Rohles-Nevin studies, the Fanger and Gagge models, and improve-
ments to the Fanger and Gagge models. These participant studies and models are the
basis of thermal comfort design methodology, which is explored in a discussion of
recent thermal comfort tools. Chapter 3, “The Mean Radiant Temperature,” provides
definition, relationship to thermal comfort, and measurement techniques. Under-
standing MRT is essential to appreciating the performance capabilities of radiant
heating and cooling systems in comparison to convection. The interrelationship of
MRT is explained in Chap. 4, “The Operative Temperature.” Included in the discus-
sion is the definition, relationship to thermal comfort, measurement techniques, and
example calculations and procedures for thermal comfort calculations.

Section 4, “Sizing and Load Estimation,” starts with Chap. 1,“ASHRAE Standard
Methods,” in which design point, multiple-measure sizing, and detailed simulation
methods are reviewed. Chapter 2,“The Building Comfort Analysis Program Method-
ology,” details the methodology, including analysis of information provided, as well as
output that these methods do not provide, along with the common estimating
approaches to factoring various changes into time block calculations. The example
calculations provide radiant heating application calculations, which demonstrate
methodology to develop information that differentiates radiant heating system
design using the Building Comfort Analysis Program (BCAP).

In Sec. 5, “Radiant Heating Systems,” Chap. 1, “Introduction to Radiant Panels,”
presents a review of common radiant panel configurations, location, and distinguishing
performance, design, and installation features. Chapter 2, “Electric Radiant Heating
Panels,” presents the universal principles governing electric radiant panel perfor-
mance. The first category is preinsulated panels, which includes framed fast-acting
panels and metal-encased panels. The second common electric panel category is cable,
mat, or flexible element heating, which is primarily differentiated by ceiling and floor
location of field-constructed embedded designs, or manufactured sheetrock and gyp-
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sum panels. Ceramic or glass heat fixtures include cove, recessed wall, and baseboard
heaters utilizing ceramic or glass heating element panels. Filament, metal-sheathed,
and quartz heaters, which are higher in watt density and radiant intensity, round out
Chap. 2.

Chapter 3, “High-Temperature Heaters” delineates high-, medium-, and low-
temperature heaters, and gas-fired radiant tube heaters. There is information on
pollutant emissions, with information of increasing design relevance in gas radiant
specification. Chapter 4, “Hydronic Radiant Heating Systems,” contains an exten-
sive introduction to radiant hydronic systems. In a discussion of overhead hydronic
panels, there is information on concealed radiant hydronic ceiling systems and visi-
ble hydronic radiant ceiling heating panels. Hydronic radiant floor panels, radiant
hydronic wall panels, and alternate energy radiant hydronic heating systems com-
plete Chap. 4. Chapter 5, “Case Studies,” presents information from case studies and
research conducted by recognized third-party entities that furthers the understand-
ing of comparative radiant system performance.

Section 6, “Control Operations for Radiant Heating and Cooling Panels,” fol-
lows mastery of radiant fundamentals in importance. Successful control exploits
the full comparative advantages of radiant versus convection heating. Chapter 1,
“Introduction,” sets up the comparative analysis by detailing interface with the
occupant and interface with the conditioned space. Chapter 2, “Role of the Heat
Output,” reviews mechanical and electronic line and low thermostats. Chapter 3,
“Controls in Common Use,” reveals the emerging opportunity for occupant-
comfort-oriented heating and cooling. Subjects such as lead/lag and thermal
charge/discharge, as well as outdoor reset, are discussed. Chapter 4, “Thermostats
and Thermal Comfort,” explores the common options for network comfort and
energy management.

Section 7,“Radiant Heating and Cooling Hybrid Systems,” introduces the devel-
oping appreciation for the benefits of mixing and matching the smorgasbord of heat-
ing and cooling options and explores the myths and mystique that may explain the
limited harvest of radiant cooling potential. Chapter 1, “When to Use Hybrid Sys-
tems,” begins with a definition of hybrid systems and continues with cases when
combination systems are preferred. Chapter 2, “Convective Systems with Radiant
Panels,” describes design strategies for optimizing system combination. Chapter 3,
“Ventilation with Radiant Heating and Cooling,” covers indoor air quality, infiltra-
tion/exfiltration, dehumidification, and cooling. Chapter 4, “Hybrid Heating and
Cooling Demonstration Projects,” demonstrates the design methodology for suc-
cessful radiant and convective system interaction.

Section 8, “Engineering Design Tools to Assist in Heater/Cooler Sizing,” is an
insightful comparative review of the range of design methodology capabilities. Chap-
ter 1, “Computer-Aided Thermal Comfort Design Tools,” discusses the range of com-
puter tools available to the designer. Chapter 2, “Computer-Aided Codes Presently
Available,” is really an introduction to accelerating computer code development.
Chapter 3, “Actual Building Occupant Verification Efficiency, ABOVE®,” discusses
the information output that can be generated from a dynamic, energy balance, ther-
mal comfort design program. Chapter 4, “Design Parameters,” reviews key design
inputs such as surface coverage and panel location impacts, heater cycling, window
versus wall surface area ratio, air change ratio, and so forth. A discussion of example
heater sizing, location, and design calculations presents different approaches to opti-
mizing the radiant heating system.

This review provides a brief overview of the Handbook. The reader is encouraged
to develop a plan for use of the Handbook that focuses on developing information
that responds to areas of greatest interest, yet assures that the basics are mastered.
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Although the urgent need for information makes it tempting to skip around between
sections and chapters, the development of a thorough understanding of the informa-
tion provided would best equip the reader to harvest the benefits of comprehensive
knowledge about radiant heating systems. The reader who masters the Handbook
will recognize that the fundamentals are sound. System performance risks are no dif-
ferent than those encountered with other HVAC systems. The current limited market
penetrations spells opportunity for significant growth in radiant heating and cooling
system application, with the attendant energy, comfort, customer satisfaction, and
profit benefits.
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CHAPTER 1
THE ENERGY BALANCE

The energy balance is the fundamental process by which temperatures, pressures,
relative humidity, indoor air quality, and other measurable quantities are related to
heat transfer and power. The energy balance provides the means to determine the
amount of energy that is contained within a specific mass. This mass can be anything
such as room air, the glass in a window, a wall structure, or a cup of coffee. Energy
content is not measured directly. Instead, temperatures, pressures, and the chemical
compositions are measured, which are then related to the energy content.

In the case of a built environment, heating and cooling systems add energy by
electrical resistance heating, burning of hydrocarbons, or through the use of refrig-
eration cycles. Using the energy balance allows us to predict the local temperatures
within the built environment. For example, as a cup of hot coffee sets on a desk,
heat transfers from the hot coffee to the room air. Since heat (energy) is removed
from the coffee, the temperature of the coffee decreases. A second example of this
same concept is the air in a room. If the room air temperature is 70°F (21.4°C) and
the outdoor air temperature is 0°F (-17.4°C), then a certain amount of power (e.g.,
1000 W) is transferred through the room walls, ceiling, and floor to the outside. To
maintain the room air temperature at 70°F (21.4°C), an equal amount of power
(1000 W in this example) must be added to the room air to balance the power trans-
ferred through the walls. This power could be added by one or more of the follow-
ing: a central forced-air heating system, an in-space convective system, a radiant
heat panel, people, appliances, light bulbs, or any other heat-generating component
in the room.

Consequently, the energy balance is an integral part of any calculations in the
heating, ventilation, and air-conditioning (HVAC) field. The energy balance pro-
vides the basis for sizing a heating or cooling system, calculating the air temperature
in a room, evaluating thermal conditions, and specifying ventilation rates. This chap-
ter focuses entirely on the energy balance by first discussing energy and mass con-
servation equations, followed by quantitative descriptions of heat transfer and work
mechanisms, and finishes with property evaluations. At the conclusion of the chap-
ter, the reader will be able to thermodynamically describe a building, balance heat
transfer rates, and calculate temperatures associated with the building heating and
cooling system.
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2.4 HEAT TRANSFER AND THERMODYNAMICS

1.1 CONTROL VOLUME AND ASSOCIATED
THERMODYNAMIC PROCESSES

Conservation equations describe the transport of conserved quantities. Conserved
quantities are those parameters that cannot be created or destroyed. As an example,
consider a 0.5-gal pan filled to the brim with water at 70°F (21.4°C). According to
data on water, the mass of water in the pan will be 4.173 pound-mass (Ibm). The pan
of water is now heated on a stove. What happens to the water as the temperature
increases? Those who try this will know that as the water temperature increases, the
water overflows the boundaries of the pan. This is because the same mass of water
requires a larger volume at higher temperatures. Data show that at a higher temper-
ature, our original mass of water now requires a volume of 0.556 gal. But since our
pan will only hold 0.5 gal of water, the mass of water left in the pan is now 3.755 Ibm.
The question now is how much water flowed over the brim of the pan? If we assume
water is not created or destroyed, then the answer is (4.173 Ibm — 3.755 Ibm) = 0.418
Ibm. We cannot say the same about the volume since the volume required to hold
the water increases with the temperature. Hence, the conserved quantity is the mass
of water. Note that volume is not a conserved quantity.

The conserved quantities of interest in this book are energy, mass, and, to a lesser
extent, species such as carbon dioxide and water vapor. The premise is that energy,
mass, and the atomic structure of carbon, hydrogen, and oxygen are not created or
destroyed. So if we keep track of the transfer of energy and mass, then we can always
calculate how much mass or energy remains in the volume we are studying. Specifi-
cally, this means that the energy contained within a building is the result of energy
losses or gains through walls, windows, ventilation systems, heating systems, cooling
systems, solar insulation, lights, equipment, people, and anything else that generates
or absorbs heat. Energy, in this case, is the conserved quantity. The same can be said
for the mass in the building.

Before the conservation equations can be studied, a good understanding of the
components making up the conservation equations (e.g., work, heat transfer, and
control volumes) is necessary.

1.1.1 Control Volumes

Conserved quantities are described relative to specified boundaries. For example,
the quantity of energy contained within the boundaries of a building is certainly dif-
ferent than the quantity of energy contained within the Earth’s atmosphere. How-
ever, if we were interested in global warming, we would examine the energy in the
atmosphere, whereas if we were interested in building thermal comfort, the energy
contained within the building would be of prime importance. Consequently, a mech-
anism is necessary to “bound” the system of interest. We have already used a control
volume in the example of the water overflowing the pan. The control volume in that
case was the pan. As the water was heated, some of the water left the control volume
by overflowing the boundaries of the pan.

The control volume is the arbitrary boundary used to define the scope of an anal-
ysis. The control volume must surround all the processes that are to be analyzed. Fig-
ure 1.1 illustrates the concept of a control volume used to analyze a building with
two rooms. The furnace adds energy to the building, as does the sun through solar
gain through the window. Energy is transferred through the walls to the outside
environment, and is then carried from the building by the ventilation system. If one
large control volume is drawn that surrounds the entire building, then the analysis
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FIGURE 1.1 Room energy balance components.

will provide information on the entire building. It does not provide room-by-room
information. If, instead, two smaller control volumes are drawn that surround each
room, then the analysis provides detailed information on each particular room. The
same energy transfer rates still exist as they did for the single large control volume,
but now the air movement between the rooms plays a role in the analysis. In addi-
tion, the specific locations of each of the energy transfer rates affect the analysis for
each room. For example, the solar gain through the windows directly affects the
room on the left, but only indirectly affects the room on the right.

The question now is, How and where is the control volume drawn? The answer
depends on the level of detail required. The analysis from the large control volume
could show that the average thermal comfort level could be satisfactory. But the dis-
tribution of thermal comfort could be unsatisfactory. For example, the individual
rooms could be uncomfortable (the room on the left could be too warm, and the
room on the right could be too cold), but on the average, the overall building tem-
perature could average 72°F (22.6°C), which is commonly thought of as a comfort-
able temperature. This is one argument for doing local comfort analyses as opposed
to a building average analysis.

The cost of this additional localized information is that the required effort in this
case is doubled (two analyses as opposed to one analysis). This simple example
shows the importance of clearly identifying the required level of detail, and then
drawing the appropriate control volume that provides that information. If one is
interested in the building average comfort level, then the building control volume
would be used. If one were instead interested in a room-by-room comfort analysis,
then a control volume would be drawn around each room in the building.

The control volume has several important characteristics. These are:

1. The boundaries may or may not be permeable to flow, such that mass may flow into
and out of a control volume (the air movement between the two rooms in Fig. 1.1).

2. The boundaries may move, increasing or decreasing the size of the control volume.

w

Control volumes should undergo some process, such as heating or cooling.

4. This process may change relative to time (unsteady) or may not change relative to
time (steady state).
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5. The thermodynamic properties such as temperature and pressure may or may
not be uniform over the control volume. Note that this has nothing to do with an
unsteady or steady process.

From these characteristics, it may appear that a control volume can be defined in
many different ways. This is probably one of the more important aspects of control
volumes. The following sections use the concept of the control volume to define and
characterize the conservation of mass and energy. The control volume concept is
used repeatedly throughout this Handbook.

1.1.2 Heat Transfer and Work Interactions

Heat transfer is the process by which energy moves from a hot source to a cold sink.
An example is a cooling cup of coffee as it sits on a kitchen table. Since the coffee is at
a higher temperature than the surroundings, heat transfer occurs from the coffee to
the surroundings. A savvy observer would note that the coffee could not cool below
the temperature of the surroundings. Hence, heat transfer is a directional phenomenon
that occurs only from the hotter source to the cooler sink. It is impossible to do other-
wise without additional energy. A refrigerator moves heat from the relatively cold
refrigerator interior to the warmer room, but at the expense of power to operate the
refrigeration compressor. By convention, heat transfer out of a control volume is
labeled as negative, and heat transfer into a control volume is labeled as positive.
Therefore, for the coffee cup example, if the control volume were drawn around the
coffee cup, then the heat transfer would be negative relative to the control volume.

The opposite case would be if the control volume were drawn around the entire
room but excluding the coffee cup. Then the heat transfer would be into the control
volume from the coffee and would be positive relative to the control volume. Again,
it simply depends on where the control volume boundaries are placed.

Three separate modes of heat transfer can occur: (1) convection, (2) conduction,
and (3) radiation. These three heat transfer modes are illustrated in Fig. 1.2. It is
extremely important to realize and understand that, with the exception of a com-
plete vacuum, all three modes of heat transfer occur simultaneously. This is referred
to as multimodal heat transfer, and is discussed in Chap. 4 of this section. In the
remainder of this chapter, the focus will be on using these heat transfer modes in the
energy conservation equation. The next two chapters focus on calculating the mag-
nitude of the heat transfer rates.

; S
Conduction (5 \—RadiantHeaiing
Panel

Convection
Radiation
<
Radiation
Convection

FIGURE 1.2 Heat transfer modes within an enclosed
space.
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Referring to Fig. 1.2, conduction is defined as the rate that energy is transported
through a solid medium. In Fig. 1.2, conduction is shown as the heat transfer through
the building wall. As one might expect, the direction of heat flow is from the hot tem-
perature to the cold temperature. Mathematically, conduction is proportional to the
temperature difference and the thickness of the solid medium, and is described as:

” AT
{cond < E (11)

The proportionality constant that relates the conductive heat transfer rate to the
ratio of the temperature difference and the wall thickness is called the thermal con-
ductivity. Thermal conductivity is designated by k. The ratio A7/Ax is the tempera-
ture gradient across the wall. For preciseness, and to allow for variations in the
thermal conductivity of the solid material with temperature, the thickness is reduced
to zero. The heat conduction equation then becomes:

" AT _ _, dT
qcnnd—AleLnO (_k Ax)__k (12)

dx
Convection in Fig. 1.2 is the rate that energy is transferred by a moving fluid over a
solid surface. Convection is shown as the heat transferred from the wall surface to
the room air. Convection can be either forced, as with a fan, or natural, which is due
to the buoyant nature of a relatively warm fluid. Mathematically, convection heat
transfer to a surface is defined as:

q;:mv = h(Tf - T,) (13)

The parameter 4 is the heat transfer coefficient, T is the fluid temperature, and 7; is
the temperature of solid surface i. Heat transfer coefficients are correlated from
extensive libraries of experimental data (ASHRAE Handbook, Incropera and
DeWitt, and others). These experimental data include the fluid velocity, fluid and
surface temperatures, and fluid properties. A typical value for /4 in the built environ-
ment is 2 Btu/hr - ft.

Radiation, arguably the most complex mode of heat transfer, is the rate that
energy is transferred from a hot heat source to a cold heat sink by electromagnetic
waves. Radiation is the only heat transfer mode that can transmit energy through a
vacuum. In Fig. 1.2, radiation heat transfer is shown as the rate that energy is trans-
ferred directly from the hot radiant panel surface to the left wall. Radiation is also
shown from the right wall surface to the floor of the room. Radiation heat transfer
from surface j to surface i is frequently simplified to:

Ghra joi = €OF(TH = T}) (1.4)

The double arrow represents the net radiation heat transfer rate from surface j to
surface i. The parameter ¢ is the surface emissivity, which varies between zero for a
reflective surface to one for a completely absorbing surface. The parameter ¢ is the
Stefan-Boltzmann constant (5.67 x 10 W/m? - K*). The view factor, denoted by Fj,
represents the geometrical configuration of the items within the control volume. For
most applications in the built environment, the view factor is approximately 0.8 to
0.9. One special case for the configuration factor is when one of the surfaces is small
compared with the other surface, in which case, the configuration factor is 1.0.

Note that the temperatures are to the fourth power and must be specified in
absolute units [Kelvins (K) or degrees Rankine (°R)]. Although this is a typical rep-
resentation of radiation heat transfer, it is far from the most general. Chapter 3 in
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this section discusses radiation heat transfer in detail as it applies to radiant heating
and cooling systems and to thermal comfort calculations.

Work interactions can occur by several means. Two of the more popular means
are through shaft work from a fan or compressor and by electrical resistance
heating. These forms are straightforward and are generally known by the design
engineer. For example, a fan motor has a horsepower rating, and an electrical resis-
tance radiant heating panel has a kilowatt rating. Other forms of work are impor-
tant to general thermodynamic calculations, but they are not pertinent to HVAC
calculations.

EXAMPLE 1.1 A 6-in-thick solid wall separates a comfortably conditioned space
from the outdoor environment. The inside surface temperature of the wall is 70°F
(21.4°C), and the outside surface temperature of the wall is 0°F (—17.4°C). Calculate
the conduction heat transfer through the wall if the thermal conductivity is 0.07 Btu/
(h - f# - °R) and the dimensions of the wall are 8 x 12 x 15 ft. The conduction equation
is used to calculate the heat transfer rate through the wall:

”

~_ 4
=—A
Q=4
: dT T,-T,
i =—kA S— = kA 2120
and dX AX

A=8fx12ft=96ff

. _({0.07Bu (70-0°R _ 12in
Qcond (h f[ ] OR)(96fl2) 6in X f[
O 9402 Biu

One conclusion from this calculation is that there are three ways to reduce the heat
transfer rate through the wall: (1) reduce the thermal conductivity by using a better
insulating wall material (increases the R value); (2) increase the thickness of the wall
with the same insulating material (increases the R value); and (3) reduce the tempera-
ture differential across the wall. Each of these techniques affects thermal comfort, as
we will see later in the Handbook.

EXAMPLE 1.2 The room air temperature in the previous example is 75°F (24.2°C). If
the heat transfer coefficient between the wall and air is 1.96 Buu/(h - f - °F), calculate
the convection heat transfer rate between the room air and the wall surface. The con-
vection heat transfer equation is:

QL‘(}I’!V = hA(Tfluid - T.wlid)

_( 1.96 Btu
"\ h-f-°F

_ 940.8 Biu
T h

)(96 F2)(75°F — 70°F)

There are only two apparent ways to affect the rate of convection heat transfer: (1)
reduce the temperature differential between the air and wall surface, and (2) reduce the
convection heat transfer coefficient. As we will find in Chap. 2 of this section, reducing
the convection heat transfer coefficient can be accomplished in many different ways.
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EXAMPLE 1.3 A pan of water sits on the ground in the desert at night. The effective
temperature of the clear night sky is 5°F (=14.7°C). The surrounding air temperature
is 40°F (4.4°C). Calculate the equilibrium temperature of the water if the convection
heat transfer coefficient is 1.5 Btu/(h - f* - °F).

Figure 1.3 shows the heat transfer balance on the pan of water. A control volume is
drawn around the pan and all known forms of heat transfer are shown relative to the
control volume. Note that the convection and radiation heat transfer rates are shown
going into the pan of water, which is the positive direction relative to the pan of water.
The equation that describes the heat transfer interactions is:

Qconv + de =0

Night sky at 5°F

Qraa = EGFws( E:y - 7;/iuer)

Surrounding air at 40°F
qconv = h(-,;\r - 7;/aler)

| —

Pan of water

FIGURE 1.3 Example showing convection and radiation heat transfer.

The convection heat transfer rate is Quom = hA(T. — Toaer)-

The radiation heat transfer rate is written using the simplified form of the radiation
equation provided earlier in this chapter, in Eq. (1.4). For this case, the radiation heat
transfer rate is written as:

Qradjesi = €OF;(T] = TY)
_ 1.712 x 107° Btu
hfe R’
e=1.0
Fy=1.0

The emissivity € and the view factor Fj; are equal to one for this example. In Chap. 3 of
this section, we will describe these parameters in greater detail.
The balance equation has now become:

anv + Qrad =0= hA(Tair - Tw) + GA(Tfky - Tj/) =0

1.5 Btu . I.712><10‘9Btu> opnd i
A B Nsp0°R —T,) + | L2 XAV Bl \riyg50R) T4 =0
(h-ftz~°R)( ) ( h-ff-°R* ¢ ) |
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There are several ways to solve this equation. Two methods will be demonstrated here.
The first is to iterate to the solution. The iteration method requires a guessed answer.
In this case, we will guess 500°R as our first guess and 480°R as our second guess.
Additionally, an error function E is defined as:

E(T,) =hA(T, —T,) + cA(T, - T})

( 1.5 Bu 1.712 x 10 Btu
h-ff°R h-ff - °R

Our goal is to guess a water temperature T,, that makes E equal to zero:

)(500°R T+ ( )[(465°R)4 -Ti]

T, | E(T,)
500°R | -26.961 Buu/(h - F)
480°R | +19.16 Buu/(h - fF)
T, — 480°R _ 500°R — 480°R
0-19.16  -26.961 —19.16
_ < 500°R — 480°R
-26.961 - 19.16

" )(0 —19.16) + 480°R = 488.3°R

The last step in the preceding procedure is to interpolate between the two guessed
temperatures to get the third guessed temperature. In this case, that temperature
is 488.3°R. The next step is to plug this temperature into the balance equation, calculate
the error, and then interpolate between the two guessed values with the lowest error E:

T, | E(T,)

500°R | -26.961 Buu/(h - f£)
480°R | +19.16 Buu/(h - fF)
488.3°R | +0.259 Bru/(h - f£)

T, —488.3°R _ 488.3°R - 480°R
0-0.259 0.259-19.16

T, = ( 488.3°R — 480°R

)(0 ~0.259) + 488.3°R = 488.4°R
0.259-19.16

Substituting T,, = 488.4°R into the balance equation shows that this is, in fact, the
correct solution. The equilibrium water temperature is (488.4 — 460)°F = 28.4°F, which
is below the freezing point of water. Therefore, the water will freeze, even though the
air temperature is above the freezing point!

The second solution method is to define what is sometimes referred to as the radi-
ation heat transfer coefficient. Rearranging the balance equation results in:

0=hA(T,;, - T,) + GA(T%, —T%)
=h(T,, —T,) + (T35, - T3)(Ty, + T)
=h(T,;, — T..) + 6(Ty + T2)(Tyy + T,)(Tyy — T
=h(T, —T.,) + 6(Tky + T2)(Ty, + TWJ)(TS,W -T,)

Radiation heat transfer coefficient, hg

= h(Tair - Tw) + hR(T.vky - Tw)

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



THE ENERGY BALANCE

THE ENERGY BALANCE 2.1

T. = hTtu'r + hRTsky
v h + hg

Note that a guessed value of T, is still necessary to solve the equation. The solution
process is as follows:

hR = G(T?ky + Tﬁ/)(Tsky + TW)
T, = (40°F + 460) = 500°R (guessed value)

R=

9
h —(—7‘7]2”0 B‘”) (465°R)? + (S00°R)? |[(465°R) + (500°R)]
Skl

h flz * 0R4 —_——
© (guessed)
_ 0.77 Bu
" h-ff-°R
hTuir + hRTxkv
T, = ——ar T =R osky
v h + hg
1.5 Btu 0.77 Btu
2= 2 ) 500°R + |~ | x 465°R
=<h-ft2-°R>X +(h.ﬁ2.°R>X
(1.5 Btu )+(0.77Bm>
h-f2-°R h-fi2-°R
=488.12°R

The next step is to use the newly calculated T, and recalculate the radiation heat trans-
fer coefficient and then re-solve the balance equation:

(].712 x 107 Bm)
hR: T T 5 e

ot (465°R)? + (488.12°R)? |[(465°R) + (488.12°R)]
- fP-°R NI

N
_— Ty T,
° (guessed)
_ 0.742 Btu
“h-ff-°R
hTaiI+hRTsk
T =
v h + hg
1.5 Btu 0.742 Btu
———— | X500°R +|—————| X 465°R
:(h-ftz~°R>X +( K f R )X
(1.5 Bm>+(0‘742 Btu>
h-ff-°R h-ft?-°R
=488.42°R
=28.42°F

The radiation heat transfer coefficient method is commonly used to solve radiation
heat transfer problems. Caution needs to be exercised because the radiation heat transfer
coefficient varies with temperature. However, in this example, even a guessed tempera-
ture of 500°R resulted in an answer that was fairly close to the correct result.
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1.1.3 Thermodynamic Properties of Solids, Liquids, and Ideal Gases

Matter can be in one of three forms that are important to this Handbook: (1) liquid,
(2) solid, and (3) gas. The state of the matter is defined exclusively by the state vari-
ables of temperature, pressure, volume, and mass. Knowing any three of these
parameters automatically fixes the fourth. Consequently, the state variables are
always related through some form of equation of state. The state variables are fur-
ther classified as extrinsic and intrinsic. Extrinsic variables depend on the mass of
the substance, and the intrinsic variables are independent of mass. For example, a 1-
ft? volume of water with a mass of 62.4 Ibm, a temperature of 70°F, and a pressure of
1 atm is divided exactly in half. Each half now exhibits a volume of 0.5 ft* and a mass
of 31.2 Ibm. The temperature and pressure of each half are still the same as the orig-
inal volume of water, 70°F and 1 atm. Consequently, the mass and volume are extrin-
sic properties, and the temperature and pressure are intrinsic properties. Dividing
the extrinsic property volume by the extrinsic property mass results in the intrinsic
property specific volume, v. The inverse of v is the density, p.

The gases discussed in this Handbook will further be restricted to ideal gases. This
classification requires that the state variables of temperature 7, pressure p, volume
V, and mass m relate to each other according to the ideal gas equation of state:

LT T (1.5)

The parameter R, is the universal gas constant, equal to 10.732 psia - ft¥/(Ibmol - °R)
[8.314 kJ/(kmol - K)], and the parameter M is the gas molecular weight. The molec-
ular weight varies with the type of gas, and is tabulated in the appendix for several
common gases.

The relationship between the pressure, volume, temperature, and mass of liquids
is much more complex. Because of this complexity, the relationship is generally pro-
vided in the form of tabular data or curves. For this text, solid- and liquid-state vari-
ables will be considered incompressible, meaning they are independent of pressure.

Matter, by its very nature, contains a certain predictable quantity of energy.
The total quantity of energy E contained by a substance depends on the velocity, ele-
vation, temperature, pressure, and mass. The specific energy e is the total energy
divided by the mass of the substance. A 10-lbm quantity of water may contain a total
of 1000 Btu of energy. The specific energy of this water is 100 Btu/lbm. Consequently,
the specific energy is an intrinsic property, and the total energy is an extrinsic prop-
erty. The specific energy is further subdivided into internal, kinetic, and potential
energy. Mathematically, the specific energy is defined as:

2
e = u + WT + 8z (1.6)
specific  internal kinetic potential
energy energy energy energy

where u is the internal energy, W is the velocity, z is the elevation, and g is the accel-
eration of gravity (32.2 ft/s?, 9.806 m/s?). The internal energy represents the energy
that is associated with the molecular interactions within the fluid, gas, or solid. To
keep the design process practical, the internal energies of most gases, fluids, and solids
have been tabulated as a function of temperature.

The kinetic energy represents the energy that is contained within the control vol-
ume due to its velocity. An example is a car. A car moving at 50 mi/h obviously has
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more energy than the same car at 0 mi/h. This energy could be recovered by slowing
the car down by compressing a large spring. This spring could then be used to do
some work by letting the spring expand.

The potential energy represents the energy that is contained within the medium
due to elevation. A large weight elevated at 20 ft has more energy than the same
weight at an elevation of 0 ft. As with the car, this energy could be recovered by let-
ting the weight fall while compressing a spring. The spring could then be used to do
some work. Generally, potential and kinetic energy can be neglected with little loss
in accuracy for HVAC calculations. The examples at the end of this section show the
relative magnitudes of the internal, kinetic, and potential energies.

Enthalpy is another useful thermodynamic property that is solely a combination
of other thermodynamic properties. Enthalpy is defined as:

h=u+pv (1.7)

The definition of specific heats can be used to approximate the internal energy
and enthalpy of air. The specific heats are defined as:

Ay

“=or|, " AT 18
Ju Au

“Tor|. T AT (19

These equations are especially useful when analyzing an ideal gas. Another key
property of ideal gases is that the internal energy and enthalpy are strictly functions
of temperature. Consequently, Egs. (1.8) and (1.9) can be rearranged to calculate the
change in internal energy and enthalpy by knowing the specific heats and tempera-
ture changes. For example, if a sample of air with an average constant-volume spe-
cific heat of 0.24 Btu/(Ibm - °R) changes from 50 to 70°F, then the change in specific
internal energy is:

4.8 Btu
Ibm

0.24 Btu
Ibm - °F

Au=c,XxAT= < )(70°F —-50°F) =

For ideal gases, the specific heats are related by the universal gas constant:

R,
M

(1.10)

cp—c,=

Substituting Eq. (1.10) into Eq. (1.8) allows the calculation of the change in specific
enthalpy of the air sample:

AhchxATz(j\e/; +cv) AT (1.11)

B (1.98613tu>< 1bmol )+0.24Btu
“|\lbmol - °R " 28.971bm,/ 1bm-°R

_ <0.309 Btu 6.17 Btu
"\ Ibm - °R Ibm

] x (70°F — 50°F)
) % (20°F) =

EXAMPLE 1.4 A I-Ibm sample of air is contained in a I-f£ container. The sample is at
80°F. Calculate the pressure, density, and specific volume of the air.
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The ideal gas equation of state is used to calculate the air pressure:

_ mR,T

P="Mv
_11bmx(80+460)°R « (10.732 psia ~ﬁd)( Ibmol )
B 1fF Ibmol - °R 28.97 Ibm
=200 psia

The specific volume and density are calculated from the volume and mass of that
sample:

gV _ 1 _1ff
“m  Ilbm  Ibm
p_g_llbm_llbm

VI

EXAMPLE 1.5 Water vapor at a pressure of 0.5 psia and 70°F can be accurately
approximated as an ideal gas. Calculate the density and specific volume of water vapor
at these conditions.

The ideal gas equation of state is used to calculate the density and specific volume
of the water vapor:

_ 0.5 psia <18 Ibm )( Ibmol - °R )
" (70 +460)°R \ Ibmol )\10.732 psia - f¥’

_ 0.00158 Ibm

EXAMPLE 1.6 Air at 90°F is moving at a velocity of 100 ft/s at an elevation of 200 ft.
Calculate the change in total specific energy of the air if it is slowed to 10 ft/s, lowered
to an elevation of 50 ft, and cooled to a temperature of 50°F.

The equation for the total specific energy was defined as:

2
e=u+——+gz
2 g

If the first state is designated as state 1 and the second state is designated as state 2, then
the change in the total energy e is defined as:

Ae=¢e,—¢;

—(u+ﬁ+ z)_(u+ﬁ+ )
=\ 2 gZ; 1 2 gZ;
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W22 W1)+g(zz—z,)

=(u2—u,)+<

The change in internal energy u will be approximated using the constant-volume
specific heat:

Wi ) to(-12)

2 _
Ae:(uz—u1)+<L
2
W3-W
:CV(TZ—TI)JF( 22 1>+g(Z2—Z])

To evaluate the relative magnitude of each type of energy on the total energy
change, each term is calculated individually. The change in internal energy () is:

Rll
Au= CV(TZ _TI) = (Cp - M. )(TZ —T])
0.240 Btu 1.986 Btu Ibmol o 5
- [ Ibm -°F (lbmol . °F)(28.97 Ibm )](90 F=50°F)
(0171 Btu>(900F 50°F)
Ib
_ 6.86 Btu
T Ibm

The change in kinetic energy (KE) is:

w5 (22

_9900ft2>< Ibf - s o Biu
ST X322m f 77816 fi - Ibf

unit conversion  unit conversion
factor factor

_ 0.198 Btu
T Ibm

The change in potential energy (PE) is:

APE - 322ﬁ

(200 ft - 50 fr)
_4830ft2 o _Ibf-s’ B
B 3221bm - ft = 778.16 ft - Ibf

unit conversion  unit conversion
factor factor

_ 0.193 Btu
T Ibm
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The total change in specific energy (e) is:

Ae =Au+ AKE + APE

(6.86 Bm) (0.395 Btu) (0.193 Btu)
Ibm Ibm Ibm

_ 7.25 Btu
T Ibm

This example shows the relative magnitude between the internal, kinetic, and poten-
tial energies. Even though the initial velocity is 100 ft/s and the initial elevation is 200
ft, the changes in kinetic and potential energies are only a small percentage of the
change in internal energy. Hence, the changes in kinetic and potential energies of air
can oftentimes be neglected with little loss in accuracy, especially when the velocities
are lower than 100 ft/s.

The following section combines work, heat transfer, and thermodynamic proper-
ties into a single equation that is a major part of the puzzle to calculate and predict
the thermal comfort conditions in a room.

1.2 PUTTING IT ALL TOGETHER—
THE CONSERVATION EQUATIONS

At this point, all of the components that are necessary to write the conservation
equations have been described. These conservation equations are much like a bank
account. Whatever money is deposited in the account is balanced by either a with-
drawal from the account or by an increase in the account. The mass conservation and
energy conservation equations follow this same principle and are applied to a spe-
cific control volume. If energy is added to a room, then one of the following must
happen: (1) the energy content of the room must increase by an equal amount; (2)
an equal amount of energy must be removed from the room; or (3) a combination of
the first two items such that the net result is equal to the quantity of energy that
entered the room.

The following sections describe the mass conservation and energy conservation
equations. The mass conservation equation is somewhat simpler to understand,
whereas the energy conservation equation can be quite complex.

1.2.1 Conservation of Mass

The mass conservation equation is used to identify the change in mass of the control
volume over a specified time interval. During this time interval, mass may enter and
leave the control volume. By balancing the mass inflows and outflows, the change in
mass of the control volume can be calculated.

Figure 1.4 shows a room with an open window on the right side and an exhaust
fan on the left side. The goal is to analyze how the mass of air changes in the room
over time. The first step is to concisely define the control volume. In this case, the
room walls are a logical choice for the control volume boundaries. The dashed lines
in the figure identify these boundaries. Over a period of time, from ¢, to £, a certain
mass of air enters the room (control volume) through the window and a certain mass
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Window

T

1111

g Exhaust
U] fan

\—Control volume

FIGURE 1.4 Example control volume demon-
strating mass conservation.

of air leaves the room through the exhaust fan. These entering and leaving masses do
not have to be the same. In equation form, this process is written as:

m,z - mll = Myindow - Mexhaust (112)
Mass of Mass of Mass of Mass of
air at t, air at entering air exiting air

The left side of Eq. (1.12) is the change in mass of the control volume, and the right
side shows the incoming and outgoing air masses. The conservation of mass states
that these quantities must exactly balance. Note that if three of the four terms are
known, then this equation can be used to calculate the fourth.

A general form of Eq. (1.12) takes into consideration all flow paths that may
enter or leave a control volume. This form of the mass conservation equation is writ-
ten as:

m,z—m,lzZm—Zm (1.13)

out

The summation signs indicate that all flow paths must be considered to precisely bal-
ance the mass conservation equation.

The mass conservation equation can be transformed into a rate equation by
dividing Eq. (1.13) by the time interval, Az

m m
m’z — mtl - % _ OZut (1 14)
At A At ’

In Eq. (1.14), each term is now in units of mass (kg, lbm, slugs, etc.)/time (s, h, days,
etc.). Although the interval Az can be a year, a day, or a second, it is common practice
to let the interval approach zero to get instantaneous flow rates. Equation (1.14)
becomes:

. m, —nm, dmcy . .

lim —— = ——= - 1.15

im == % m Z m (1.15)

At—0 At S

The derivative represents the time rate of change of the mass in the control volume,
and the summations are for the rate that mass enters and leaves the control volume.
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A special case of this equation is when the mass leaving and entering the control vol-
ume is the same. This special case is referred to as a steady-state process, and it specif-
ically indicates that the derivative in Eq. (1.15) is zero. This is the most common way
in which the mass conservation equation is employed.

EXAMPLE 1.7 The mass in a room remains constant over time (steady state). Air infil-
trates the room through cracks at the rate of 2 kg/s. Ventilation system 1 exhausts air
from the room at a rate of 1 kg/s. Calculate the exhaust mass flow rate of ventilation
system 2. The given information is:

m,, =2 kg/s
m; =1 kg/s
rhz =77

From the mass conservation equation,

e =3 =i = G+ 1)

out
0=2kg/s— (I kg/s +m,)
my,=2kg/s —1 kg/s
m, =1 kg/s

In this example, knowledge of two of the flow rates leads to the calculation of the
third. In writing the equation, the mass flow rate through ventilation system 2 was
assumed to be out of the system. If this assumption had been incorrect, then the numer-
ical answer would have been negative, indicating that the initial assumption of outflow
was incorrect.

EXAMPLE 1.8 The room shown in Fig. 1.5 contains a recirculation system, a fresh-air
ventilator, and an exhaust fan and exhibits some form of air infiltration/exfiltration. The
recirculation system recycles 2 kg/s of air, and the fresh-air ventilator supplies 1 kg/s.
The exhaust fan discharges 0.5 kg/s from the room. Calculate the infiltration/exfiltra-
tion that is necessary to maintain a constant mass of air within the room.

This problem is a steady-state problem because none of the flow rates vary with
time. The solution is obtained by applying the mass conservation equation. In this sit-
uation, it is not readily apparent if the air infiltration is into or out of the room. The fol-
lowing analysis assumes it is into the room, but as will be shown, the initial choice is
irrelevant. The mass conservation equation becomes:

dmey,

dt :0:(m2+m5+m4)—(m]+m3)

into room out of room

) -
l'i'14 = (m; + m;) - (mg + m5)
my= (2 kg/s + 0.5 kg/s) — (2 kg/s + 1 kg/s)

Ih4 =—0.5 kg/s

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



THE ENERGY BALANCE

THE ENERGY BALANCE 2.19
2 kgls
—
Recirculating

fan
—

1 4

2

4 =3

- "Air infiltration Exhaust -J{ 0.5 kg/s
. system -
............... S

Fresh-air

supply fan 1kals

FIGURE 1.5 Example mass conservation balance.

The negative sign implies that choosing the infiltration as inflow was incorrect;
instead, the airflow is exfiltration from the room.

A flow quantity often used in HVAC systems is the standard cubic foot per
minute (scfm). The term standard refers to the volumetric flow rate of a fluid that
would occur if the temperature and pressure of the fluid were at some predefined
standard condition. In fact, almost all references to volumetric flow rate actually
mean standard volumetric flow rate. The definition of the standard volumetric flow
rate is:

1

Vs (scfm) =m (lbm/mm) X m

(1.16)

For airflow, the standard density is usually 0.073 Ibm/ft>.

EXAMPLE 1.9 A ventilation system supplies 300 scfm to a conditioned space. Calcu-
late the mass flow rate and the actual volumetric flow rate if the air temperature is 80°F
and the actual air pressure is 13.3 psia.

The standard density is 0.073 Ibm/ft’. When the volumetric flow rate is known in
standard cubic feet per minute, the mass flow rate directly follows from the definition
of standard cubic feet per minute:

0.073 Ibm y 300 sf? _21.91bm

h= V=
M=PsX Vs v min min
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Once the mass flow rate is known, the actual volumetric flow rate in actual cubic
feet per minute (acfm) is calculated using the actual density:

gom
P
_pM _[ 13.3 psia }( Ibmol - °R )(28.97lbm
PERT (80 +460)°R \\10.732 psia - f¢)\  Ibmol
_ 0.0665 Ibm
- (21.9 Ibm fr )_329.4fﬁ B
V‘( I )(0.0665 o)~ min 0204 adm

In reality, standard volumetric flow rates are mass flow rates in different units. The
only distinction between mass flow rate and standard volumetric flow rate is the stan-
dard density.

At this point, the reader should have a good understanding of the mass conser-
vation equation. You should be able to apply it to any control volume and, given all
but one of the flow rates, calculate the unknown flow rate. The reader should also
have an understanding of standard volumetric flow rates.

1.2.2 Conservation of Energy

The energy conservation equation forces a balance on the energy that enters, leaves,
and is stored in a control volume. If energy enters a control volume, it is considered
positive; if energy leaves a control volume, it is considered negative. Balancing all
the possible forms of energy that move into or out of a control volume results in:

ZQ—WH+Zm(e +pv)—2m(e + pv) = nue, — mie; (1.17)

out

The summation sign for the heat transfer term allows the possibility that heat is
transferred from more than one source. For example, the sun transfers energy
through a window into a room by radiation heat transfer, and energy is transferred
by heat conduction through the window to the outdoors. The terms >, m(e + pv) and
>owm(e + pv) represent energy that is transferred into and out of the control volume
by mass movement. The mass can be air through infiltration and ventilation, water
flow rate through some kind of irrigation system, or even people moving into and
out of a room. As mass moves into and out of a room, it carries a certain amount of
energy with it.

The terms m,e, and m, e, represent the total amount of energy in the control vol-
ume at two different points in time. The term W, represents any work that is done on
the control volume. These work interactions include work that is done by a blower,
the energy necessary to operate an electrical resistance heater, or a fan. Other forms
of work may also exist. The energy conservation equation is applicable to any pro-
cess, and it is considered a basic equation.

The premise of using the energy conservation equation is that at some initial
point in time, five out of the six parameters are measured. At some later point in
time, a second measurement is taken. By comparing these measurements, the sixth
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parameter can be deduced. For example, you could measure the temperature and
weight (mass) of a pot of soup at 2:00 .M. Then at 3:00 p.M., you could again measure
the temperature and mass. From this information, you could calculate how much the
mass changed and, assuming you knew the relationship between the internal energy
and temperature, you could calculate the total amount of heat lost from the soup
using the energy conservation equation [Eq. (1.17)].

The energy conservation equation can be cast into a slightly more usable form by
combining the internal energy with the pv terms and then substituting the enthalpy
into Eq. (1.17). This form, which is used in the remainder of this Handbook, is:

V? V?
Z Q—Wa+2m<h+7+gz)—2m(h+7+gz>=mzez—mlel (1.18)

out

In Eq. (1.18), the Vsinside the parentheses represent the mass velocity. At some point,
there are more variables than there are convenient letters to represent them. Hence,
it becomes necessary to reuse some of the letters. In this Handbook, the correct mean-
ing of the letters will always be obvious from the context in which they are used.

The energy conservation equation is oftentimes used in a rate form. The energy
conservation equation is basically divided by the time interval Af, and then Af is
forced to approach zero as was done with the mass conservation equation. The result
is the rate form of the energy conservation equation:

ZQ—W3+Zm<h+WTZ+gZ)—Zrh<h+W72+gz>:d(mT?cv (1.19)

out

1.2.3 Methodology for Solving the Conservation Equations

The methodology used in this Handbook for solving conservation equations is very
explicit. The steps, if followed, will always lead to a correct solution. Problems usu-
ally arise when a haphazard approach is taken without a clear prescription. This sec-
tion provides the methodology and then a series of solved example problems. The
examples were chosen to represent a wide variety of HVAC situations that are use-
ful to the design engineer.

The methodology for solving the conservation equations is:

1. Determine what information needs to be calculated and how precisely and accu-
rately.

2. Sketch the system, including the room, inflows and outflows, heat transfer rates,
work interactions, and any other energy source or sink. Figure 1.6 shows an
example of a hydronic heating system with the various necessary parameters.

Pl °
m; Subfloor M,
> 3 —»
T T

Hydronic tube carrying heated water

FIGURE 1.6 An example of a hydronic system simply showing the ins
and outs to help describe the methodology.

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



THE ENERGY BALANCE
2.22 HEAT TRANSFER AND THERMODYNAMICS

3. Draw a control volume that includes all the necessary components.

4. Write and then simplify the mass conservation equation so that it is tailored to
the specific problem.

5. Write and then simplify the energy conservation equation so that it is tailored to
the specific problem.

6. Identify all the known and unknown quantities in the conservation equations.

7. Quantify, if possible, any mass flow rates. Note that other equations may be nec-
essary to calculate infiltration rates, fan flow rates, and so forth.

8. Define any heat transfer rates (e.g., convection, conduction, and radiation heat
transfer). Write the appropriate equations that are necessary to calculate the
heat transfer rates.

9. Define any work interactions, and then write any equations that are necessary to
quantify the work interaction.

10. Apply any state of matter equations to reduce the number of unknowns. These
may be useful in calculating pressures, densities, specific volumes, volumes, and
temperatures.

11. Obtain property information by employing tabular data, polynomial curve fits,
or specific heat equations. The choice depends on the desired level of accuracy.

12. Solve the conservation equations for any remaining unknown quantities. Note
that some additional assumptions may be necessary to reduce the number of
unknown quantities so that the conservation equations can be solved.

The following examples demonstrate this methodology by using the conservation
equations to analyze the thermal conditions in a room. The examples also demon-
strate the use of the property tables in the appendix.

EXAMPLE 1.10 A room contains four people and a 500-W light fixture. The ventila-
tion system provides 1 kg/s of air at 18°C. Heat is transferred from the room to the sur-
roundings at a rate of 100 W. Calculate the temperature of the air in the room.

Step 1. The information that is given is provided in the statement of the problem.

Step 2. A schematic of the system is drawn showing all of the inlets, outlets, work,
and heat transfer interactions.

Step 3. The control volume is also shown in Fig. 1.7.

‘m 500-W Light
|
< ‘ < 1 kg/s

radl ENONONONON Loy

FIGURE 1.7 Example energy balance in a room.
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Step 4. Mass conservation equation:

dmcv I BN

out
0 = mvem,in - mvfnt,()ut

Step 5. Energy conservation equation:

> Q- W+Z (h+—+gz> Zrh(h+%2+gz)=d]§f‘/=0

out

Again, because the process is steady with respect to time, the time derivative expres-
sion in the energy conservation equation is zero.

Step 6. Identify all known and unknown parameters. The work and heat transfer
rates are known. The major unknown is the room air temperature.

Step 7. Identify mass flow rates for the mass conservation equation. The deriva-
tive with respect to time in the mass conservation equation is zero because the ven-
tilation rate is assumed constant. The solution of the mass conservation equation
becomes fairly trivial:

m;, =m,,, =1 kg/s

Step 8.  Identify heat transfer rates. Each sedentary person is assumed to add 100 W
(0.100 kW) of energy through heat transfer to the room air. The heat transfer rate
from the room to the outside environment is 100 W.

Step 9. Identify any work. No actual work is done.

Step 10. Using the equation of state equation(s) is not applicable for this prob-
lem.

Step 11.  Property data from tables and the like—the enthalpies are a function of
the air temperature. From air tables, the enthalpy at the inlet temperature of 18°C
is 291 kJ/K.

Step 12.  Solve the conservation equations. The mass conservation equation was
solved in step 7. The energy conservation equation reduces to:

me}ple + Qlighr + Q.\'urr - W(l + minhin - mouth()ut = 0

Qpeopte = 4 X 0.100 kW = 0.400 kW

Qi = 0.100 kW
Qur =—0.100 W
W,=0W
hy =2
hyu =2

0.400 kW +0.100 kW — 0.100 kW + 1 % (hy,—h,,) =0
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The only unknown in this equation is the exit fluid enthalpy. Substituting the inlet

enthalpy from step 11 into the energy equation and solving for the outlet enthalpy
results in:

0.500+291 kW _
1 kg/s B

hyw = 291.5 kJ/kg

Because the air leaving the room is at the same temperature as the air in the room,

the room air temperature is found by entering the air tables with the exit enthalpy.
The corresponding temperature is 18.5°C.

Of prime importance is learning to apply the fundamental equations to virtually
any process. In other words, proficiency at writing the fundamental equation and then
zeroing out the terms you don’t need (kinetic and potential energies are usually, but

not always, good candidates for zeros) is necessary for comprehending the material in
the rest of this Handbook.

EXAMPLE 1.1 The 12 steps to success are not explicitly identified in this example.
However, the reader should try to identify these steps.

An interior wall is subjected to convection heat transfer from the room and radia-
tion heat transfer from a radiant panel heater. The radiation heat transfer rate at the
wall surface can be approximated by:

de = hRA(Tpanel - Tw)

he = 1.4 Btu
R h.ff-°R
Tpanet = 200°F

The convection heat transfer rate at the wall surface can be approximated as:

Qconv = hconvA(Tair - Tw)

hoo- 2 Btu
wnv_h'flz'oR
T =70°F

The conduction heat transfer rate through the wall can be modeled as:

: T,-T
ona=A =L
and and
02h-f2-°R
Ropu=—"7—7F—"
cond Btu
Ty=0°F

Figure 1.8 shows the wall with the three heat transfer interactions. The control vol-
ume in this case is limited to the inside wall surface. This technique is commonly
employed to determine surface temperatures.
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Surface control —i [
volume :

Interior Exterior

Qrad = hrad A ( 7;anel - Tw)

1.4Btu [
== :: L=
hs =1 oy > |3 Qg = AT

[ i
T = 200°F : :':> p _2h.ftR
H B Btu
Qconv:hconvA(Eir_Tw) '[(; =0°F
hcon\/:LgtLi
h. ft*."R
T, =70°F

air

FIGURE 1.8 Surface energy balance on an exterior wall.

The mass conservation equation is unnecessary because mass does not move into
or out of the control volume. In fact, when the control volume is just a surface, the
mass of the control volume is zero. The energy conservation equation reduces to a bal-
ance equation of heat transfer rates:

Z Q =0= Qrad + annv - Oeond

0 = hRA(Tpanel - Tw) + hconvA(Ta[r - Tw) - [(A/R(‘ond) (Tw - TO)]

— .

Qrua Qconv Qeond

dividing out the area, and solving forT,,:

— hRTpanel + hcoanair + RgzIdeO
hrad + hconv + R;(ind

_ [( 1.4 Buu )(200+ 460)°R +( 2 Biu )(70+460)°R

T,

h-ff-°R h-ff°R
2 Btu o 1.4 Btu 2 Btu 2 Btu -l
+(h~ft2-°R)(0+460) x| | -ﬁ2~°R)+(h ‘sz~°R>+<h ﬁZRﬂ
=537.8°R
=77.8°F

Now that the wall surface temperature has been calculated, the individual heat
fluxes can be calculated from the definitions at the beginning of the example:
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i—“d - LB '; P (660 R - 537.8°R) = OB f? o
QZ"” T 2 f?f"o — (S30°R - 537.8°R) = —_li'é f]tf fu
QX’”’ - 7}10_']20 tf o (537.8°R—460°R) = 126 B 5}16 ]l;j“

EXAMPLE 1.12 A gas turbine test stand in a laboratory setting provides 200,000 Btu/h
of heat to the surrounding air (Fig. 1.9). The maximum outdoor temperature is 100°F.
The total heat transfer rate through the structure is approximated as:

4000 Btu
loss — W X (Toutside - Tinside)
4 _ 4,000 Btu
Toutsice = 100°F Qea= = (Toutside = Tinside)
h.°R
\
Tinside= 1050F ] " mvent = ?

Qq:= 200,000 Btu/h

a

—

FIGURE 1.9 Gas turbine laboratory with 200,000 Btu/h internal
generation and conduction equal to 4000 Btu/(h - °R) (Touside = Tinside)-

The number of 4000 Btu/h - °R represents the ability of the structure to transfer heat
from the inside to the outside. The air infiltration rate is 1 kg/s into the room irrespec-
tive of the ventilation system. Determine the ventilation requirement such that the
indoor temperature never exceeds the outdoor temperature by 5°F.

The mass conservation equation reduces to a statement saying that the mass into
the building is equal to the mass leaving the building. The mass entering the building
via the ventilation system is at the outdoor air temperature, and the mass leaving the
building via the ventilation system is at the indoor air temperature. Therefore, the
energy conservation equation reduces to:

Qturbine + Qlass + mvem(houtdoor - hindoor) = 0
hou!daor - hindoor =C ,air(Tomdoor - Tindoor)
P.

(Tl)utduor - Timlour) = _5OF

erbine + Qloss + mvent[cp,air(_joF)]
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The change in enthalpy is calculated using the constant-pressure specific heat for
air, 0.24 Btu/lbm - °R, and the temperature differential is set to the design condition of
5°F. Substituting these definitions into the energy conservation equation and solving
for the ventilation mass flow rate results in:

. _ le',\' + Q[urbine
MWhyene == cp,ztir(Toutdoor - Tindoor)

. 4000 Btu , .. _—20,000 Btu

Q/ass = h-°R (_5 R) - h
— { 1 }[( —20,000 Btu ) . (200,000 Btu )]

" [0.24 Btu/(Ibm - °R)] x (=5°R) h h

150,000 Ibm
mth = ;7
h
Voo Myene 150,000 lbm Itk
5T ps h 0.073 Ibm ~ 60 min
= 34,247 scfm
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Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 2

CONDUCTION AND
CONVECTION HEAT TRANSFER

Figure 2.1 illustrates conduction and convection heat transfer, two of the three
heat transfer modes. Conduction heat transfer describes the transfer of energy
through a solid medium. Convection heat transfer is the transfer of energy
between a solid surface and an adjacent fluid. Conduction heat transfer is relevant
to heat transfer through walls, ceilings, floors, and other solid objects that experi-
ence a temperature gradient. Convection occurs in heat transfer from walls, ceil-
ings, and floors to the surrounding room air; heat transfer from water to the
outside pipe surfaces in hydronic heating and cooling; and heat transfer from the
heat exchanger in a forced-air furnace to the air; as well as others. Convection can
be either forced or natural. Forced convection occurs when a blower, fan, or pump
moves a fluid over a surface.

Natural convection occurs because of the buoyant forces brought about by
temperature gradients. The window shown in Fig. 2.1 demonstrates an example of
natural convection heat transfer. The cool window surface decreases the tempera-
ture of the air that is adjacent to the window glass. Because this volume of air is
cooler than the surrounding room air, the air that is adjacent to the window is
denser than the room air. This causes the air next to the window to sink relative to
the lower-density room air. As the air sinks, additional room air is sucked into the
void near the window surface. This new air is then cooled by the window surface
and eventually sinks. This continuous process creates a natural circulation path
past the window. The heat transfer from the air to the window surface is called nat-
ural convection.

The reader should keep in mind that conduction and convection heat transfer are
two of the essential building blocks required to solve the energy conservation equa-
tion, which then leads to thermal comfort calculations. Conduction and convection
heat transfer can be as simple as the equations shown in Chap. 1 of this section, or
quite complex, involving unsteady, multidimensional calculations.

At the conclusion of this chapter, the reader will be able to calculate steady or
unsteady conduction heat transfer through any planar solid medium. The reader will
also be able to calculate convection heat transfer from any of the surfaces commonly
found in the built environment. Specific use of the data in the appendix should also
be understood.

2.29
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Exterior Interior

, Convection Heat Transfer
4 \A The cooler window causes a downdraft
of cool air adjacent to the window. The
air then warms and can move back up.

Window

| ‘ .

Ll »

wall Conduction Heat Transfer
a Heat transfers through a solid medium
due to a temperature differential across
the solid.

FIGURE 2.1 Examples of conduction and convection heat transfer.

2.1 FOURIER’S LAW OF HEAT CONDUCTION

Conduction heat transfer, briefly introduced in Chap. 1 of this section, is defined as
the rate at which energy is transported through a solid medium. Experimental data
show that conduction is proportional to the temperature difference across the thick-
ness of the solid medium. Mathematically, this is known as Fourier’s law of heat con-
duction, and is described as:

AT

e 2.1)

’”
cond ©<

The proportionality constant that relates the conductive heat transfer rate to the ratio
of the temperature difference and the thickness is a material property called the ther-
mal conductivity, k. The ratio AT/Ax is the temperature gradient across the wall. In gen-
eral, the thermal conductivity varies with temperature and the type of solid material.
For example, the thermal conductivity of aluminum is 72 W/(m - K), while the thermal
conductivity of dry soil is 1 W/(m - K). For preciseness, and to allow for variations in
the thermal conductivity of the solid material, the thickness is reduced to zero. The
one-dimensional heat conduction equation then becomes the differential equation:
” . AT dT
{cond,x _}lj}l ( k Ax ) - k dx (22)
When applied to steady-state situations where the thermal conductivity is inde-
pendent of temperature, the heat conduction equation is solved using the analogy to
an electrical resistance network. The resistors in an electrical network represent the
thermal resistances; the voltage differences represent the temperature differences;
and the current flows represent the heat transfer rates. The thermal resistances are
defined as the thickness divided by the thermal conductivity and are mathematically
represented as:
Ry = %
Figure 2.2 illustrates a multicomponent wall. This wall is composed of %-in drywall,
4 in of fiberglass insulation, and /-in plywood. The resistive network is shown in the

(2.3)
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upper portion of the Fig.2.2 and includes resistances to heat transfer. Consequently, an
equivalent thermal resistance can be calculated for the entire composite medium as:

L W Lins L
Rth.eq = Rdw + Rins + Rply = kd + k + ;p_lx (24)
dw ins ply

The heat transfer through this composite surface requires the temperatures at the
outside of the plywood and outside of the drywall. With this information, the con-
duction heat transfer rate is calculated by:

Goona = Tan = Ton (2.5)
Rth,eq

The conduction-electrical resistance analogy can be used further to calculate the
temperature at any point within the composite wall. For example, the temperature
between the drywall and the fiberglass is calculated by:

wa - wafins Ld
7:>wains:TW_ con - 2.6
(Lakar) " v Geona (26)

dw
EXAMPLE 2.1 Given: A composite wall is made of -in plaster, 3%-in bat of fiber-
glass insulation (1.5 Ib/f¥), and 4-in common building brick. The inner surface is 70°F
and the outer surface is 32°F.

Find: Calculate the heat loss through the composite-wall-per-unit-surface area.
Calculate and compare the R values of each material layer and the complete compos-
ite wall.

Solution:  The heat transfer rate per unit surface area through the composite wall
is calculated by using the concept of thermal resistance. The thermal resistance of each
layer in the wall (plaster, insulation, and brick) is:

” o _
Gcond =

L)
Rth.p = I:

qcond 7;w,exl 7;)Iy.ext

Hdw = de/kdw L\ns/ kins Lply / kp\y
7::Iw—ins
T T
qcon dwext AAAAA Iy.ext
L d a ply,
Rth,eq
7:1w ext 7;)Iy,ext
\_\— Plywood
Insulation
Drywall

FIGURE 2.2 Conduction heat transfer can be portrayed as an
electrical analog.

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)

Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



CONDUCTION AND CONVECTION HEAT TRANSFER

2.32 HEAT TRANSFER AND THERMODYNAMICS
L.
Rth.ins =
kp
L,
Rpp=""
kb

The thermal conductivity for each material is read from the property table in the
appendix. These properties, along with the thermal resistances, are as follows:

( 2 0162Bu _ o L, _0Sin-h-ff-°R_0258h-ff °R
" h-ft Pk, 0162 Bux12in Bu

_002Bm_ o Ly 3Sinh-ff-°R_13284h-f¢-°R

ST heft T K 0.022 Bux12in B

o _03%9Bw oL, _40in-h ff-°R_0836h f °R
T hefr " ks 0.399 Bux12in Biu

The thermal resistances in units of h - f£ - °R/Btu are actually the R values that are
commonly listed for building materials. For example, the R value of the 4-in layer of
insulation is 13.3. The total R value can be calculated by adding the individual R val-

ues together, as is done in the next step.
The equivalent thermal resistance, or total R value, of the composite wall is:

Ryeq = Rinp + Ripins + Rop
_ 0258 h - ff - °R N 13284 h - f¥* - °R . 0.836 h - ff-°R
Btu Btu Bru
14378 h - f¥ - °R
- Btu
The heat transfer rate through the wall is then calculated by:

” Tin _Tout
Qwalr qu
Btu
= (70°F - 32° T T
(70°F =3 F)X(14.378h-ft2~°R>
_ 2.643 Btu
T ohff

This example illustrates a noteworthy point. Once the R value of a wall is known,
then the heat loss through the wall can be calculated by simply measuring the surface
temperature on each side of the wall. The heat transfer rate per unit surface area is then
the temperature difference (°F) divided by the R value.

Using the heat flux to now calculate the temperature of the inside brick surface fur-
ther extends this example. Because the heat transfer rate is the same anywhere inside
the wall, the inside brick surface temperature is calculated by either using the outside
temperature and the brick R value, or the inside temperature and the combined R val-
ues of the plaster and the insulation:

q” _ Tbin - Tou[ _ Tin - Tb in
wall = -
Ry Rip + Ryping
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Thin = (Runp X Qvanr) + Tou

(0836 h-f-°R\ _(2.643 Btu
‘( Btu ) ( hr -

=34.21°F

) +32°F

or
Tb,in = Tin - q:«:all X (Rrh,p + Rth,im')

2.643 Buu\(0.258 hr-f°-°R 13284 h-f-°R
h-fe )( Biu Buu )

= 70°F—<

=34.2I°F

2.1.1 Conduction Through Cylindrical Components

Conduction heat transfer through and from cylindrical components is frequently
encountered in heating, ventilating, and air-conditioning (HVAC) problems. A com-
mon cylindrical example is heat conduction from an insulated steam pipe. Cylindri-
cal heat transfer is slightly more complex than planar problems because the surface
area varies with radius from the center of the cylinder. The heat that is transferred
through the cylinder must therefore cross an increasingly larger surface area.
Figure 2.3 shows the cross section of pipe. The inside radius is , and the outside
radius is ,. The figure also shows a control volume that is a concentric ring of thick-
ness Ar. The radius of the inner ring is 7, and the radius of the outer ring is r + Ar.
Because there is no work or mass flow into or out of this control volume, and because
it is steady state, the energy conservation equation for this control volume reduces to

Qr_Qr+Ar: 0 (27)

r+Ar

FIGURE 2.3 Heat conduction through a cylin-
drical pipe.
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qoond AAAAA AANNA AN

Inr,/m Inr,/r,
27k, L onk L

ins

qoond 71-
A2 A~

FIGURE 2.4 Heat conduction through an insulated steam pipe showing the anal-
ogous electrical circuit.

This important relationship states that the heat transfer rate at any radius is the
same or, stated another way, that the heat transfer rate through the cylinder is inde-
pendent of r. At the inner surface, Faurier’s law states that:

0,= 2an(—k %) (2.8)

The variable L is the length of the pipe, and the subscript r on the parentheses indi-
cates that the parenthetic quantity is evaluated at a radius of . Because L is a con-
stant, and if k is assumed independent of temperature, then Eq. (2.8) is rearranged
into a first-order ordinary differential equation:

ar __ 0
dr = 2mkLr

(2.9)

Integrating between any two points along the radius of the cylinder results in a con-
duction equation as a function of the radii and the temperatures at the two points:

: 2nkL T,-T,
Q In(ro/ry) (Ti-T5) Rineq

(2.10)
Equation (2.10) is in a form that can again be analyzed using the electric analogy.
Although a little more complex algebraically, the procedure is the same. Figure 2.4
shows the cross section of an insulated steam pipe. The inside radius r; is at temper-
ature 7}, and the outside radius r; is at temperature 73. The radius identifying the
interface between the steel pipe and the insulation is r,, which is at temperature 7>.
The heat conduction equation relating these temperatures and radii to the heat
transfer rate and thermal conductivities is:
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T,-T;
[(In(ra/ry)/2mk ype L] + [In(rs/ra/ 21k L]

Q:

— Tl - TZ — TZ - T3 (2 11)
(n(ra/r)2rkype L] [In(rs/ry)/2nkins L] '

Another practical use of cylindrical calculations applies to cylindrically shaped

electrical resistance heaters. These heaters, sometimes used as radiative heaters, gen-

erate internal heat when a voltage is applied to each end. Figure 2.5 shows the

schematic of this heater, as well as the control volume of thickness Ar. The energy

conservation equation, again with work and mass flow equal to zero and steady
state, reduces to the following:

O, = Oin+qlin xAV =0,  AV=2nLrAr (2.12)

Internal heat generation
perunit volume. The
units are W/m?3 [Btu/(h . t3)]

FIGURE 2.5 Schematic showing heat conduction through an electri-
cally heated cylinder.

Dividing by Ar, letting Ar approach zero, and finally substituting Fourier’s law for Q,
a second-order ordinary differential equation results that can be solved for the tem-
perature distribution in the cylindrical heater:

d ( aTr ) Fqgen

ar\"dar )T Tk (2.13)

Using appropriate boundary conditions and integrating this equation results in the
temperature distribution throughout the cylindrical heater:

Ggen

T(r)=T,+ %

(R P) (2.14)
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In this equation, R is the cylinder radius and 7 is the cylinder surface temperature.
Note that the maximum temperature is at the center of the heater where » = 0. The
centerline, or maximum, temperature can be calculated by:
FaenR?

Toax=Ts+
4k

(2.15)

EXAMPLE 2.2 Given: A I-in-diameter cylindrical electrical resistance heater con-
sumes 12,000 Btu/ft’. The heater surface temperature is 300°F. The thermal conductiv-
ity of the heater material is 0.03 Btu/(h - ft - °F).

Find: Calculate the maximum temperature within the cylindrical heater, graph
the temperature distribution within the heater as a function of the radius t, and calcu-
late the surface heat transfer rate per unit length of the heater.

Solution:  This example uses the equation for radial temperature distribution in a
cylindrical rod with internal heat generation. The basic equation is:

T(r)=T,+— C]g (Rz—r)
The maximum temperature is found by setting r = 0 and solving for T(0):

"

Ggen

T(0)=300°F+ER2
(12,000 Btu)\ (1N (h-ft-°F\ . o ff
‘300F+< o ff )(4)(0.03Btu>(0'5m)(1441'112)
= 300°F + 173.6°F

=473.6°F

The heat transfer rate at the heater surface is calculated by using the basic equation
for the heat conduction through a cylindrical rod:

Qx aT
L =2n R(_k 8r>
al _ i qglen 2 _ qgé” - _ qzin
ar_ar[T (R*- )]_ 4 or ()
OT| _ QR
or |, 2k
QR oo o I 12,000 Btu
L = ™R =705 in) (144 in2>< h-ff )
Qn _ 65.5 Buu
L  h-ft

Note that once the heat transfer rate per unit length of the heater is known, then it
becomes a simple matter of specifying the heater length to provide the required
amount of heat. For example, if a room required 1000 Btu/h of heating, then the heater
length would be as follows:

(1000 Btu\( h-ft \ _
L_( h )(65.53tu)_15'3ﬁ
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FIGURE 2.6 Temperature distribution as a function of thermal conductivity.

The temperature distribution through the heater is shown in Fig. 2.6. The tempera-
ture distribution is shown for the current example as well as for material thermal con-
ductivities ranging from 0.01 to 0.10 Btu/(h - ft - °F). Noteworthy is that as the thermal
conductivity increases, the temperature distribution throughout the heater becomes
more uniform.

2.1.2 Unsteady, Multidimensional Heat Conduction

Unsteady conduction heat transfer is an important HVAC consideration because
setback thermostats play a major role in energy savings. Setback thermostats gener-
ally keep the temperatures and the heat transfer rates through room walls in a tran-
sient flux. Consequently, transient heat conduction is another integral part of the
energy conservation equation and the thermal comfort analysis.

The unsteady, or transient, heat conduction equation is again derived from the
energy equation and Fourier’s law of heat conduction. This time, though, the unsteady
portion of the energy conservation equation cannot be set at zero. This equation is
derived in many undergraduate heat transfer textbooks, such as Incropera and DeWitt
(1996) and Mills (1995), so the result is only shown here:

9T _ 9 AT\ 3(, T\ 9/, oT
P T 8x<k ax>+ 8y<k 8y>+ oz (k az> (216)

The left side is the transient portion, and the right side is Fourier’s law of heat con-
duction expressed in three directions. Rarely, if ever, is it important to solve this
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complete equation. Rather, the equation is simplified to one- or two-dimensional
transient conduction, and even then is generally solved using a numerical procedure.

Complete texts have been written on numerically solving Eq. (2.16). Some texts,
such as Carslaw and Jaeger (1959), provide elegant analytical solutions for various
applications of the heat conduction equation. With today’s modern desktop computers,
the heat conduction equation as applied to real engineering problems is usually, if not
always, solved by numerical techniques. It is a well-understood technology and, when
executed properly, provides solutions as accurate as the historic analytical solutions.
The text written by Patankar (1980) provides the most methodical approach to numer-
ical solutions of heat transfer problems. His text fully describes the finite-difference
approach to solving the transient, three-dimensional heat conduction equation.

In this Handbook, the transient solutions are almost always carried out numeri-
cally. Numerical solutions are discussed to the extent necessary at the end of this
chapter. There are, however, two transient conduction problems that are important
for HVAC design applications that can be solved analytically. When these methods
are used to analyze appropriate engineering problems, the results are usually accu-
rate. The first is the transient temperature in soil and the second is the lumped-
capacitance approach.

2.1.3 Transient Conduction in Soil

Transient conduction for soil is important in the analysis of slab-on-grade for edge
and downward heat loss. The hydronic system, shown schematically in Fig. 2.7, heats
the concrete slab with hot water. The slab then radiantly and convectively heats the
occupied space and the ground below the slab.

The derivation of the fundamental equation that describes heat transfer from the

c o o o

FIGURE 2.7 Schematic example of a slab-on-grade hydronic system that shows thermal
charging of the ground below the slab.
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slab to the ground is somewhat complex. It is, however, derived in many of the heat
transfer textbooks, such as Incropera and DeWitt (1996), Mills (1995), and Wolf
(1983). The governing equation is the transient conduction equation written in one-
dimensional form:

oT k \ o*T
—=— = 2.17
ot (pc,,) ox? 217)
The boundary conditions are:
T(x=0,)=T,
(2.18)
T(x 4 °°,t) = TO
and the initial condition is:
T(x,t=0)=T, (2.19)

The working equation for the case where the surface temperature is known pro-
vides the temperature distribution in the soil at any depth and at any time ¢ This
governing equation is (refer to Fig. 2.7):

Tx,H)-T, X
T T —erf<2\/a) (2.20)

The instantaneous heat flux at any time ¢ into the semi-infinite body from the surface
is calculated from the definition of heat conduction:

AT
q(](t)__k ax

¥=0 (2.21)
_ —kA(T,-T)
- ot

where o = k/pc,. The total amount of heat that has been transferred to the semi-
infinite body over a particular length of time can be calculated by (Wolf, 1983):

6, 2kAT-T) 22

o

The temperature distribution equation for the case where the convection heat
transfer coefficient is known at the surface is (Wolf, 1983):

Tx,)-T. x hx | Ror\[, x hVou
T_T. —erf(z\/a)+exp(k + B )[1 erf(z\/a+ X )] (2.23)

The heat transfer rate to the soil is calculated from the convection heat transfer
equation.

qo(t) = h[T.. = T(1)] (2:24)

The basis behind these equations is that no matter how much heat is transferred
to the soil below the slab, somewhere below the slab the soil temperature is unaf-
fected. For example, assume you dig a hole into the ground until you are far below
the frost point. If you measure the temperature at every inch, you will end up with a
description of how the soil temperature varies within the first few feet of the soil sur-
face. After you dig deep enough, the soil temperature will reach a constant temper-
ature that depends on the annual average climate. Define this temperature and
depth as the constant point (the variable T is the constant temperature at this point
in the preceding equations).
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Now, place a heated concrete slab on the soil surface and energize the heating sys-
tem. The temperature of the ground directly under the slab will begin to increase, but
the soil temperature at some distance below the slab will remain the same. As time
marches on, the concrete slab will affect the temperature further into the soil. The
depth of the temperature effect is called the penetration depth. After a very long time,
the effect of the heated concrete slab will extend past the constant point. But some-
where, no matter how long you wait, there exists a point where the slab has no effect
on the soil temperature. This point is called the maximum penetration depth of the slab.

The slab loses more energy to the soil when the soil is at its normal temperature.
The longer the slab is energized, the lower the energy loss—to a point. Once the
maximum penetration depth is reached, the heat loss from the concrete slab
becomes constant, except perhaps in the case of edge losses at ground level.

Heat loss of a room is largely dependent on the size of the room. For a small
building, the dominant loss is at the intersection of the concrete slab and the earth.
For larger structures, the dominant loss is due to infiltration. The infiltration surface
area of the walls is much larger than the floor surface area in these larger structures.

EXAMPLE 2.3 Calculate the heat transfer rate from a slab first energized at 294 K
(529.2°R) with the soil at 272 K (489.6°R), and then the heat transfer rate at a depth of
5 ft after the slab has been energized for 4 h and the soil is 280 K (540°R).

h=>5.64
>0 m’ - K
kg
=2050
P m’
J
=1840 ——
&=18407 K

2
S S N L
pCy sec

Q0 = h[T- = T(0)] =5.64 ——[272 - 294]

280 - 294
qi(t) =125.6 —

mZ

= N
ot m - K s )(4h><3600ﬁ>

—2K(T, - w

qr="2XAT) _ 5052 m?
m 1.5x 107

w

qy=15.59 "

2.1.4 Lumped-Capacitance Approach

The lumped-capacitance method provides a method to calculate the transient tem-
perature of a solid object. The major assumption is that the object around which the
control volume is drawn remains at a uniform temperature. What this means is that
the entire object is at exactly the same temperature. When the temperature of a por-
tion of the object increases, or decreases, the rest of it must change at the same time.
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Note that when using this method, this assumption should always be validated, or
errors of several hundred percent could result. The method is only as accurate as this
assumption.

Fortunately, a technique exists to test the validity of the uniform assumption. Fig-
ure 2.8 illustrates an aluminum sphere that is initially at a temperature of 20°C. The
sphere is plunged into a 10°C atmosphere. If the sphere is small, and because the
thermal conductivity of aluminum is fairly high, the entire sphere will change tem-

T= 20°C

7;ltm= 1ooc

FIGURE 2.8 A sphere demonstrating the lumped-capacitance method.

perature at approximately the same rate until the sphere temperature equals the
surrounding air temperature. In other words, the sphere changes temperature uni-
formly from the initial to the final temperature.

This example suggests that the lumped-capacitance method can be readily
applied to systems that are small and have a high thermal conductivity. The relation-
ship between size and thermal conductivity is the internal thermal resistance.

The external thermal resistance also plays a role in an object’s temperature uni-
formity. The external thermal resistance is a measure of how fast energy can be con-
vected between the solid object and the surrounding fluid. The external thermal
resistance is expressed as:

1

Asurfhsurf

The internal resistance depends on the object geometry and, for a wall of constant
composition, is written as:

th,exl = (225)

_L
k solidA surf

Calculating the Biot number, Bi, tests the validity of the lumped-capacitance
method. The Biot number is the ratio between the internal and external thermal
resistances, and is mathematically defined as:

th‘inl h%urfL

Bi= = 227
Rth,exl ksolid ( )

th,im = (2.26)
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When Bi is less than or equal to 0.1, the lumped-capacitance method can be applied
with little loss in accuracy.

The lumped-capacitance method follows directly from the energy conservation
equation. For a plate with the conditions that the control volume is drawn around
the solid surfaces so that mass neither enters nor leaves the control volume, that
kinetic and potential energy are negligible, and that work is not present, the energy
conservation equation reduces to:

. d(me) du dT
surf = =pV—= LA — 2.28
Qua=—_~"=pV-=pcLA (2.28)
Dividing by the surface area and recognizing that the surface heat transfer rate must
be equal to convection from the surface, Eq. (2.28) is rewritten as:
ar _ wW1,-T

dr ~  pcL (229

Once again, a first-order, ordinary differential equation results, whose solution is:
T(t) - Ty —ht
= —_— 2.30
-1, Pl e (2.30)

Equation (2.30) results in the transient time response of a component whose spa-
tial temperature distribution remains uniform.

EXAMPLE 2.4 Given: A 100-mm copper plate is well insulated on both sides. The
copper temperature is 400 K. At some point in time, the insulation from one of the sur-
faces is removed. The resulting heat transfer coefficient is 20 W/(m? - K), and the ambi-
ent temperature is 280 K (504°R).
Find: Calculate the time required for the aluminum plate to reach 300 K (540°R).
Solution: The first task is to ensure that the lumped-capacitance method is
appropriate for this problem. From the appendix, the relevant properties are:

J w
h=2 = — k=401 ——
O K €= 1K O 0k
kg
p=28933.—= L=100- mm
m
. h-L . 3
Bi=—— Bi=4.988 - 107 < 0.1 (Assume that lumped-
k capacitance method is
applicable)
i—f = h '}F)(;;T Solve for t assuming ty=0

. (300-280\ p-c-L
t_1”(400—280) “h

t=3.081-10s or t=8559-h

2.1.5 Combining Building Materials into a Wall, Floor, or Ceiling

The information covered in the preceding sections provides the background for cal-
culating the heat transfer rate through walls, floors, ceilings, and other types of build-
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ing partitions. The resistance method is generally the method of choice. This method
can be used to incorporate the effect of thermal bridging, which can effectively
reduce the overall insulating effect by up to 20 percent. Walls are considered com-
posite structures that are made up of one or more materials. For example, an outside
wall in a house will be made up of at least four components: sheetrock, insulation,
outer wall, and siding. The thermal conductivity of these materials varies from
approximately 0.03 Btu/(h - ft - °F) for insulating materials to several hundred for
metals. The subject of this section is to investigate how composite walls made from
materials with different thermal conductivities are analyzed.

Figure 2.9 illustrates a composite wall that is composed of sheetrock, insulation,
an exterior plywood wall, and exterior brick siding. The thermal conductivity of each
material is shown in the figure, along with each component’s thickness. The inside
and outside temperatures are also shown in the figure. The electric analogy is appli-
cable in this case. The heat transfer rate through the wall is related to the tempera-
tures and the composite properties by:

qe= Tr=To (2.31)

w
RthAVeq

Rgr=0.32
R;..=21

R.p=0.31
Rgs=0.79

Ry = 22.42

\Sheetrock Ext. Plywood

FIGURE 2.9 A cross section of a composite building wall showing four different materi-
als and the wall structure.

The equivalent thermal resistance is calculated using Eq. (2.31):

Law | Lins | Loy | Low
kdw kins kply kbr
Note from Eq. (2.31) that there are two ways to reduce the heat transfer from the
inside to the outside of the wall. The first is to reduce the temperature differential
across the wall and the second is to increase the thermal resistance. Usually, one has
little control over the temperature differential. However, part of the design process
is the specification of materials and sizes. Note from Eq. (2.32) that decreasing com-
ponent thermal conductivity and increasing component thickness increases the
equivalent thermal resistance.

Rieq= (2.32)
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The more complicated case considers the effect of thermal bridging through the
wall. Thermal bridging is caused by some intermediate component, such as a wall
stud, that exhibits a different thermal resistance than the rest of the wall. This situa-
tion is illustrated in Fig.2.10 by an electric analogy. The parallel resistances represent
the wall studs and the layers of insulation. The resistor to the left represents the ther-
mal resistance of the inside drywall, and the resistor to the right represents the ther-
mal resistance of the exterior plywood layer. Whereas series of thermal resistances
simply add together to obtain the equivalent thermal resistance, parallel resistances
are a little more complicated. The equivalent thermal resistance for N parallel resis-
tors R, is written as:

AL, A A AT X
R"_[R1+RZ+R3+ +RN} xiZIA, (2.33)

This equation can be simplified by recognizing that the insulation layers shown in
Fig. 2.10 all exhibit the same thermal resistance, and the wall studs all exhibit the

® ©,

t, ins
H\ ” /

q”
cond, ins

Rt, bridge

R ONS o Rors

qcond ”
9 cond, bridge

YA N
Ry ory Rt, ins L ply

q”
cond, ins

Wall Stud
Rt, bridge
) Insulation

Plywood exterior

” Drywall interior
qcond, bridge Y

Wall Stud

’”

Gcona

”

Geong

Insulation

Wall Stud

Insulation

Drawing not to scale

Wall Stud

FIGURE 2.10 Resistance analogy for thermal bridging analysis.
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same thermal resistance. Additionally, if there are N wall studs, then there are (N —
1) insulation layers. Equation (2.33) simplifies to:

_ |:AbridgeN n AinS(N_ 1)

b=
Rt,bridge Rt,ins

-1
i| [N XAbridge + (N - 1)Ains]

_ |:Rt,insAbridgeN + Rl,bridgeAins(N - 1)

-1
= N X Aprigee + (N — 1) A 2.34
Rl,insRl,hridge :| [ bride ( ) ] ( )

_ RLinth,bridgc[N X Abridgc + (N - 1)Ains]
Rt,insAbridchJ’_ Rt‘bridgcAins(N_ 1)

Finally, the total thermal resistance from the inside surface of the drywall to the out-
side surface of the plywood is:

RLinth,bridge[N X Abridge + (N - 1)Ains]

, 2.35
Rt.insAbridgeN + Rl,hridgeAins(N - ]) " o ( )

Req = Rl,dry +

In Fig. 2.10, the resistance of each component is as follows:
Drywall (% in): 0.32 (h - ft* - °F)/Btu
Insulation (5.5 in): 21 (h - ft* - °F)/Btu
Exterior plywood (% in): 0.31 (h - ft* - °F)/Btu
Wall studs (2 x 4 in): 1.0 (h - ft* - °F)/Btu
Number of wall studs (N): 10
Wall stud width: 2 in

Insulation layer width: 14 in

For this particular case, the equivalent thermal resistance for the parallel section of
the wall is calculated as:

.f42. 0 L ft2. 0
= (2L R (OB R 1 12 ) 0- 1 s K 1)
————

P Btu Btu 12 12
Rl,ins Rl,hridgc Abridgc Ains
-1
21h-ft*-°R 2 1.0h - ft*- °R 14
( B )<8ft><12ft>><10+< B ><8ft><12ft>(10—1)
Rl,ins Abridge Rl.bridge Ains

(2.36)

2044 ft* (h - ft* - °R/Btu)’
T 3453 ft2 (h - ft2 - °R/Btu)

_592h- ft?- °R
B Btu
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The total equivalent thermal resistance, which includes the effect of the drywall and

plywood, is:
B 0.32h-ft2~°R+5.92h~ft2~°R+O.31h~ft2~°R

R, 2.37
K Btu Btu Btu (2.37)
Ry R, Ry
_ 654h-f-°R
B Btu

For the case where the interior surface temperature is 70°F and the exterior surface
temperature is 10°F, the heat transfer rate across the wall is:

” Tl — T4 Btu
= =(70°F - 20°F —_—
Gina =g = T0F=20F) [6.54 h-fe - °R
(2.38)
_ 7.65 Btu
T h-ft?
The total surface area of the wall is:
A =8 ft X [(10 x 2in) + (10 — 1) x (14 in)] (2.39)

=973 1t

Then the total heat transfer rate through the wall is:

(2181W)  (2.40)

: , 7.65Btu\ _ 744.3 Btu
Qcond = Atotalqcond = (973 ftz) ( ) =

h- ft? h

An interesting parametric study is to investigate how the heat transfer rate varies
through the wall with the thermal resistance of the bridging material. For example,
one may wish to use metal studs instead of wooden studs. Figure 2.11 illustrates this
variation. When the bridge thermal resistance is small, the heat transfer rate is large.
The reason for this is that the bridge behaves as a short circuit, allowing heat to pass

800 -

700 1\
600 \
500 \

400 \

300 \

200

Heat transfer rate (W)

100 T T T T 1
0 5 10 15 20 25

Bridge thermal resistance [Btu/(hr-ft?-°R)]

FIGURE 2.11 Heat transfer rate as a function of thermal bridging resistance.
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from the inside surface to the exterior surface. When the bridge thermal resistance is
small, the insulation itself can become virtually ineffective. As the bridge thermal
resistance increases, the insulation becomes the controlling factor. As the thermal
resistance of the bridging material increases, it behaves more and more like an open
circuit, preventing heat from transferring except through the insulation.

The equivalent thermal resistance is directly related to the R value of the wall. An
R value of 19 means that the equivalent thermal resistance is 19 h - ft? - °R/Btu. Hence,
if one wants to calculate the heat transfer through an R-19 wall when the indoor tem-
perature is 70°F and the outdoor temperature is 20°F, the temperature difference is
divided by the R value, resulting in 2.63 Btu/(h - ft?) in this case.

2.2 NEWTON’'S LAW OF COOLING

Newton’s law of cooling states that the temperature difference between a surface
and the surrounding fluid (air in most cases) is directly proportional to the heat
transfer rate from the surface to the fluid. This proportionality is written as:

g =hT,-T.) (241)

The proportionality constant is the heat transfer coefficient, 4.

The heat transfer coefficient is a function of many parameters. The fluid velocity,
fluid properties, and the orientation of the surface to the fluid are some of the more
important parameters. The heat transfer coefficient is developed from large
databases of temperature and heat transfer data. For example, one may record the
heat transfer rate and the temperature difference between a solid surface and the
surrounding flowing fluid. Data would be recorded over a large range of operating
parameters by varying the fluid velocity and temperature, and possibly even the
fluid itself. Then the data would be inspected to determine the heat transfer coeffi-
cient that maximizes the accuracy of Eq. (2.41).

The heat transfer coefficient also depends on whether the flow is forced or free.
The distinction between these two modes of convection heat transfer comes from
the relative magnitude of the fluid buoyant forces. In the case of room air, the air-
flow creates forced convection in the vicinity of an air inlet diffuser. Near a cold
window, though, the flow field is driven by the buoyant forces that are created by
the temperature gradient in the air around the window. It turns out that the deter-
mination of the heat transfer coefficient is drastically different for buoyant and
forced flow fields. Fortunately, this is not a new area and many correlations are
available for just about every conceivable configuration used in the built environ-
ment. The rest of this section provides the methods and correlations that are neces-
sary to calculate the heat transfer coefficient for just about any case encountered by
the HVAC engineer. The end of this section includes a series of examples of typical
HVAC situations.

2.2.1 The Reynolds, Prandtl, Grashof, and Rayleigh Numbers

The heat transfer coefficient has historically been found to be a function of two
dimensionless groups: the Reynolds (Re) and Prandtl (Pr) numbers for forced con-
vection, and the Grashof (Gr) and Rayleigh (Ra) numbers for free convection. The
Reynolds number, Re, is defined as:
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Re = % (2.42)

The velocity V is the average velocity of the fluid over the surface, the length L is a
characteristic length, and the properties p and p are the fluid density and viscosity.
The characteristic length L depends on the shape and orientation of the solid and is
provided as part of the correlation between the Re and the heat transfer coefficient.

The Prandtl number, Pr, is defined as:

Gl
Pr= 2" 243

The properties c,, u, and k are the fluid specific heat, fluid dynamic viscosity, and the
thermal conductivity.

The Grashof number, Gr, is defined as:

_ L°pBeAT

i
The numerator of Eq. (2.44) represents the buoyant force, and the denominator is
indicative of the fluid viscous forces. The variable B is the fluid volume expansivity,
and for ideal gases is 1/T.

The Rayleigh number, Ra, is a combination of the Grashof and Prandtl numbers
and is defined as:

Gr (2.44)

3
Ra = Gr x pr= L PBeAT (2.45)
uo

The Rayleigh number represents the ratio between the buoyancy effects to the vis-
cous and thermal diffusion effects.

EXAMPLE 2.6 Calculate Re, Ra, Pr, and Gr of flow over a floor. Calculate the ratio
between Ra and Gr (this should equal Pr). The surface temperature is 60°F, and the air
temperature is 70°F. The air velocity is 5 ft/s, and the floor is 20 ft°.

Known:

T;=520°R T, =530°R T,= % T,=525°R

Use T, for determining properties.

p=1.1728% u=18.1626-%-s

p:0.073-]lc—f3 u:1.872-]0‘8]% L=20ft

k:0.025~m—v.VK c,,:]OI].ngL.K g:32.174%

k=0.181 ?1]3 ¢, =1.089 - 10* Sszz V,=5-€

Solution:

B= T],,i, AT =T, - T, o= p%(c,,
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. . 13.02-B-0-AT
Re=£2 Y1 = Vi L Gr=— PP 82 E £
u 5
_ 1°-p- B .o-AT Pr— b
p-o

Answers:
Re=3.91-10° Gr=7.426-10"
Ra=8375-10° Pr=1128 107
% =1.128-107° (same as Pr)

2.2.2 The Nusselt Number and Correlations
for the Heat Transfer Coefficient

Common practice is to nondimensionalize the heat transfer coefficient. This is

accomplished by defining the Nusselt number, Nu, as:
hL
Nu X

Like the Reynolds number, the characteristic length L depends on the geometry and
orientation of the solid surface. The thermal conductivity is that of the fluid.

Many correlations are used to calculate Nu. These correlations include the Re, Pr,
Gr, and Ra. Even though these correlations depend on the geometry and orientation
of the solid, they all have similar form. This Handbook will only discuss average Nus-
selt correlations pertinent to the HVAC industry. There are many textbooks that
describe Nu in great detail, and reading them is recommended to gain a more thor-
ough understanding of the Nusselt correlations.

As with the heat transfer coefficient, Nu varies for buoyant/free and forced flow
fields. Table 2.1 will help in deciding which form of the Nusselt equation to use.

(2.46)

2.2.3 Examples Using Specific Heat Transfer Coefficients
for Floors, Ceilings, and Walls

This section is devoted to the actual calculation of the heat transfer coefficient for
free and forced convection to and from walls, floors, ceilings, and windows.

EXAMPLE 2.7 A radiantly heated 15-f* floor is at 80°F, and the room air temperature
is 70°F. Calculate the heat transfer rate by convection from the floor to the room air if
the air is moving at 3 ft/s.

Known:

o o T3+Tair o
T,=(80+460)°R T, =(70+460)°R T,,:T T,=535°R
p=115 kg W=18412-10°- mﬁ s L=I5ft

s Ib ft

72 =1237-107° — =32.174

p=0.0 ft3 u 37 - 10 Tis g=3 =
- W S _3. 1t
k_0'0254m-l< c—10124k X V=3 "
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TABLE 2.1 Various Nusselt Number Correlations Appropriate to the Built Environment

Free convection

Physical condition Flow regime Correlation
0.492 9/16 |-4/9
Over a vertical 0<Ra<10’ Nu=0.68 +0.670 Ra" [ 1+ (7)
plane surface
0.429 9/16 [8/27

10°<Ra Nu=0.825+0.387 Ra'® [ 1 + <T)
Around horizontal Thoor > Tirs Teciting < Thiet Nu = 0.54 Ra'*
plates 3.6 x 10* < Rag. < 10’

10" < Rag <3 x 10" Nu=0.15 Ra'®

Thoor < Tairs Teciting > Tair: Nu =0.27 Ra"*

3x10° < Ra, < 10"

Forced convection (internal)
Fully developed laminar o
flow in long tubes with Pr>0.6 Nu, =4.36
uniform heat flux
Fully developed laminar _
flow in long tubes with Pr>0.6 Nu, =3.66
uniform wall temperature
Laminar flow in tubes Rep, PrDy \*¥ Wy 014
. . — = >2
and ducts of intermediate L n
S
length with uniform wall Nu,, =1.86 ( Rep, Pr Dy )‘”3 (ﬁ)“““
temperature 0.004 < (%) <10 ! L Hs
S

0.5 < Pr < 16,000
Laminar flow in st.lort 0.0668 Rep Pr D
tubes and ducts with Re. PrD _ g\
uniform wall temperature | 1(( < Coy I'T Dy <1500 | Nup, =3.66 + L b

L . Rep, PrD\"* [\ K
1+0.045 | ———
L
Pr>07

Fully developed turbulent | 6,000 < Rep, < 107
flow through smooth, long | 07 < Pr < 10,000 _ Mooy
tubes and ducts L Nup, = 0.027 Re}} Pr* ( Mg )

D_H > 60

Forced convection (external)

Uniform wall temperature | 0.5 < Pr<10 Nu, =0.332 Re}? Pr'?
Uniform wall temperature | Pr> 10 Nu, =0.339 Re}? Pr'”
Uniform heat flux Pr>0.464 Nu, = 0.450 Re}? Pr'?

NOTE: The average of T, and T, is used to determine the properties for the calculations of the Reynolds, Prandll,
Rayleigh, and Grashof numbers, except where the subscript “s” refers to surface properties, and the subscript “b” refers to
boundary properties. Ty, = (Ts + Ty,)/2.

* For the derivations, and a better understanding of these Nusselt number correlations, refer to the Principles of

Heat Transfer by Kreith and Bohn, Fifth Edition.
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k=0.184 f’~1< ¢,=1.09 - 10* f’zK

Solution:

p=—L AT=T,-T,,

Toir

Re p'YL"L Re=2.611-10°

or=L pZ'E’Z'g AT Gr=6.898- 107

Ra=L B AT oo 5063 107
weo

}Pr:E’&('—LL Pr=0.734

Nu=0.15 - Ra" Nu =554.898

Answers:

q=h- (T~ Ta)

q= 37758& q=5.429 ft;;

2.51

o=

EXAMPLE 2.8 A baseboard heating system is located 2 ft below a window. The air
temperature directly surrounding the baseboard heater is 85°F. The window inside sur-
face temperature is 40°F. Calculate the heat transfer rate from the heated air to the win-
dow surface if the air is moving at 3 ft/s.

Known:
T.\' + Tair
T,=(40+460)°R T, =(85+460)°R T,= — T,=522.5°R
p=1.177 kg w=(18.122-100 % s L=2f
m
b b ft
=0.073 — =1218-107° — =32.174
p f ? u ft s g SZ
- w S 31t
k_0'0249m-1< =1012 - kg K V,=3 "
lb - ft flz
=1. 1 4
X 089 - 0 X
Solution:  Recognize this as a forced convection (external) problem with uniform

heat flux.
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1 k
- AT=T,,—-T -
B Tair air s o o c
Re=P Vi L Re=3.62-10°
u

3.A2. . .
Gr:LprZgAT Gr=7.737-10°

3 . . . .
Ra=ip B g AT Ra=5.699 - 10°

W o

Pr= 5% Pr=0.737

Nu=0.450 - Re” - Pr?®  Nu=177.324

Nu -k b
h= L h_6'963s3-K
Answers:
b
qg=h-(T,-T.) q:—]74.082s—3
Bru .
q=-25.031 i fe Lost to the window

EXAMPLE 2.9 Repeat the foregoing example with (1) an air temperature of 90°F,
which is typical of a heat pump, and (2) 120°F, which is typical of a forced-air fur-
nace.

Part 1:
Known:
kg N

=1.15—"% =(188-10% - -— - L=2ft
p pe n=( ) 7S /i

_ b _ 705 1b _ It
p=0.072 e u=1.263-10" s g=32.174 7
T,= (40 +460)°R  T,, = (90 +460)°R V;=3 g

w J
k=0.0256 —— =1013 - ——
0056m~K c,=1013 kg K

_ b ft _ Jin

k=0.185 I K c,=1.09- 10" 2K
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Solution:
heat flux.
1
= AT=T, -T =
B Tair atrr s (X‘
Re=P V1L Re=3.41-10"
u
? . 2 . . .
Gr=l0 B 8T 67557 10
w
3 . . . .
Ra= P Bg AT p S0 100
w-a
Pr= Ef’k—“ Pr=0.744
Nu=0.450 - Re"? . Pr'?  Nu=75.292
Nu -k b
h="1 h=6.971 5
Answers:
q=h-(T,-T.) q=-193.635Ib\s’
Bt
q=-27.842 ﬁ Lost to the window
Part 2:
Known:

T, = (40 + 460)°R

kg
P
b

e
W

p=11388

p=0.071

k =0.0256 ——
m- K

Ib - fi
s K

k=0.185
Solution:
heat flux.

1
B B Tair

T, = (120 + 460)°R

W= (18.5491 - 10°9) - % s

b
=1.246-10° —
K 6-10 ft-s

Cp = 1013 kgLK

c,=1.09- 104s2f-—1{

AT = Tzlir - Ts o=

2,53

Recognize this as a forced convection (external) problem with uniform

k

p-C

Ts + Tair
Tp= =

T, =540°R

L=2ft
ft
g=32.174 =

V1:3ﬁ
N

Recognize this as a forced-convection (external) problem with uniform

k

p-C

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



CONDUCTION AND CONVECTION HEAT TRANSFER

254 HEAT TRANSFER AND THERMODYNAMICS
Re:% Re=3.422- 10"
3 . 2 . . .
Gr=LpBre AT 5 55 g0
w
3. . . .
Ra=Y 0 B2 AT p 475 10°
woo
Pr= 9-”k—” Pr=0.734
Nu=0.450 - Re™ . Pr%  Nu=75.085
Nu -k b
h=—— h=6.952
L 095 s K
Answers:
b
q=h-(T,-T,) q=-308964 El
q=-44.425 hB% Lost to the window

EXAMPLE 2.10  The inside surface temperature of a window is 40°F. The air tempera-
ture 2 ft below is 70°F. Calculate the heat transfer rate by convection from the room air
to the window if the air is moving 3 ft/s.

Known:
TS+Tair
T,= (40 +460)°R T, = (70 +460)°R T,= — T,=515°R
kg . N
p:1.1958? w= (1795710 6).?.S
b b
=0.075 — =1.207-107° — L=2ft
P e K ft-s f
w J ft
k=0.0246 —— =1011.6 —— =32.174 =
0.0 6m-K c,=10 6kg~K g=3 2
Ib-ft s ft
k:0.178s3. cp:1.09~10“s2.K V,:j’?

Solution:  Recognize this as a forced-convection (external) problem with uniform
heat flux.

1 k
- AT=T,, T, -
B Tm-,- air s o p K Cp
Re=PVi-L Re=3.712- 10"

2

j‘. . . .
Grle%gA Gr=5576-10°
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3 . . . .
Ra= B2 AT 418 10¢
u-o
Pr= 3'&(—“ Pr=0.738
Nu=0.450 - Re™ . Pr®  Nu=78.364
Nu -k b

h=—— h=6.972

L 0 s K
Answers:

b

q=h-(T,-T.) q=—116.198F
q=-16.708 hB% Lost to the window
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Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 3
RADIATION HEAT TRANSFER

Radiation heat transfer is the subject of many complete books. The goal of this
chapter is to provide a working foundation that can then be used to analyze the
thermal comfort delivery characteristics of radiant heating and cooling systems.
One must realize, though, that even the walls and windows affect the radiation
field in the built environment. It is not enough to analyze the radiant heating or
cooling system without also analyzing all the surfaces in the room. To accomplish
this complete analysis, one should look at the entire radiation spectrum. All radia-
tion acts the same, with the only distinguishing feature being the frequency or
wavelength.

For the purposes of this Handbook, radiation will be viewed as rays of intensity
traveling through the medium (usually air). When the medium is nonparticipating,
the radiation intensity propagates through the medium at the speed of light (¢ =
9.83517 x 108 ft/s). The term nonparticipating means that the medium does not affect
the beam of radiant intensity. The strength of a radiant intensity beam traveling
through a nonparticipating medium like air does not increase or decrease. In most
cases, the mediums within the built environment are nonparticipating. The only
exception is when the air has a high moisture content. This exception is minor in
most cases, but it will be explored later in this chapter.

Figure 3.1 shows how every surface emits intensity beams in all directions. Only
when the intensity beams intercept a solid object (or participating medium) does the
intensity convert to thermal energy. In Fig. 3.1, the person standing in the middle of
the room intercepts intensity beams from every direction. Consideration of all of
these intensity beams is necessary to determine the incident radiation on the person.
Later in this chapter, we will investigate how much of this radiation the person actu-
ally “feels.”

For now, it is important for the reader to understand that when surfaces enclose
a nonparticipating medium, radiation heat transfer is fundamentally a process in
which intensity beams are created by the surfaces through a mechanism called
emission. These beams propagate through the medium until they are intercepted
by another surface. At that point, the beams are either absorbed or reflected by the
intercepting surface. The beams that are absorbed are converted into thermal
energy. The goal of this chapter is to develop an understanding of how these beams
propagate and what properties control emission, absorption, reflection, and prop-
agation of these beams.

2.57
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Radiant heat source

3

Wall
Window

g’TM

Floor
FIGURE 3.1 Radiation intensity field.

3.1 WAVELENGTHS, MICRONS,
AND THE ELECTROMAGNETIC SPECTRUM

Radiation in its broadest sense includes energy transmission at all wavelengths. Only
a small fraction of these wavelengths are thermal radiation. Other radiation wave-
lengths include x-rays and radio waves. Although these are important in some fields
of study, they do not contribute to thermal radiation.

Figure 3.2 illustrates the part of the radiation spectrum that includes thermal
radiation. The wavelengths are measured in microns (um). There are a million
microns in a meter, or 1 um = 10" m. The thermal energy range exists between 0.1
and 100 pum. The shorter-wavelength radiation beams carry more energy and can
partially travel through a solid. This is how x-rays can take a picture of something
inside a structure. The x-rays are short enough to pass through a person’s skin but
not short enough to pass through bones. Beams in the thermal radiation region are
generally long enough so that the entire radiation interaction is at the surface of
the solid. Windows are an exception that will be discussed later.

The visible part of the radiation spectrum lies in the range between 0.4 and 0.7 um.
Coincidentally, this is the range within which the sun emits maximum radiation. Note

that although many people think of radi-
Visible ation as light, we can only see a small por-
<:| tion of the thermal radiation spectrum.

< Tniared > 3.2 RADIATIVE PROPAGATION

] AND INTENSITY—THE BASIC
hermal radiation > BUILDING BLOCK OF RADIATIVE
HEAT TRANSFER

T f ) The intensity, /, is defined as the amount
107 1 10 10 of radiant flux per steradian of solid
angle per unit of projected area in the
direction of propagation. This definition
FIGURE 3.2 Radiation spectrum. is best understood by referring to Fig. 3.3,

J

Wavelength (um)
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which shows a small surface area that is emitting radiation in a specific direction at a
specific wavelength. The unit normal from the surface is designated as fi. The direction
of the intensity is measured from the unit normal and from the x axis. The angle from
the unit normal is called the zenith angle and is designated by the variable 6. The angle
from the x axis is called the azimuth angle and is designated by the parameter ¢. The
wavelength about which the intensity is propagating is designated by the variable A.
The location of the center of the small surface area is at a position relative to some
arbitrary origin (e.g., the corner of a room or the center of the earth) and is designated
by the vector r. From these variables, the intensity can then be defined as a function of
direction, wavelength, and position: /,(5,0,0).

dQ to dA, as viewed
from dA
y

X
FIGURE 3.3 Definition of radiation intensity.

The solid angle can be thought of as a cone that is viewed from the center of the
small area in Fig. 3.3. The small solid angle dQ is said to subtend a surface in the
direction of intensity propagation. In this case, that area is the normal area dA,. By
definition, the solid angle is defined in terms of the subtended angle and the distance
between the two surfaces:

(3.1)

The solid angle is analogous to a planar angle. The difference is that although the
planar angle is defined as the arc length over the radius, a solid angle is defined as
the surface area over the square of the radius. The solid angle is measured in units of
steradians (sr) just as a planar angle is measured in terms of radians (rad).

Figure 3.4 defines the solid angle in terms of the zenith and azimuth angles. The
subtended surface dA, exists on the surface of a sphere with a radius r. In the figure,

n dA = (rd6)(r sin 6 d¢)
r sin 6 do

dA rsino

FIGURE 3.4 Definition of solid angle.
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only enough of the sphere is shown to carve out the area dA,. Because the area is
small, it can be approximated as a rectangle. By using geometric relationships, the
area is defined in equation form as:

dA, = (rd0)(r sin 6do) = r* sin 0d0d (3.2)
The differential solid angle then becomes:

7 sin 0d0d¢

dQ = sin 0d0d¢ (3.3)

EXAMPLE 3.1 Calculate the solid angle for a hemisphere and a sphere.

By referring to Fig. 3.4, a hemisphere can be created by moving the surface dA,
around so that a bubble is traced. This is comparable to letting 0 sweep from 0° to 90°
(0to /2 rad), and letting ¢ sweep from 0° to 360° (0 to 2w rad). In mathematical terms,
the solid angle is integrated over these angular limits:

2r /2 2n /2
Q.= [ [ da=] [sinodedo
00 00
/2 .
=(2n-0) i' sin 6d6

=-2n[cos 0]§*

=-2m[cos (1/2) — cos (0)]
=-2n[0 - I]

=2n

To find the solid angle for an entire sphere, the “sweep” limits on 6 are extended to
180°:

2n 2n

Q, dQ sin 6d0do

St——a
St——a

0 0

= (21— 0) [sin 60
0

=-21m[cos O]}
=-21[cos (T) — cos (0)]
—on{(-1)- 1]

=4n

The solid angle will take on significance later in this chapter during the discussion of
the radiant heat flux absorbed and/or emitted by a surface. It will also become impor-
tant in Sec. 3 during the discussion of the mean radiant temperature.

EXAMPLE 3.2 A window in a room intercepts the radiation intensity leaving a small
ceiling panel. Assume each surface can be treated “small.” The area of the panel is 1 f,
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and the area of the window is 3 . The distance from the center of the panel to the cen-
ter of the window is 14 ft. The angle from the unit normal of the panel to the center of
the window is 40°. Calculate the solid angle subtended by the window as seen from the
radiant panel. Show how the solid angle changes as the window is repositioned at dif-
ferent heights along the wall.

Figure 3.5 shows the configuration. Because each surface can be treated as small, the
solid angle subtended by the window as seen from the panel can be approximated by:

dAn w
Qp . T
Panel
1 ft2
40°
9ow V
Window ' »\bﬁ\
G
14 ft sin(40°)

9 ft2
FIGURE 3.5 Configuration for Example 3.2.

The projected area of the window normal to the line drawn from the center of the
panel to the center of the window is calculated by (refer to Fig. 3.6):

dA,,, =A, xcos (/2 - 0)
=9 f¥ cos (90° — 40°)
=514 /P

m/2-6
g /dAn =A,, cos (1/2-6)

n

FIGURE 3.6 Geometry for Example 3.2.

The solid angle is then:

514f°

D= 14y

=0.262 sr
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The next question is how does this solid angle change as the window is vertically
repositioned along the wall. By referring to Fig. 3.5, the horizontal distance from the
window to the center of the panel remains constant at 14 ft x sin (40°) = 9.0 ft. Chang-
ing the angle © changes the distance t in the following fashion:

_ 901t
' in (®)

Substituting into the solid-angle equation:

A, cos (90° — 0)
9 fry

Figure 3.7 illustrates the variation in the projected normal surface area as well
as the solid angle with 0. Of interest is the variation in the solid angle. Because
the solid angle represents the cone by which radiation will pass from the panel to
the window, the figure shows that there is a region where the window should be
placed to minimize the solid angle. For 6 < 20°, the solid angle is small. As 6
increases above 20°, the solid angle increases by several factors. This example shows
that the window-versus-panel positioning can play an important role in optimizing
panel efficiency.

Q, = sin’ (0)

80r 70.7
s &
70 0.6
60 | .
05 %
< Normal A =
= ormal Area 04 ¢
< a0} < =
< .-"’F 2
& 103 &
30
Solid Angle
102
2r
ofF . 10.1
g....-.nJ-"""""I
0 a.“" L 2 I 3 00
0 10 20 30 40 50 60

0
FIGURE 3.7 Variation in A, and Q,_,, with 6.

Now that the solid angle has been defined, we return to the definition of the radi-
ation intensity: the amount of radiant flux per steradian of solid angle per unit of
projected area in the direction of propagation per wavelength about A. Figure 3.8
illustrates the relationship between the radiant energy, the projected area in the
direction of propagation, and the solid angle. The radiant heat transfer rate Q, is
shown leaving the small area dA and propagating in a direction 0. The projected area
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aq, in the direction of propagation is dA,. At
some point in space, the radiation is
intercepted by some other small area
that is subtended by the solid angle. The
unit normal vector for the surface dA is
shown as the arrow pointing up. Direc-
tions are measured relative to the unit
normal. In this case, the angle between
dAp = dA cos (6) the unit normal and the :(:;lirection of
aa propagation is denoted by the zenith
FIGURE 3.8 Radiant energy. angle 6. As before, thf; azimuth angle (|)
sweeps around the unit normal. The ori-
gin (¢ = 0 rad) is arbitrary but is usually
measured from the x axis.
By definition, the intensity propagating through the medium in the direction 9 is:

Radiation heat transfer rate
(Unit projected area)(Unit solid angle)(Unit wavelength)

I;(O,(b,r) =

__ O
T dA,dQd) (3.4)

The projected area is defined as:
dA,=dA x cos 6 (3.5)

Substituting the definition of the solid angle as well as the projected area in the
direction of propagation results in:

q. =1, (0,0,r) cos 0 sin 8 dod¢ (3.6)

The total radiant heat flux from a surface can now be calculated by integrating over
the hemisphere, as shown in the following example. If the intensity is equal in all
directions, then the surface is said to be diffuse.

EXAMPLE 3.3 A window in a room intercepts the radiation intensity leaving a small
ceiling panel. Assume that each surface can be treated as “small.” The area of the panel
is 1 f£ and the area of the window is 3 f*. The radiant energy leaving the panel is 100 W
and is equal in all directions. The distance from the center of the panel to the center of
the window is 14 ft. The angle from the unit normal of the panel to the center of the
window is 40°. Calculate the radiant energy that leaves the panel and is intercepted by
the window.

Because the radiant energy leaving the panel is equal in all directions, the radiation
intensity leaving the panel is calculated from the intensity definition:

2n w2

szmel = Apzmel J‘ I(e,q)) cos 0 sin 6 ded(])
0 0

/2

J' cos 0 sin 6 d6do
0

= [mneleanﬂl

S—y
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/2
=Apanellpanet 2T f cos 0 sin © do
0

= A[la}’lL‘[I[lanL‘ch
The radiant intensity leaving the panel is calculated by rearranging the foregoing rela-
tionship:
Qpanel
nApanel
_ 100w
S n(fr)

3183 W
Tosreff

Iptmel =

An alternative definition for the intensity is used that is valid only for small areas:

_ er _ QD -W X r2
B dAde - Aparwl cos (epanel) Awind()w cos (ewindow)

I

This definition is tailored for this example, but it basically defines the radiant intensity
as the radiant energy that leaves the panel through an area projected in the direction of
propagation that then passes through a second area perpendicular to the direction of
propagation (the projected area of the window). Note, though, that this definition is
compatible with the exact intensity definition only for small areas.

The heat that is transferred from the panel to the window is now calculated by rear-
ranging the foregoing equation:

= I um'lA uncIAwinduw cos (e anel) cos (ewim[()w)
Q — P P! 4
p-w r2

_31.83W
=S
=6.47W

1
(14 fry’

(81 f¥ x 1 f¥) cos (40°) cos (50°)

Consequently, only 6.47 percent of the radiant energy leaving the panel is intercepted
by the window.

3.3 EMISSION AND RADIATION LAWS

Radiative emissive power of a surface is denoted by the symbol E. The maximum
emissive power that can be emitted from any surface is called the blackbody emis-
sion (E,). The blackbody emission from any surface is calculated using the Stefan-
Boltzmann constant:

_[0.1714 x 10* Btu ]T4

"l h-ft2-°R* 37)

J

Stefan-Boltzmann
constant, ¢
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The Stefan-Boltzmann constant ¢ is derived from fundamental concepts. The tem-
perature must be in units of °R, not °F.

3.3.1 Planck’s Law

The emissive power also varies with wavelength. The spectral emissive power is
denoted by the variable Ey,, and is calculated from Planck’s law (Planck, 1959):

_ Cl}\fs
“exp (c/AT) -1

Ey.

(3.8)

The constants ¢, and ¢, are 1.1870 x 10° Btu/(um* - hr - ft*) and 2.5896 x 10* um - °R,
respectively. Figure 3.9 demonstrates how the emissive power from a blackbody
varies with temperature and with wavelength.

120/  T=3000°F
Epx107°

100

80

60 T = 300°F

40

20 T= 1000F

Emissive Power, E,, [Btu/(h -ft?.um)]

L T

0 2 4 6 8 10 12 14
Wavelength, A (um)

FIGURE 3.9 Emissive power from a blackbody.

3.3.2 Wien’s Displacement Law

Wien’s displacement law provides the relationship between the maximum emissive
power of a blackbody at a specific temperature and the wavelength at which the
maximum occurs. This relationship is:

AT = 5215.6 um - °R (3.9)

For example, if the sun is approximated as a blackbody at 8500°R (4722.2 K), then
the wavelength where the sun’s emissive power is a maximum is Ay, = 5215.6
um - °R/8500°R = 0.61 um.
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3.3.3 Blackbody Fractions

Blackbody fractions are used to determine the magnitude of the emissive power
over a specific wavelength band. The prime application for these functions is the
determination of how much radiation passes through window glass from a source at
a specific temperature. Window glass is transparent between the wavelengths of 0
and about 4 um. Above 4 um, window glass is opaque to radiation. In other words,
above 4 um the window may as well be a solid wall as far as radiation heat transfer
is concerned.

At this point, we have investigated how the emissive power varies as a function of
wavelength and the source temperature. Figure 3.9 illustrates this variation. Figure
3.10 shows a window that has the sun on the outside and a radiant heating panel on
the inside. The sun is approximated as a blackbody at about 8500°R (4722.2 K). The
radiant panel is approximated as a blackbody at 300°F (760°R or 422.2 K).

Radiant heating panel

A
Vo % °
LA A = 6.86 um
T=8500°R
A=0.61pum

FIGURE 3.10 Impact of solar heat gain through a window.

Equation (3.9) shows that the wavelength where the emissive power is maxi-
mum for each radiant source is 0.61 um for the sun and 6.86 um for the radiant
panel. This suggests the idea that most of the sun’s emissive power passes
through the window (0.61 um < 4 um) and that the window will block the energy
from the radiant panel (6.86 um > 4 um). The blackbody fractions give us a way
to verify this suspicion.

The blackbody fractions are defined as:

A
1
Foour= W({be (T)dn (3.10)

The fraction F represents the total emissive power from a source at a specific tem-
perature that is emitted between the wavelengths of 0 um and A. Unfortunately, the
integral is very difficult to evaluate. Fortunately, there are ways to analyze it, and the
results of those methods are presented in Table 3.1. The values in Table 3.1 were gen-
erated from the following series approximation (Chang and Rhee, 1984):

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



RADIATION HEAT TRANSFER

RADIATION HEAT TRANSFER 2.67

153 [ et 32 6L 6 c
F“*”z?nzl[7<c3+7+ﬁ+ﬁ)]’ S=ar 311)
Equation (3.11) is presented here because it is convenient to use in computer calcu-

lations.

TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
500 900 1.30E-09 2,600 4,680 0.18312
550 990 1.35E-08 2,650 4,770 0.19419
600 1,080 9.29E-08 2,700 4,860 0.20536
650 1,170 4.67E-07 2,750 4,950 0.2166
700 1,260 1.84E-06 2,800 5,040 0.22789
750 1,350 5.95E-06 2,850 5,130 0.23922
800 1,440 1.64E-05 2,900 5,220 0.25056
850 1,530 3.99E-05 2,950 5,310 0.26191
900 1,620 8.70E-05 3,000 5,400 0.27323
950 1,710 0.00017 3,050 5,490 0.28453
1,000 1,800 0.00032 3,100 5,580 0.29578
1,050 1,890 0.00056 3,150 5,670 0.30697
1,100 1,980 0.00091 3,200 5,760 0.3181
1,150 2,070 0.00142 3,250 5,850 0.32915
1,200 2,160 0.00213 3,300 5,940 0.34011
1,250 2,250 0.00308 3,350 6,030 0.35097
1,300 2,340 0.00432 3,400 6,120 0.36173
1,350 2,430 0.00587 3,450 6,210 0.37238
1,400 2,520 0.00779 3,500 6,300 0.38291
1,450 2,610 0.01011 3,550 6,390 0.39332
1,500 2,700 0.01285 3,600 6,480 0.4036
1,550 2,790 0.01605 3,650 6,570 0.41375
1,600 2,880 0.01972 3,700 6,660 0.42377
1,650 2,970 0.02388 3,750 6,750 0.43364
1,700 3,060 0.02854 3,800 6,840 0.44338
1,750 3,150 0.03369 3,850 6,930 0.45297
1,800 3,240 0.03934 3,900 7,020 0.46241
1,850 3,330 0.04549 3,950 7,110 0.47172
1,900 3,420 0.05211 4,000 7,200 0.48087
1,950 3,510 0.0592 4,050 7,290 0.48987
2,000 3,600 0.06673 4,100 7,380 0.49873
2,050 3,690 0.07469 4,150 7,470 0.50744
2,100 3,780 0.08306 4,200 7,560 0.516
2,150 3,870 0.0918 4250 7,650 0.52442
2,200 3,960 0.10089 4,300 7,740 0.53269
2,250 4,050 0.11031 4,350 7,830 0.54081
2,300 4,140 0.12003 4,400 7,920 0.54878
2,350 4,230 0.13002 4,450 8,010 0.55662
2,400 4,320 0.14026 4,500 8,100 0.56431
2,450 4,410 0.15071 4,550 8,190 0.57186
2,500 4,500 0.16136 4,600 8,280 0.57927
2,550 4,590 0.17217 4,650 8,370 0.58654
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction

4,700 8,460 0.59367 7,200 12,960 0.81918
4,750 8,550 0.60067 7,250 13,050 0.82183
4,800 8,640 0.60754 7,300 13,140 0.82443
4,850 8,730 0.61428 7,350 13,230 0.82699
4,900 8,820 0.62089 7,400 13,320 0.82949
4,950 8,910 0.62737 7,450 13,410 0.83195
5,000 9,000 0.63373 7,500 13,500 0.83437
5,050 9,090 0.63996 7,550 13,590 0.83674
5,100 9,180 0.64608 7,600 13,680 0.83907
5,150 9,270 0.65207 7,650 13,770 0.84135
5,200 9,360 0.65795 7,700 13,860 0.8436

5,250 9,450 0.66371 7,750 13,950 0.8458

5,300 9,540 0.66937 7,800 14,040 0.84797
5,350 9,630 0.67491 7,850 14,130 0.8501

5,400 9,720 0.68034 7,900 14,220 0.85219
5,450 9,810 0.68566 7,950 14,310 0.85424
5,500 9,900 0.69089 8,000 14,400 0.85625
5,550 9,990 0.696 8,050 14,490 0.85823
5,600 10,080 0.70102 8,100 14,580 0.86018
5,650 10,170 0.70594 8,150 14,670 0.86209
5,700 10,260 0.71077 8,200 14,760 0.86397
5,750 10,350 0.7155 8,250 14,850 0.86581
5,800 10,440 0.72013 8,300 14,940 0.86762
5,850 10,530 0.72468 8,350 15,030 0.86941
5,900 10,620 0.72914 8,400 15,120 0.87116
5,950 10,710 0.73351 8,450 15,210 0.87288
6,000 10,800 0.73779 8,500 15,300 0.87457
6,050 10,890 0.74199 8,550 15,390 0.87623
6,100 10,980 0.74611 8,600 15,480 0.87787
6,150 11,070 0.75015 8,650 15,570 0.87947
6,200 11,160 0.75411 8,700 15,660 0.88105
6,250 11,250 0.758 8,750 15,750 0.88261
6,300 11,340 0.76181 8,800 15,840 0.88413
6,350 11,430 0.76554 8,850 15,930 0.88563
6,400 11,520 0.76921 8,900 16,020 0.88711
6,450 11,610 0.7728 8,950 16,110 0.88856
6,500 11,700 0.77632 9,000 16,200 0.88999
6,550 11,790 0.77978 9,050 16,290 0.89139
6,600 11,880 0.78317 9,100 16,380 0.89278
6,650 11,970 0.7865 9,150 16,470 0.89413
6,700 12,060 0.78976 9,200 16,560 0.89547
6,750 12,150 0.79296 9,250 16,650 0.89679
6,800 12,240 0.7961 9,300 16,740 0.89808
6,850 12,330 0.79918 9,350 16,830 0.89935
6,900 12,420 0.8022 9,400 16,920 0.9006

6,950 12,510 0.80517 9,450 17,010 0.90183
7,000 12,600 0.80808 9,500 17,100 0.90305
7,050 12,690 0.81093 9,550 17,190 0.90424
7,100 12,780 0.81374 9,600 17,280 0.90541
7,150 12,870 0.81649 9,650 17,370 0.90657
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
9,700 17,460 0.9077 12,200 21,960 0.94728
9,750 17,550 0.90882 12,250 22,050 0.94782
9,800 17,640 0.90992 12,300 22,140 0.94835
9,850 17,730 0.91101 12,350 22,230 0.94888
9,900 17,820 0.91207 12,400 22,320 0.94939
9,950 17,910 0.91312 12,450 22,410 0.9499
10,000 18,000 0.91416 12,500 22,500 0.95041
10,050 18,090 0.91518 12,550 22,590 0.9509
10,100 18,180 0.91618 12,600 22,680 0.95139
10,150 18,270 0.91717 12,650 22,770 0.95188
10,200 18,360 0.91814 12,700 22,860 0.95236
10,250 18,450 0.91909 12,750 22,950 0.95283
10,300 18,540 0.92004 12,800 23,040 0.95329
10,350 18,630 0.92097 12,850 23,130 0.95375
10,400 18,720 0.92188 12,900 23,220 0.9542
10,450 18,810 0.92278 12,950 23,310 0.95465
10,500 18,900 0.92367 13,000 23,400 0.95509
10,550 18,990 0.92454 13,050 23,490 0.95553
10,600 19,080 0.9254 13,100 23,580 0.95596
10,650 19,170 0.92625 13,150 23,670 0.95639
10,700 19,260 0.92709 13,200 23,760 0.95681
10,750 19,350 0.92791 13,250 23,850 0.95722
10,800 19,440 0.92872 13,300 23,940 0.95763
10,850 19,530 0.92952 13,350 24,030 0.95803
10,900 19,620 0.93031 13,400 24,120 0.95843
10,950 19,710 0.93108 13,450 24,210 0.95883
11,000 19,800 0.93185 13,500 24,300 0.95921
11,050 19,890 0.9326 13,550 24,390 0.9596
11,100 19,980 0.93334 13,600 24,480 0.95998
11,150 20,070 0.93408 13,650 24,570 0.96035
11,200 20,160 0.9348 13,700 24,660 0.96072
11,250 20,250 0.93551 13,750 24,750 0.96109
11,300 20,340 0.93621 13,800 24,840 0.96145
11,350 20,430 0.9369 13,850 24,930 0.96181
11,400 20,520 0.93758 13,900 25,020 0.96216
11,450 20,610 0.93825 13,950 25,110 0.96251
11,500 20,700 0.93892 14,000 25,200 0.96285
11,550 20,790 0.93957 14,050 25,290 0.96319
11,600 20,880 0.94021 14,100 25,380 0.96353
11,650 20,970 0.94085 14,150 25,470 0.96386
11,700 21,060 0.94147 14,200 25,560 0.96419
11,750 21,150 0.94209 14,250 25,650 0.96451
11,800 21,240 0.9427 14,300 25,740 0.96483
11,850 21,330 0.9433 14,350 25,830 0.96515
11,900 21,420 0.94389 14,400 25,920 0.96546
11,950 21,510 0.94448 14,450 26,010 0.96577
12,000 21,600 0.94505 14,500 26,100 0.96607
12,050 21,690 0.94562 14,550 26,190 0.96637
12,100 21,780 0.94618 14,600 26,280 0.96667
12,150 21,870 0.94674 14,650 26,370 0.96697
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
14,700 26,460 0.96726 17,200 30,960 0.97834
14,750 26,550 0.96754 17,250 31,050 0.9785
14,800 26,640 0.96783 17,300 31,140 0.97867
14,850 26,730 0.96811 17,350 31,230 0.97883
14,900 26,820 0.96839 17,400 31,320 0.97899
14950 26,910 0.96866 17,450 31,410 0.97915
15,000 27,000 0.96893 17,500 31,500 0.97931
15,050 27,090 0.9692 17,550 31,590 0.97947
15,100 27,180 0.96947 17,600 31,680 0.97962
15,150 27,270 0.96973 17,650 31,770 0.97978
15200 27,360 0.96999 17,700 31,860 0.97993
15,250 27,450 0.97025 17,750 31,950 0.98008
15300 27,540 0.9705 17,800 32,040 0.98023
15,350 27,630 0.97075 17,850 32,130 0.98038
15,400 27,720 0.971 17,900 32,220 0.98052
15,450 27,810 0.97124 17,950 32,310 0.98067
15,500 27,900 0.97149 18,000 32,400 0.98081
15,550 27,990 0.97172 18,050 32,490 0.98095
15,600 28,080 0.97196 18,100 32,580 0.98109
15,650 28,170 0.9722 18,150 32,670 0.98123
15,700 28,260 0.97243 18,200 32,760 0.98137
15,750 28,350 0.97266 18,250 32,850 0.98151
15,800 28,440 0.97288 18,300 32,940 0.98164
15,850 28,530 0.97311 18,350 33,030 0.98177
15900 28,620 0.97333 18,400 33,120 0.98191
15,950 28,710 0.97355 18,450 33,210 0.98204
16,000 28,800 0.97377 18,500 33,300 0.98217
16,050 28,890 0.97398 18,550 33,390 0.9823
16,100 28,980 0.97419 18,600 33,480 0.98242
16,150 29,070 0.9744 18,650 33,570 0.98255
16,200 29,160 0.97461 18,700 33,660 0.98268
16,250 29,250 0.97482 18,750 33,750 0.9828
16,300 29,340 0.97502 18,800 33,840 0.98292
16,350 29,430 0.97522 18,850 33,930 0.98304
16,400 29,520 0.97542 18,900 34,020 0.98316
16,450 29,610 0.97562 18,950 34,110 0.98328
16,500 29,700 0.97581 19,000 34,200 0.9834
16,550 29,790 0.97601 19,050 34,290 0.98352
16,600 29,880 0.9762 19,100 34,380 0.98364
16,650 29,970 0.97638 19,150 34,470 0.98375
16,700 30,060 0.97657 19,200 34,560 0.98386
16,750 30,150 0.97676 19,250 34,650 0.98398
16,800 30,240 0.97694 19,300 34,740 0.98409
16,850 30,330 0.97712 19,350 34,830 0.9842
16,900 30,420 0.9773 19,400 34,920 0.98431
16,950 30,510 0.97748 19,450 35,010 0.98442
17,000 30,600 0.97765 19,500 35,100 0.98453
17,050 30,690 0.97783 19,550 35,190 0.98463
17,100 30,780 0.978 19,600 35,280 0.98474
17,150 30,870 0.97817 19,650 35,370 0.98484
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
19,700 35,460 0.98495 22,200 39,960 0.98912
19,750 35,550 0.98505 22,250 40,050 0.98919
19,800 35,640 0.98515 22,300 40,140 0.98926
19,850 35,730 0.98525 22,350 40,230 0.98932
19,900 35,820 0.98535 22,400 40,320 0.98939
19,950 35,910 0.98545 22,450 40,410 0.98945
20,000 36,000 0.98555 22,500 40,500 0.98951
20,050 36,090 0.98565 22,550 40,590 0.98958
20,100 36,180 0.98574 22,600 40,680 0.98964
20,150 36,270 0.98584 22,650 40,770 0.9897
20,200 36,360 0.98593 22,700 40,860 0.98977
20,250 36,450 0.98603 22,750 40,950 0.98983
20,300 36,540 0.98612 22,800 41,040 0.98989
20,350 36,630 0.98621 22,850 41,130 0.98995
20,400 36,720 0.9863 22,900 41,220 0.99001
20,450 36,810 0.98639 22,950 41,310 0.99007
20,500 36,900 0.98648 23,000 41,400 0.99013
20,550 36,990 0.98657 23,050 41,490 0.99019
20,600 37,080 0.98666 23,100 41,580 0.99024
20,650 37,170 0.98675 23,150 41,670 0.9903
20,700 37,260 0.98684 23,200 41,760 0.99036
20,750 37,350 0.98692 23,250 41,850 0.99042
20,800 37,440 0.98701 23,300 41,940 0.99047
20,850 37,530 0.98709 23,350 42,030 0.99053
20,900 37,620 0.98718 23,400 42,120 0.99058
20,950 37,710 0.98726 23,450 42,210 0.99064
21,000 37,800 0.98734 23,500 42,300 0.99069
21,050 37,890 0.98742 23,550 42,390 0.99075
21,100 37,980 0.9875 23,600 42,480 0.9908
21,150 38,070 0.98758 23,650 42,570 0.99085
21,200 38,160 0.98766 23,700 42,660 0.99091
21,250 38,250 0.98774 23,750 42,750 0.99096
21,300 38,340 0.98782 23,800 42,840 0.99101
21,350 38,430 0.9879 23,850 42,930 0.99106
21,400 38,520 0.98798 23,900 43,020 0.99111
21,450 38,610 0.98805 23,950 43,110 0.99117
21,500 38,700 0.98813 24,000 43,200 0.99122
21,550 38,790 0.9882 24,050 43,290 0.99127
21,600 38,880 0.98828 24,100 43,380 0.99132
21,650 38,970 0.98835 24,150 43,470 0.99137
21,700 39,060 0.98842 24,200 43,560 0.99141
21,750 39,150 0.9885 24,250 43,650 0.99146
21,800 39,240 0.98857 24,300 43,740 0.99151
21,850 39,330 0.98864 24,350 43,830 0.99156
21,900 39,420 0.98871 24,400 43,920 0.99161
21,950 39,510 0.98878 24,450 44,010 0.99165
22,000 39,600 0.98885 24,500 44,100 0.9917
22,050 39,690 0.98892 24,550 44,190 0.99175
22,100 39,780 0.98899 24,600 44,280 0.99179
22,150 39,870 0.98905 24,650 44,370 0.99184
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
24,700 44,460 0.99188 27,200 48,960 0.99378
24,750 44,550 0.99193 27,250 49,050 0.99381
24,800 44,640 0.99197 27,300 49,140 0.99384
24,850 44,730 0.99202 27,350 49,230 0.99388
24,900 44,820 0.99206 27,400 49,320 0.99391
24,950 44910 0.99211 27,450 49410 0.99394
25,000 45,000 0.99215 27,500 49,500 0.99397
25,050 45,090 0.99219 27,550 49,590 0.994
25,100 45,180 0.99224 27,600 49,680 0.99403
25,150 45,270 0.99228 27,650 49,770 0.99406
25200 45,360 0.99232 27,700 49,860 0.99409
25250 45450 0.99236 27,750 49,950 0.99412
25300 45,540 0.9924 27,800 50,040 0.99415
25350 45,630 0.99245 27,850 50,130 0.99418
25,400 45,720 0.99249 27,900 50,220 0.9942
25450 45810 0.99253 27,950 50,310 0.99423
25,500 45,900 0.99257 28,000 50,400 0.99426
25,550 45,990 0.99261 28,050 50,490 0.99429
25,600 46,080 0.99265 28,100 50,580 0.99432
25,650 46,170 0.99269 28,150 50,670 0.99435
25,700 46,260 0.99273 28,200 50,760 0.99437
25,750 46,350 0.99277 28,250 50,850 0.9944
25800 46,440 0.9928 28,300 50,940 0.99443
25850 46,530 0.99284 28,350 51,030 0.99446
25,900 46,620 0.99288 28,400 51,120 0.99448
25,950 46,710 0.99292 28,450 51,210 0.99451
26,000 46,800 0.99296 28,500 51,300 0.99454
26,050 46,890 0.99299 28,550 51,390 0.99456
26,100 46,980 0.99303 28,600 51,480 0.99459
26,150 47,070 0.99307 28,650 51,570 0.99461
26,200 47,160 0.9931 28,700 51,660 0.99464
26,250 47,250 0.99314 28,750 51,750 0.99467
26,300 47,340 0.99318 28,800 51,840 0.99469
26,350 47,430 0.99321 28,850 51,930 0.99472
26,400 47,520 0.99325 28,900 52,020 0.99474
26,450 47,610 0.99328 28,950 52,110 0.99477
26,500 47,700 0.99332 29,000 52,200 0.99479
26,550 47,790 0.99335 29,050 52,290 0.99482
26,600 47,880 0.99339 29,100 52,380 0.99484
26,650 47,970 0.99342 29,150 52,470 0.99487
26,700 48,060 0.99345 29,200 52,560 0.99489
26,750 48,150 0.99349 29,250 52,650 0.99492
26,800 48240 0.99352 29,300 52,740 0.99494
26,850 48330 0.99356 29,350 52,830 0.99496
26,900 48,420 0.99359 29,400 52,920 0.99499
26,950 48,510 0.99362 29,450 53,010 0.99501
27,000 48,600 0.99365 29,500 53,100 0.99503
27,050 48,690 0.99369 29,550 53,190 0.99506
27,100 48,780 0.99372 29,600 53,280 0.99508
27,150 48,870 0.99375 29,650 53,370 0.9951

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



RADIATION HEAT TRANSFER
RADIATION HEAT TRANSFER 2.73

TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
29,700 53,460 0.99513 32,200 57,960 0.9961
29,750 53,550 0.99515 32,250 58,050 0.99612
29,800 53,640 0.99517 32,300 58,140 0.99614
29,850 53,730 0.99519 32,350 58,230 0.99615
29,900 53,820 0.99522 32,400 58,320 0.99617
29,950 53,910 0.99524 32,450 58,410 0.99618
30,000 54,000 0.99526 32,500 58,500 0.9962
30,050 54,090 0.99528 32,550 58,590 0.99622
30,100 54,180 0.9953 32,600 58,680 0.99623
30,150 54,270 0.99532 32,650 58,770 0.99625
30,200 54,360 0.99535 32,700 58,860 0.99626
30,250 54,450 0.99537 32,750 58,950 0.99628
30,300 54,540 0.99539 32,800 59,040 0.9963
30,350 54,630 0.99541 32,850 59,130 0.99631
30,400 54,720 0.99543 32,900 59,220 0.99633
30,450 54,810 0.99545 32,950 59,310 0.99634
30,500 54,900 0.99547 33,000 59,400 0.99636
30,550 54,990 0.99549 33,050 59,490 0.99637
30,600 55,080 0.99551 33,100 59,580 0.99639
30,650 55,170 0.99553 33,150 59,670 0.9964
30,700 55,260 0.99555 33,200 59,760 0.99642
30,750 55,350 0.99557 33,250 59,850 0.99643
30,800 55,440 0.99559 33,300 59,940 0.99645
30,850 55,530 0.99561 33,350 60,030 0.99646
30,900 55,620 0.99563 33,400 60,120 0.99648
30,950 55,710 0.99565 33,450 60,210 0.99649
31,000 55,800 0.99567 33,500 60,300 0.99651
31,050 55,890 0.99569 33,550 60,390 0.99652
31,100 55,980 0.99571 33,600 60,480 0.99653
31,150 56,070 0.99573 33,650 60,570 0.99655
31,200 56,160 0.99575 33,700 60,660 0.99656
31,250 56,250 0.99577 33,750 60,750 0.99658
31,300 56,340 0.99578 33,800 60,840 0.99659
31,350 56,430 0.9958 33,850 60,930 0.9966
31,400 56,520 0.99582 33,900 61,020 0.99662
31,450 56,610 0.99584 33,950 61,110 0.99663
31,500 56,700 0.99586 34,000 61,200 0.99665
31,550 56,790 0.99588 34,050 61,290 0.99666
31,600 56,880 0.99589 34,100 61,380 0.99667
31,650 56,970 0.99591 34,150 61,470 0.99669
31,700 57,060 0.99593 34,200 61,560 0.9967
31,750 57,150 0.99595 34,250 61,650 0.99671
31,800 57,240 0.99597 34,300 61,740 0.99673
31,850 57,330 0.99598 34,350 61,830 0.99674
31,900 57,420 0.996 34,400 61,920 0.99675
31,950 57,510 0.99602 34,450 62,010 0.99676
32,000 57,600 0.99603 34,500 62,100 0.99678
32,050 57,690 0.99605 34,550 62,190 0.99679
32,100 57,780 0.99607 34,600 62,280 0.9968
32,150 57,870 0.99609 34,650 62,370 0.99682
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
34,700 62,460 0.99683 37,200 66,960 0.99738
34,750 62,550 0.99684 37,250 67,050 0.99739
34,800 62,640 0.99685 37,300 67,140 0.9974
34,850 62,730 0.99687 37,350 67,230 0.99741
34,900 62,820 0.99688 37,400 67,320 0.99742
34,950 62,910 0.99689 37,450 67,410 0.99743
35,000 63,000 0.9969 37,500 67,500 0.99744
35,050 63,090 0.99691 37,550 67,590 0.99744
35,100 63,180 0.99693 37,600 67,680 0.99745
35,150 63,270 0.99694 37,650 67,770 0.99746
35,200 63,360 0.99695 37,700 67,860 0.99747
35,250 63,450 0.99696 37,750 67,950 0.99748
35,300 63,540 0.99697 37,800 68,040 0.99749
35,350 63,630 0.99699 37,850 68,130 0.9975
35,400 63,720 0.997 37,900 68,220 0.99751
35,450 63,810 0.99701 37,950 68,310 0.99752
35,500 63,900 0.99702 38,000 68,400 0.99753
35,550 63,990 0.99703 38,050 68,490 0.99753
35,600 64,080 0.99704 38,100 68,580 0.99754
35,650 64,170 0.99706 38,150 68,670 0.99755
35,700 64,260 0.99707 38,200 68,760 0.99756
35,750 64,350 0.99708 38,250 68,850 0.99757
35,800 64,440 0.99709 38,300 68,940 0.99758
35,850 64,530 0.9971 38,350 69,030 0.99759
35,900 64,620 0.99711 38,400 69,120 0.9976
35,950 64,710 0.99712 38,450 69,210 0.9976
36,000 64,800 0.99713 38,500 69,300 0.99761
36,050 64,890 0.99714 38,550 69,390 0.99762
36,100 64,980 0.99715 38,600 69,480 0.99763
36,150 65,070 0.99717 38,650 69,570 0.99764
36,200 65,160 0.99718 38,700 69,660 0.99765
36,250 65,250 0.99719 38,750 69,750 0.99765
36,300 65,340 0.9972 38,800 69,840 0.99766
36,350 65,430 0.99721 38,850 69,930 0.99767
36,400 65,520 0.99722 38,900 70,020 0.99768
36,450 65,610 0.99723 38950 70,110 0.99769
36,500 65,700 0.99724 39,000 70,200 0.99769
36,550 65,790 0.99725 39,050 70,290 0.9977
36,600 65,880 0.99726 39,100 70,380 0.99771
36,650 65,970 0.99727 39,150 70,470 0.99772
36,700 66,060 0.99728 39,200 70,560 0.99773
36,750 66,150 0.99729 39,250 70,650 0.99773
36,800 66,240 0.9973 39,300 70,740 0.99774
36,850 66,330 0.99731 39,350 70,830 0.99775
36,900 66,420 0.99732 39,400 70,920 0.99776
36,950 66,510 0.99733 39,450 71,010 0.99776
37,000 66,600 0.99734 39,500 71,100 0.99777
37,050 66,690 0.99735 39,550 71,190 0.99778
37,100 66,780 0.99736 39,600 71,280 0.99779
37,150 66,870 0.99737 39,650 71,370 0.99779
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
39,700 71,460 0.9978 42,200 75,960 0.99813
39,750 71,550 0.99781 42,250 76,050 0.99814
39,800 71,640 0.99782 42,300 76,140 0.99815
39,850 71,730 0.99782 42,350 76,230 0.99815
39,900 71,820 0.99783 42,400 76,320 0.99816
39,950 71,910 0.99784 42,450 76,410 0.99816
40,000 72,000 0.99785 42,500 76,500 0.99817
40,050 72,090 0.99785 42,550 76,590 0.99817
40,100 72,180 0.99786 42,600 76,680 0.99818
40,150 72,270 0.99787 42,650 76,770 0.99819
40,200 72,360 0.99787 42,700 76,860 0.99819
40,250 72,450 0.99788 42,750 76,950 0.9982
40,300 72,540 0.99789 42,800 77,040 0.9982
40,350 72,630 0.9979 42,850 77,130 0.99821
40,400 72,720 0.9979 42,900 77,220 0.99821
40,450 72,810 0.99791 42,950 77,310 0.99822
40,500 72,900 0.99792 43,000 77,400 0.99822
40,550 72,990 0.99792 43,050 77,490 0.99823
40,600 73,080 0.99793 43,100 77,580 0.99823
40,650 73,170 0.99794 43,150 77,670 0.99824
40,700 73,260 0.99794 43,200 77,760 0.99825
40,750 73,350 0.99795 43,250 77,850 0.99825
40,800 73,440 0.99796 43,300 77,940 0.99826
40,850 73,530 0.99796 43,350 78,030 0.99826
40,900 73,620 0.99797 43,400 78,120 0.99827
40,950 73,710 0.99798 43,450 78,210 0.99827
41,000 73,800 0.99798 43,500 78,300 0.99828
41,050 73,890 0.99799 43,550 78,390 0.99828
41,100 73,980 0.998 43,600 78,480 0.99829
41,150 74,070 0.998 43,650 78,570 0.99829
41,200 74,160 0.99801 43,700 78,660 0.9983
41,250 74,250 0.99802 43,750 78,750 0.9983
41,300 74,340 0.99802 43,800 78,840 0.99831
41,350 74,430 0.99803 43,850 78,930 0.99831
41,400 74,520 0.99804 43,900 79,020 0.99832
41,450 74,610 0.99804 43,950 79,110 0.99832
41,500 74,700 0.99805 44,000 79,200 0.99833
41,550 74,790 0.99805 44,050 79,290 0.99833
41,600 74,880 0.99806 44,100 79,380 0.99834
41,650 74,970 0.99807 44,150 79,470 0.99834
41,700 75,060 0.99807 44,200 79,560 0.99835
41,750 75,150 0.99808 44,250 79,650 0.99835
41,800 75,240 0.99809 44,300 79,740 0.99836
41,850 75,330 0.99809 44,350 79,830 0.99836
41,900 75,420 0.9981 44,400 79,920 0.99837
41,950 75,510 0.9981 44,450 80,010 0.99837
42,000 75,600 0.99811 44,500 80,100 0.99838
42,050 75,690 0.99812 44,550 80,190 0.99838
42,100 75,780 0.99812 44,600 80,280 0.99839
42,150 75,870 0.99813 44,650 80,370 0.99839
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
44,700 80,460 0.9984 47,200 84,960 0.99861
44,750 80,550 0.9984 47,250 85,050 0.99861
44,800 80,640 0.9984 47,300 85,140 0.99861
44,850 80,730 0.99841 47,350 85,230 0.99862
44,900 80,820 0.99841 47,400 85,320 0.99862
44,950 80,910 0.99842 47,450 85,410 0.99862
45,000 81,000 0.99842 47,500 85,500 0.99863
45,050 81,090 0.99843 47,550 85,590 0.99863
45,100 81,180 0.99843 47,600 85,680 0.99864
45,150 81,270 0.99844 47,650 85,770 0.99864
45,200 81,360 0.99844 47,700 85,860 0.99864
45,250 81,450 0.99845 47,750 85,950 0.99865
45,300 81,540 0.99845 47,800 86,040 0.99865
45,350 81,630 0.99845 47,850 86,130 0.99865
45,400 81,720 0.99846 47,900 86,220 0.99866
45,450 81,810 0.99846 47,950 86,310 0.99866
45,500 81,900 0.99847 48,000 86,400 0.99866
45,550 81,990 0.99847 48,050 86,490 0.99867
45,600 82,080 0.99848 48,100 86,580 0.99867
45,650 82,170 0.99848 48,150 86,670 0.99867
45,700 82,260 0.99849 48,200 86,760 0.99868
45,750 82,350 0.99849 48,250 86,850 0.99868
45,800 82,440 0.99849 48,300 86,940 0.99868
45,850 82,530 0.9985 48,350 87,030 0.99869
45,900 82,620 0.9985 48,400 87,120 0.99869
45,950 82,710 0.99851 48,450 87,210 0.99869
46,000 82,800 0.99851 48,500 87,300 0.9987
46,050 82,890 0.99851 48,550 87,390 0.9987
46,100 82,980 0.99852 48,600 87,480 0.9987
46,150 83,070 0.99852 48,650 87,570 0.99871
46,200 83,160 0.99853 48,700 87,660 0.99871
46,250 83,250 0.99853 48,750 87,750 0.99871
46,300 83,340 0.99854 48,800 87,840 0.99872
46,350 83,430 0.99854 48,850 87,930 0.99872
46,400 83,520 0.99854 48,900 88,020 0.99872
46,450 83,610 0.99855 48,950 88,110 0.99873
46,500 83,700 0.99855 49,000 88,200 0.99873
46,550 83,790 0.99856 49,050 88,290 0.99873
46,600 83,880 0.99856 49,100 88,380 0.99874
46,650 83,970 0.99856 49,150 88,470 0.99874
46,700 84,060 0.99857 49,200 88,560 0.99874
46,750 84,150 0.99857 49,250 88,650 0.99875
46,800 84,240 0.99857 49,300 88,740 0.99875
46,850 84,330 0.99858 49,350 88,830 0.99875
46,900 84,420 0.99858 49,400 88,920 0.99876
46,950 84,510 0.99859 49,450 89,010 0.99876
47,000 84,600 0.99859 49,500 89,100 0.99876
47,050 84,690 0.99859 49,550 89,190 0.99877
47,100 84,780 0.9986 49,600 89,280 0.99877
47,150 84,870 0.9986 49,650 89,370 0.99877
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
49,700 89,460 0.99878 52,200 93,960 0.99891
49,750 89,550 0.99878 52,250 94,050 0.99892
49,800 89,640 0.99878 52,300 94,140 0.99892
49,850 89,730 0.99878 52,350 94,230 0.99892
49,900 89,820 0.99879 52,400 94,320 0.99892
49,950 89,910 0.99879 52,450 94,410 0.99893
50,000 90,000 0.99879 52,500 94,500 0.99893
50,050 90,090 0.9988 52,550 94,590 0.99893
50,100 90,180 0.9988 52,600 94,680 0.99893
50,150 90,270 0.9988 52,650 94,770 0.99894
50,200 90,360 0.99881 52,700 94,860 0.99894
50,250 90,450 0.99881 52,750 94,950 0.99894
50,300 90,540 0.99881 52,800 95,040 0.99894
50,350 90,630 0.99881 52,850 95,130 0.99895
50,400 90,720 0.99882 52,900 95,220 0.99895
50,450 90,810 0.99882 52,950 95,310 0.99895
50,500 90,900 0.99882 53,000 95,400 0.99895
50,550 90,990 0.99883 53,050 95,490 0.99896
50,600 91,080 0.99883 53,100 95,580 0.99896
50,650 91,170 0.99883 53,150 95,670 0.99896
50,700 91,260 0.99883 53,200 95,760 0.99896
50,750 91,350 0.99884 53,250 95,850 0.99896
50,800 91,440 0.99884 53,300 95,940 0.99897
50,850 91,530 0.99884 53,350 96,030 0.99897
50,900 91,620 0.99885 53,400 96,120 0.99897
50,950 91,710 0.99885 53,450 96,210 0.99897
51,000 91,800 0.99885 53,500 96,300 0.99898
51,050 91,890 0.99885 53,550 96,390 0.99898
51,100 91,980 0.99886 53,600 96,480 0.99898
51,150 92,070 0.99886 53,650 96,570 0.99898
51,200 92,160 0.99886 53,700 96,660 0.99899
51,250 92,250 0.99886 53,750 96,750 0.99899
51,300 92,340 0.99887 53,800 96,840 0.99899
51,350 92,430 0.99887 53,850 96,930 0.99899
51,400 92,520 0.99887 53,900 97,020 0.99899
51,450 92,610 0.99888 53,950 97,110 0.999
51,500 92,700 0.99888 54,000 97,200 0.999
51,550 92,790 0.99888 54,050 97,290 0.999
51,600 92,880 0.99888 54,100 97,380 0.999
51,650 92,970 0.99889 54,150 97,470 0.99901
51,700 93,060 0.99889 54,200 97,560 0.99901
51,750 93,150 0.99889 54,250 97,650 0.99901
51,800 93,240 0.99889 54,300 97,740 0.99901
51,850 93,330 0.9989 54,350 97,830 0.99901
51,900 93,420 0.9989 54,400 97,920 0.99902
51,950 93,510 0.9989 54,450 98,010 0.99902
52,000 93,600 0.9989 54,500 98,100 0.99902
52,050 93,690 0.99891 54,550 98,190 0.99902
52,100 93,780 0.99891 54,600 98,280 0.99902
52,150 93,870 0.99891 54,650 98,370 0.99903
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
54,700 98,460 0.99903 57,200 102,960 0.99912
54,750 98,550 0.99903 57,250 103,050 0.99913
54,800 98,640 0.99903 57,300 103,140 0.99913
54,850 98,730 0.99903 57,350 103,230 0.99913
54,900 98,820 0.99904 57,400 103,320 0.99913
54,950 98,910 0.99904 57,450 103,410 0.99913
55,000 99,000 0.99904 57,500 103,500 0.99913
55,050 99,090 0.99904 57,550 103,590 0.99914
55,100 99,180 0.99904 57,600 103,680 0.99914
55,150 99,270 0.99905 57,650 103,770 0.99914
55,200 99,360 0.99905 57,700 103,860 0.99914
55,250 99,450 0.99905 57,750 103,950 0.99914
55,300 99,540 0.99905 57,800 104,040 0.99914
55,350 99,630 0.99905 57,850 104,130 0.99915
55,400 99,720 0.99906 57,900 104,220 0.99915
55,450 99,810 0.99906 57,950 104,310 0.99915
55,500 99,900 0.99906 58,000 104,400 0.99915
55,550 99,990 0.99906 58,050 104,490 0.99915
55,600 100,080 0.99906 58,100 104,580 0.99915
55,650 100,170 0.99907 58,150 104,670 0.99916
55,700 100,260 0.99907 58,200 104,760 0.99916
55,750 100,350 0.99907 58,250 104,850 0.99916
55,800 100,440 0.99907 58,300 104,940 0.99916
55,850 100,530 0.99907 58,350 105,030 0.99916
55,900 100,620 0.99908 58,400 105,120 0.99916
55,950 100,710 0.99908 58,450 105,210 0.99916
56,000 100,800 0.99908 58,500 105,300 0.99917
56,050 100,890 0.99908 58,550 105,390 0.99917
56,100 100,980 0.99908 58,600 105,480 0.99917
56,150 101,070 0.99909 58,650 105,570 0.99917
56,200 101,160 0.99909 58,700 105,660 0.99917
56,250 101,250 0.99909 58,750 105,750 0.99917
56,300 101,340 0.99909 58,800 105,840 0.99918
56,350 101,430 0.99909 58,850 105,930 0.99918
56,400 101,520 0.99909 58,900 106,020 0.99918
56,450 101,610 0.9991 58,950 106,110 0.99918
56,500 101,700 0.9991 59,000 106,200 0.99918
56,550 101,790 0.9991 59,050 106,290 0.99918
56,600 101,880 0.9991 59,100 106,380 0.99919
56,650 101,970 0.9991 59,150 106,470 0.99919
56,700 102,060 0.99911 59,200 106,560 0.99919
56,750 102,150 0.99911 59,250 106,650 0.99919
56,800 102,240 0.99911 59,300 106,740 0.99919
56,850 102,330 0.99911 59,350 106,830 0.99919
56,900 102,420 0.99911 59,400 106,920 0.99919
56,950 102,510 0.99911 59,450 107,010 0.9992
57,000 102,600 0.99912 59,500 107,100 0.9992
57,050 102,690 0.99912 59,550 107,190 0.9992
57,100 102,780 0.99912 59,600 107,280 0.9992
57,150 102,870 0.99912 59,650 107,370 0.9992
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
59,700 107,460 0.9992 62,200 111,960 0.99927
59,750 107,550 0.9992 62,250 112,050 0.99927
59,800 107,640 0.99921 62,300 112,140 0.99927
59,850 107,730 0.99921 62,350 112,230 0.99927
59,900 107,820 0.99921 62,400 112,320 0.99927
59,950 107,910 0.99921 62,450 112,410 0.99928
60,000 108,000 0.99921 62,500 112,500 0.99928
60,050 108,090 0.99921 62,550 112,590 0.99928
60,100 108,180 0.99921 62,600 112,680 0.99928
60,150 108,270 0.99922 62,650 112,770 0.99928
60,200 108,360 0.99922 62,700 112,860 0.99928
60,250 108,450 0.99922 62,750 112,950 0.99928
60,300 108,540 0.99922 62,800 113,040 0.99928
60,350 108,630 0.99922 62,850 113,130 0.99929
60,400 108,720 0.99922 62,900 113,220 0.99929
60,450 108,810 0.99922 62,950 113,310 0.99929
60,500 108,900 0.99923 63,000 113,400 0.99929
60,550 108,990 0.99923 63,050 113,490 0.99929
60,600 109,080 0.99923 63,100 113,580 0.99929
60,650 109,170 0.99923 63,150 113,670 0.99929
60,700 109,260 0.99923 63,200 113,760 0.99929
60,750 109,350 0.99923 63,250 113,850 0.99929
60,800 109,440 0.99923 63,300 113,940 0.9993
60,850 109,530 0.99923 63,350 114,030 0.9993
60,900 109,620 0.99924 63,400 114,120 0.9993
60,950 109,710 0.99924 63,450 114,210 0.9993
61,000 109,800 0.99924 63,500 114,300 0.9993
61,050 109,890 0.99924 63,550 114,390 0.9993
61,100 109,980 0.99924 63,600 114,480 0.9993
61,150 110,070 0.99924 63,650 114,570 0.9993
61,200 110,160 0.99924 63,700 114,660 0.9993
61,250 110,250 0.99925 63,750 114,750 0.99931
61,300 110,340 0.99925 63,800 114,840 0.99931
61,350 110,430 0.99925 63,850 114,930 0.99931
61,400 110,520 0.99925 63,900 115,020 0.99931
61,450 110,610 0.99925 63,950 115,110 0.99931
61,500 110,700 0.99925 64,000 115,200 0.99931
61,550 110,790 0.99925 64,050 115,290 0.99931
61,600 110,880 0.99925 64,100 115,380 0.99931
61,650 110,970 0.99926 64,150 115,470 0.99931
61,700 111,060 0.99926 64,200 115,560 0.99932
61,750 111,150 0.99926 64,250 115,650 0.99932
61,800 111,240 0.99926 64,300 115,740 0.99932
61,850 111,330 0.99926 64,350 115,830 0.99932
61,900 111,420 0.99926 64,400 115920 0.99932
61,950 111,510 0.99926 64,450 116,010 0.99932
62,000 111,600 0.99926 64,500 116,100 0.99932
62,050 111,690 0.99927 64,550 116,190 0.99932
62,100 111,780 0.99927 64,600 116,280 0.99932
62,150 111,870 0.99927 64,650 116,370 0.99933
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)
um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
64,700 116,460 0.99933 67,150 120,870 0.99937
64,750 116,550 0.99933 67,200 120,960 0.99937
64,800 116,640 0.99933 67,250 121,050 0.99938
64,850 116,730 0.99933 67,300 121,140 0.99938
64,900 116,820 0.99933 67,350 121,230 0.99938
64,950 116,910 0.99933 67,400 121,320 0.99938
65,000 117,000 0.99933 67,450 121,410 0.99938
65,050 117,090 0.99933 67,500 121,500 0.99938
65,100 117,180 0.99933 67,550 121,590 0.99938
65,150 117,270 0.99934 67,600 121,680 0.99938
65200 117,360 0.99934 67,650 121,770 0.99938
65250 117,450 0.99934 67,700 121,860 0.99938
65,300 117,540 0.99934 67,750 121,950 0.99938
65,350 117,630 0.99934 67,800 122,040 0.99938
65,400 117,720 0.99934 67,850 122,130 0.99939
65,450 117,810 0.99934 67,900 122,220 0.99939
65,500 117,900 0.99934 67,950 122,310 0.99939
65,550 117,990 0.99934 68,000 122,400 0.99939
65,600 118,080 0.99934 68,050 122,490 0.99939
65,650 118,170 0.99935 68,100 122,580 0.99939
65,700 118,260 0.99935 68,150 122,670 0.99939
65,750 118,350 0.99935 68,200 122,760 0.99939
65,800 118,440 0.99935 68250 122,850 0.99939
65,850 118,530 0.99935 68,300 122,940 0.99939
65,900 118,620 0.99935 68,350 123,030 0.99939
65,950 118,710 0.99935 68,400 123,120 0.99939
66,000 118,800 0.99935 68,450 123,210 0.9994
66,050 118,890 0.99935 68,500 123,300 0.9994
66,100 118,980 0.99935 68,550 123,390 0.9994
66,150 119,070 0.99936 68,600 123,480 0.9994
66,200 119,160 0.99936 68,650 123,570 0.9994
66,250 119,250 0.99936 68,700 123,660 0.9994
66,300 119,340 0.99936 68,750 123,750 0.9994
66,350 119,430 0.99936 68,800 123,840 0.9994
66,400 119,520 0.99936 68,850 123,930 0.9994
66,450 119,610 0.99936 68,900 124,020 0.9994
66,500 119,700 0.99936 68,950 124,110 0.9994
66,550 119,790 0.99936 69,000 124,200 0.9994
66,600 119,880 0.99936 69,050 124,290 0.99941
66,650 119,970 0.99936 69,100 124,380 0.99941
66,700 120,060 0.99937 69,150 124,470 0.99941
66,750 120,150 0.99937 69,200 124,560 0.99941
66,800 120,240 0.99937 69,250 124,650 0.99941
66,850 120,330 0.99937 69,300 124,740 0.99941
66,900 120,420 0.99937 69,350 124,830 0.99941
66,950 120,510 0.99937 69,400 124,920 0.99941
67,000 120,600 0.99937 69,450 125,010 0.99941
67,050 120,690 0.99937 69,500 125,100 0.99941
67,100 120,780 0.99937 69,550 125,190 0.99941
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TABLE 3.1 Blackbody Fractions Created by Using Eq. (3.11) (Continued)

Wavelength - temperature (AT) Wavelength - temperature (AT)

um-K um-°R  Blackbody fraction um-K um-°R  Blackbody fraction
69,600 125,280 0.99941 69,800 125,640 0.99942
69,650 125370 0.99941 69,850 125,730 0.99942
69,700 125,460 0.99942 69,900 125,820 0.99942
69,750 125,550 0.99942 69,950 125910 0.99942

Graphical Representation of Tabulated Data
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Blackbody fraction

For the example in Fig. 3.10, the fraction of the sun’s energy that passes through
the window within the wavelength band of 0 to 4 um is calculated from the blackbody
fractions. Between any two wavelengths, the emissive power fraction is calculated by:

Epp-2, (T) =0T [Fy_s,r— Fo_s,7] (3.12)

For the sun, 1,7 = 4 um x 8500°R = 34,000 um - °R. From Table 3.1, the blackbody
fraction that corresponds to 34,000 um - °R is F,,_,7=0.98314. This means that 98.314
percent of the sun’s emissive energy passes through the window. Conversely, the
window filters only 1.686 percent of the sun’s radiative energy. For the radiant heat-
ing panel, 2,7 =4 um x 760°R = 3040 um - °R and from Table 3.1, the blackbody frac-
tion corresponding to 3040 pm - °R is F_,7 = 0.02746. This means that only 2.746
percent of the energy emitted from the radiant heating panel passes through the
window.

Another useful equation that utilizes blackbody fractions determines the amount
of emissive power for a specific wavelength and beyond. This equation is:
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Eb,k—w (T) = GT4[1 - FO—?LT] (313)

An example of Eq. (3.13) is the determination of how much radiation is emitted
from a lightbulb above the visible spectrum. Approximate the lightbulb as a black-
body at 5400°R (3000 K). The upper limit of the visible spectrum is 0.7 pum. There-
fore, from Table 3.1, the fraction of energy emitted from the lightbulb above 0.7
um is (A7 =3780 um - °R) 91.694 percent. The unfortunate side to this calculation
is that less than 10 percent of the energy put into a lightbulb is used to produce the
desired result—uvisible radiation, or light. These calculations have led to the devel-
opment of energy-efficient lighting, which emits a higher percentage of visible
radiation (light) and a lesser percentage of thermal radiation in nonvisible radia-
tion spectra.

3.4 RADIATION PROPERTIES

The preceding sections of this chapter treat all surfaces as if they are blackbodies.
This also implies that they emit at their maximum capabilities, or at a rate of 6T*.
Measurements and experiments show that this is rarely true. Walls, furniture, and
carpeting, as well as most other surfaces, emit radiant energy at a rate less than the
blackbody calculation.

To confuse the issue, radiation properties can vary with direction and wavelength.
To maintain order, the properties are separated into four categories: (1) spectral,
directional; (2) spectral, hemispherical; (3) total, directional; and (4) hemispherical,
total.

The terms directional and hemispherical refer to property variation with direc-
tion, namely the angles 6 and ¢. One of the more frequent occurrences of this varia-
tion is visible on a hot day when driving down a blacktop road. In the distance,
sometimes it appears as if water is standing on the road. In reality, the emissivity (&)
of the road surface becomes very low at the particular viewing angle. As the driver
approaches this reflective spot, the viewing angle changes, followed by the emissiv-
ity. Hence, the directional properties describe variation with 6 and ¢, whereas the
hemispherical properties are averaged over the entire viewing hemisphere.

The terms spectral and total refer to property variation with wavelength. Earlier
in this chapter, the transmissivity (t) of the window varied with wavelength: com-
pletely transparent up to 4 um and completely opaque above 4 um. This variation is
referred to as the spectral property. The total property is the integrated average over
all wavelengths.

Finally, the total, hemispherical property is averaged over all directions and wave-
lengths. This property value is the one most often cited in tables. Sometimes, though,
it can be completely misleading, such as in the case of the window.

This portion of the Handbook discusses the surface properties that can be used
to obtain realistic emission rates from real surfaces. These properties are the surface
emissivity (€), the surface absorptivity (o), the surface transmissivity (t), and the sur-
face reflectivity (p). When radiation is incident upon a surface, that radiation is
either absorbed, transmitted, or reflected by the surface. In mathematical terms:

pta+t=1 (3.14)

This is a very important correlation and will be used in subsequent sections.
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3.4.1 Emissivity

The emissivity (¢) of a surface is the measure of how well that surface emits relative
to a blackbody. By definition, the emissivity must be between zero and one. Mathe-
matically, the spectral, directional emissivity is defined as:

& (6.0.7) = % (3.15)

By definition, this is the most basic emissivity because it depends on direction, wave-
length, and surface temperature. It will rarely be used in this text, except to calculate
the rest of the emissivities.

The directional, total emissivity is averaged over all wavelengths. This emissivity is
defined as:

oo

£(0.0.7) = &, (00.7)d1 (3.16)

0

Substituting Eq. (3.15) into this equation and carrying out the integral results in the
expression for the directional, total emissivity in terms of the directional, spectral
emissivity:

oo

[ & 00D E(Dd
£(0,0,T) =" e (3.17)

This equation applies to the total emissivity of a surface as viewed from the direc-
tion 6.

The hemispherical, spectral emissivity has more application in the built environ-
ment. Two of these applications are the aforementioned window and surfaces where
the radiation properties vary substantially with wavelength. Mathematically, the
hemispherical, spectral emissivity is defined in terms of the directional, spectral
emissivity as:

2n /2

| [ e 00.1)d0do (3.18)

ERE

1
- i & (0,0,T)dQ =

The integral is over the solid angle that describes the hemisphere (0 < ¢ <2m and 0 <
0 < m/2). The spectral blackbody emissive power is mathematically described as:

Cl}L_S

En (1) = exp (¢,/AT) -1 (3.19)

The hemispherical, total emissivity of a surface is defined as the integral of hemi-
spherical, spectral emissivity over all wavelengths. Mathematically, hemispherical,
total emissivity is:

53

£ j &Fw (T)dh
. Eb((?‘) e (3.20)
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Equation (3.20) is one of the important properties that will be used throughout the
rest of this book. Figure 3.11 demonstrates the utility of this equation. The figure
shows the blackbody and real emission from a surface at 300°F. The line designated
as the blackbody emission line is the emission calculated from Eq. (3.19). The area
under this curve is 67*. The other line is the real emission from the surface which has
a hemispherical, spectral emissivity that is 0.8 between 0 and 5 um and is 0.4 above 5
um. The area under this lower curve represents the emission from the real surface
and is exactly equal to the numerator in Eq. (3.20). The ratio of the areas under each
of these curves is the hemispherical, total emissivity.

0.020 - ..
Blackbody Emission
0.015 -
=
i=]
% 0.010 -
£
wi —
0.005 - Real Emission
0.000 +—="————————————————————,
2 4 6 8 10 12

Wavelength
FIGURE 3.11 Equation showing emissivity and wavelength.

Oftentimes, the necessity arises where the spectral emissivity is known but not
the total emissivity. The total emissivity is a function of the surface temperature. As
the surface temperature changes, so does the total emissivity, even though the spec-
tral emissivity remains constant. The accepted procedure for calculating the total
emissivity from spectral data is to approximate the spectral emissivity as a series of
wavelengths bands, each of which contains a constant emissivity over that band. The
constant “banded” emissivities are then averaged by (Siegel and Howell, 1992):

&= (Fo_ g+ anpr— 0)&n, + (Fo- g+ myr — Foonn)en, (321)

A =0 =M+ AN

+ (Fo-ggemngyr = Foorgr)ers +- - -+ (1= Fo_y, )&,
J [ —}
3=M+ Ak A=A+ AN,

The variable # is the number of wavelength bands in the spectral approximation of
the emissivity.

EXAMPLE 3.4 The measured spectral emissivity of a surface is shown in Fig. 3.12.
Calculate the approximate total emissivity at 85°F (representative of a floor radiant
heating system) and at 1000°F (representative of a high-temperature heating system).
The solid lines in Fig. 3.12 show three wavelength bands that approximate the real
emissivity. The first band, extending from 0 to 3.5 um, has an emissivity of 0.2; the sec-
ond band, extending from 3.5 to 7 um, has an emissivity of 0.7; and the third band,
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FIGURE 3.12 Emissivity variation for Example 3.4.

extending to infinity from 7 um, exhibits an emissivity of 0.4. The blackbody fractions
for the two temperatures and wavelengths are:
A ‘ 85°F 1000°F

35um | 0.00061 0.23670
7.0um | 0.08641  0.70864

At 85°F, Eq. (3.20) becomes:

&= (0.00061) x 0.2 + (0.08641 — 0.00061) x 0.7 + (I — 0.08641) % 0.4

A =0 um; Ao =3.5 wm; Ah, =2.5 um Ao =7.0 um
AN =35 um
=0.00012 + 0.06006 + 0.36544
=0.4256

At 1000°F, Eq. (3.20) results in:

€=(0.2367) x 0.2 + (0.70864 — 0.2367) x 0.7 + (I — 0.70864) x 0.4

A =0 um; A =35 um; Ahy =2.5 um Ao=7.0 um
AN =3.5um
=0.0473 + 0.3304 + 0.1165
=0.4942

The interesting characteristic of this example is the large change in the hemi-
spherical, total emissivity with temperature. The conclusion is that hotter surfaces
are dominated by emissivities at shorter wavelengths, whereas cooler surfaces are
dominated by emissivities at longer wavelengths.

3.4.2 Absorptivity

The absorptivity (o) of a surface is defined as the fraction of the energy incident on
a surface that is actually absorbed by that surface. This definition implies that not all
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radiant energy is absorbed by a surface. As with the emissivity, there are four sepa-
rate definitions of absorptivity. The spectral, directional absorptivity is:

a5 (0,0,T) = % (3.22)

The numerator is the radiant energy that is absorbed by the surface, and the denom-
inator is the radiant energy that is incident on the surface. When the absorptivity is
one, then the surface absorbs all the radiant energy that is incident on that surface.
In other words, it absorbs all that it can get. The definition of the incident radiant
energy from a particular direction at a particular wavelength is:

gn. (0,0) = I, (6,0) cos 0 sin ¢d0dodA (3.23)

As an aside, note that the incident radiant energy and ultimately the quantity of
radiant energy absorbed by a surface is a function of the spectral, directional radiant
intensity.

The directional, total absorptivity is defined as the ratio between the amount of
radiant energy over all wavelengths that is absorbed by a surface, and the radiant
energy over all wavelengths that is incident on the surface. Mathematically, the
directional, total absorptivity is:

2 (0.0.7)I; (6.0)d\
(8,0,7) = qaq(,?éq)q’,? Ju (T‘D i (3.24)
Y I (8.9)d)

The hemispherical, spectral absorptivity is defined as the ratio between the amount
of radiant energy at a particular wavelength but over all directions that is absorbed
by a surface, and the radiant energy at a particular wavelength but over directions
that is incident on the surface. Mathematically, the hemispherical, spectral absorp-
tivity is:
2n /2
| o 0.0.DL (0.0)dodo
— Y2 _0 0
()= qin 2n /2

| | 1 @0)a0d0
0 0

(3.25)

Finally, the fotal, hemispherical absorptivity is the ratio between all the radiant
energy that is absorbed by a surface, and all the radiant energy incident on that sur-
face:

2n /2

[ | | oo (e,¢>ded¢]d>»

0 0

o~ (3.26)
| 1 (0.0)dododn

0

0%8

o(T) =12 =

i

o—3
OH;‘J
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3.4.3 Transmissivity

The transmissivity (1) of a surface is defined as the fraction of the energy incident on
a surface that is transmitted through the surface. As with the absorptivity, there are
four separate definitions of transmissivity. The spectral, directional transmissivity is:

0.0,7)
i (8,9)

The numerator is the radiant energy that is transmitted by the surface, and the denom-
inator is the radiant energy that is incident on the surface. When the transmissivity is
one, then the surface transmits all the radiant energy that is incident on that surface.

The directional, total transmissivity is defined as the ratio between the amount of
radiant energy over all wavelengths that is transmitted by a surface, and the radiant
energy over all wavelengths that is incident on the surface. Mathematically, the
directional, total transmissivity is:

5, (0.0,7) = 22 (001) (3.27)

oo

f T (8,0, 1)1, (8,0)dA
w007y = 200D 0 (3.28)
4(00) [ 1 00)an

The hemispherical, spectral transmissivity is defined as the ratio between the amount
of radiant energy at a particular wavelength but over all directions that is transmit-
ted by a surface, and the radiant energy at a particular wavelength but over direc-
tions that is incident on the surface. Mathematically, the hemispherical, spectral
transmissivity is:

2n /2
47 (9’¢’T)Iix (e7¢)ded¢
(1) = 42 00 (3.29)

i 2n /2

Iik (e’q))dedq)

Finally, the total, hemispherical transmissivity is the ratio between all the radiant
energy that is transmitted by a surface, and all the radiant energy incident on that
surface:

% (0.0.7)15 (e,¢>ded¢}d>»

(3.30)

21 /2

|
| T f f I, (8,0)d6dod
000

3.4.4 Reflectivity

The reflectivity (p) of a surface is defined as the fraction of the energy incident on a
surface that is reflected off the surface. As with the absorptivity and transmissivity,
there are four separate definitions of reflectivity. The spectral, directional reflectivity is:
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e’ bl
by (6.0,T) = L (00T) (3.31)
g (6,9)

The numerator is the radiant energy that is reflected by the surface, and the
denominator is the radiant energy that is incident on the surface. When the reflec-
tivity is one, then the surface reflects all the radiant energy that is incident on that
surface.

The directional, total reflectivity is defined as the ratio between the amount of
radiant energy over all wavelengths that is reflected by a surface, and the radiant
energy over all wavelengths that is incident on the surface. Mathematically, the
directional, total reflectivity is:

J‘ pﬂ(eaq)aT)Iik (ey(b)d)\,
0(0,0,7) = L2001 0 (632)
q: (0,0) flih (©.0)d

The hemispherical, spectral reflectivity is defined as the ratio between the amount
of radiant energy at a particular wavelength but over all directions that is reflected
by a surface, and the radiant energy at a particular wavelength but over directions
that is incident on the surface. Mathematically, the hemispherical, spectral reflec-
tivity is:

2n /2

| [ p.00.8 (0.0)d0do

00

p"(T) = ﬂq‘% = 2 /2 (333)
‘ | [ 1 0.0)dodo
00

Finally, the total, hemispherical reflectivity is the ratio between all the radiant
energy that is reflected by a surface, and all the radiant energy incident on that sur-

face:
ll

2n

l

3
N

2
02 (00,115, (e,q))dedq)]dx

/2

| 5 0.0)dodgan
0

_9 _
W= qi B

o3 |[o——
o—0y

3.4.5 Kirchhoff's Law

Kirchhoff’s law basically states that the emissivity and the absorptivity are equal.
This is only exactly true for the most fundamental case level. In this case, the spec-
tral, directional emissivity is exactly equal to the spectral, directional absorptivity:

& (e7¢7T) =0 (e’q)’T) (334)

To go beyond this statement requires certain conditions. The following paragraphs
explain these conditions.
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In the case of directional total properties, Egs. (3.17) and (3.24) must be equal in
order for Kirchhoff’s law to be valid. In other words:

oo

[e.00DELDD [ @ (00.11, 0.0)d
0

8(6’4)77") =2 4 = o2 = OL(G,(]),T) (335)
of [ 1 @)an
0

The restriction is that the incident radiation must have a spectral distribution pro-
portional to the incident radiation from a blackbody at the same temperature. This
provides the relationship:

I (6) = K(0.0)1 (1) = KOO0 T) (336)

Substituting Eq. (3.36) into Eq. (3.35) results in

oo

[ & @0 DELDD [ 0 (0.0.1)E (Tl
£(6,0,7) = —" =2

— = 0(0.0,7) (3.37)

[ Eu (D [0
0

Because the directional, spectral properties are equal, then so are directional, total
properties.

Kirchhoff’s law can continue to be applied to the other cases in a similar fashion.
The restrictions for each are listed as follows:

1. Hemispherical, spectral. Incident radiation must be independent of angle.

2. Hemispherical, total. Incident radiation must be independent of angle and inci-
dent radiation must have a spectral distribution similar to a blackbody; or inci-
dent radiation is independent of angle and the directional spectral properties are
independent of wavelength.

EXAMPLE 3.5 Consider a solar collector that has a spectral, hemispherical emissivity
of 0.85 between 0 and 2 um and is 0.4 above 2 um. Calculate the hemispherical, total
absorptivity for incident radiation from the sun at 8500°R (4722.2 K).

The sun’s radiation is generally diffuse. Diffuse means that the incident radiation
comes equally from all directions. Because the incident radiation is diffuse, Kirch-
hoff’s law is satisfied for the hemispherical, spectral case that requires that the incident
radiation is independent of direction.

Imposing Kirchhoff’s law: &, (T)= oy (T)

From Eq. (3.26):

N

a3
S——3 Q%%
So—y

S— g
—
S

o (00T, (e,¢>ded¢]d>»
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0
oT?

[ T (T)an
0

The first simplification (from the first ratio to the second ratio) is possible because
nothing is a function of direction. The blackbody intensities are substituted because the
solar source is approximated as a blackbody at 8500°R (4722.2 K). The second simpli-
fication is made because the hemispherical, spectral properties satisfy Kirchhoff’s law
and, therefore, are equal. The blackbody intensities are replaced by the definition relat-
ing the blackbody intensity to the blackbody emissive power [wtly;, (T) = Ey(T)].

The total, hemispherical absorptivity is now calculated by using Eq. (3.21):

o (T;) =0.85F,., wn xsso0r + 0. 41 -Fy, wm X 8500°R)

=0.85%x0.8868 + 0.4(1-0.8868)
=0.7538 + 0.0453
=0.799
Note that if the temperature source were decreased, the total absorptivity would be

weighted toward the longer wavelengths, and the absorptivity would be closer to 0.4
instead of 0.85.

3.5 CALCULATION TECHNIQUES

Up until this point, all of the radiation calculations have been to or from one surface
independent of surrounding surfaces. The focus of this section is to implement the
property definitions and other radiation definitions so that we can explore the inter-
action between two or more surfaces. This portion of the Handbook starts with the
familiar view factor method (which is applied by using the radiative resistance net-
work technique), and it concludes with a much more general approach to radiation
calculations—the radiative transfer equation. Although this method is general, it is
almost impossible to implement without a computer solution. Fortunately, one has
been provided on the CD-ROM included with this Handbook.

3.56.1 View Factor Calculations

View factors, or radiation shape factors, have been used for decades to complete
radiation calculations. The basic definition of a view factor is the fraction of radiative
energy leaving one surface that reaches a second surface. Figure 3.13 demonstrates
this definition. In the diagram, assume for simplicity that the two surfaces are black
and that a person standing on either surface can see the entire other surface. The
small area dA, emits radiative energy with an intensity /;. The flux leaving surface
dA, that reaches dA, is:

dA, cos 0,

dA, cos 6
deAladAz = I, cos 0; T = Ey, cos 6, %

(3.38)
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Temperature, T,

Temperature, T,

FIGURE 3.13 Boundary radiation exchange.

Equation (3.38) truly represents the quantity of radiative energy that leaves surface
dA; and that is intercepted by dA,. In addition, the total energy flux that leaves dA,
is Ey. Then the fraction of the radiative energy leaving surface dA; that is inter-
cepted by surface dA, is the ratio:

dqaa, -
Har,»da, _ cos 0, cos 6, da,

B - (3.39)

dFdAl—niAzz

This result is the differential form of the view/interchange factor. To get the com-
plete view factor between two large surfaces, Eq. (3.39) needs to be integrated over
both complete surfaces (not a trivial task). However, there are several sources avail-
able where these integrations have already been completed. Most heat transfer text-
books include several popular view factor relationships. Table 3.2 lists several view
factor relationships that are commonly found in the built environment.

There are several view factor relationships that preclude the necessity of a large
database of view factors. Refer to Fig. 3.13, and consider the same definition, but
now reverse roles of the two areas. Area dA, now emits and area dA, intercepts the
emitted energy. Equation (3.39) is rewritten for this case as:

dA
dF 4, aa, = cOS 0, cOS 6, n—rzl (3.40)

Rearranging Egs. (3.39) and (3.40) results in:
dA]dFdAlﬁdAz = dAZdFdAZﬁdAI (3-41)
This relationship is referred to as the reciprocity relationship for small areas.

To apply this technique to large, finite areas, Eq. (3.38) must be integrated over
both areas. The result of this integration is:

F12 = dAldAz (3.42)

A =

Q4,5 a, 1 f J'cos 0, cos 0,

A1 Ay
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As before, the reciprocity relationship is:
AF = AyFy (3.43)

The net radiative exchange between two surfaces can now be calculated in terms
of the view factors and the blackbody emission from each of the surfaces:

Q1 ©2= QAl —A, QAZHA1 = AlFlz(Ebl - Ebz) = AZFZI(Ebl - Ebz) (3-44)

3.5.2 Radiative Resistance Network Approach to Radiative Heat Transfer
Calculations

One can utilize the radiative resistance network method to calculate the radiative
heat transfer. This method is based on the net radiation heat transfer equation.
This equation can be modeled similar to equations used in electrical circuit analy-
sis. This section describes how to accomplish modeling the radiation heat transfer

equation as an electrical circuit. Radia-

Incident (@) discussed here, and ater simplifications
p
Emitted (c) Radiosity (J)  will be introduced that will allow for
analysis of blackbodies.
Because only blackbodies are per-
Reflected (p) fect emitters and absorbers, when look-
Absorbed (0.) —> ing at nonblackbodies, the portion of

the incident radiation that is emitted as
well as reflected by the surface must be
considered. Figure 3.14 illustrates what
happens to radiation that is incident
upon a surface. The combination of
the reflected portion and the emitted
portion is referred to as the radiosity (J). In mathematical terms, radiosity is
defined as:

Transmitted (1)

FIGURE 3.14 Radiation energy balance.

J=¢eE,+pG (3.45)
E, = blackbody emission
€ = surface emissivity
p = surface reflectivity
G = incident radiation

In most cases, except when dealing with windows, the surfaces considered in heating,
ventilating, and air-conditioning (HVAC) applications will be opaque. When a sur-
face is opaque, it can be said that the transmissivity of that surface is 0 (t = 0). If the
transmissivity is zero, then the summation of the absorptivity and the reflectivity is
equal to 1 (a+ p = 1). Using Kirchhoff’s law, p =1 — a.= 1 — ¢, the radiosity equation
can be rewritten as:

J=¢E,+(1-€)G (3.46)
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This equation can be rewritten in the form:

_J—¢ky
S (1-9¢)

To find the net radiation leaving a surface, the difference between the incident radi-
ation (G) and the radiosity must be found:

(3.47)

4_j_¢G (3.48)
Substituting Eq. (3.47) into this equation yields:

J—¢eE,

q
- =J- 4
A J ) (3.49)
Rearranging this equation
— Eb—J
1-¢
3.50
(or) (3:50)

This is the form of the equation that is most useful and that can be used in a form anal-
ogous to the electrical resistance method. A useful way to think of this equation is:

_potential

Flow (3.51)

resistance

In Eq. (3.50), g represents the flow, E, — J represents the potential, and (1 — €)/eA is
the resistance (surface resistance). Figure 3.15 shows how this can be represented
schematically.

FIGURE 3.15 Radiation network.

Now that the equation for the net radiant heat exchange from a surface is in the
needed form, the net radiant heat exchange between two surfaces must now be con-
sidered:

G152 JIAF,
Gr1: LAy
The net radiant heat exchange between these two surfaces can be represented as:

qn =J1A1F12 —J2A2F21 (3.52)
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Using reciprocity, this equation can now be rewritten as:
qn= (1 —J)AF1, (3.53)
To get it in network circuit form, this equation is rewritten as:
(D)

g = ( 1 ) (3.54)
A2F12

In Eq. (3.54), q,, represents the flow, (J; — J,) represents the potential, and 1/4,F;,
represents the spatial resistance. Refer to Fig. 3.15 to see how to represent this
schematically.

To illustrate how these equations that have been developed can be used, an
example problem will now be worked.

EXAMPLE 3.6 Two surfaces facing each

Surface 1 Surface 2 other, as shown in Fig. 3.16 have interac-
tion only between the two of them. Sur-
T, =1500°R T,=530°R face 1 has an emissivity of 0.8, a surface
£=0.8 £=09 temperature of 1500°R (833.3 K), and
A -8t A =82 each surface has a surface area of 8 ff.
! 2 Surface 2 has an emissivity of 0.9 and a
surface temperature of 530°R (294.4 K).
_0 Both surfaces are opaque. What is the net
q.= radiative heat transfer from surface 1 to
FIGURE 3.16 Surfaces in Example 3.6. surface 27

The first step is to set up the resistance

network. Each wall is represented by a

resistor as well as the medium between the two. The resistance network for this exam-
ple can be seen in Fig. 3.17.

£\ E Wi,
1

1-&
£1A1 A1F12 £2A2

FIGURE 3.17 Radiation network for Example 3.6.

When working with thermal resistance networks, the radiant heat transfer can be
calculated as:

AEb

q:ZR

E, represents the blackbody emittance, R is the resistance, and q is the radiant heat
transfer. In this example this equation would have the form:

_ Ebl - Eb2
q_l—&+ [ I-%
€A AF;, &A,;
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Substituting in E, = 6T*
_ o(T{-T)
4= I—e, 1 I-%
A, AF; A

Substituting the numbers from the example:

Btu
(0.]714 x107® m)[(1500°R)4 - (530°R)"]
q= 1-08 + 1 + 1-09
08x8f2 T TOX82  0.9x8 17

Notice that the Stefan-Boltzmann constant (G) is:

Btu
=01714x 107 ————

N h x ft x °R*

Also, note that for this example, because the two plates only “see” one another, the view

factor is 1. The result of this calculation is:

q=150,205.3 Btu/h

This example is an idealized situation, in practical applications this example would be
a three-“surface” calculation (the two surfaces and the surroundings). The setup of a
nodal network for a problem with more than one other surface will be discussed in the
following paragraphs.

Consider the setup in the previous example. As was mentioned in the previous
paragraph, this system would be a three-surface system. In this system there would
be heat transfer occurring between the two plates as well as between each of the
plates and the surroundings. To see how this system would be represented by using
a resistance network, refer to Fig. 3.18. At each node a set of equations can be gen-
erated to describe the heat transfer that is occurring. At each node the summation
of the radiative heat transfer is equal to zero. Knowing this, these equations can be
used to generate a set of equations that then can be used to solve for the unknown
values. Once these values are known, equations for the radiative heat transfer can
be established in the form of Eq. (3.54) to solve for the net radiative heat transfer
rate.

FIGURE 3.18 Three-surface radiation network.
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In general the following steps can be used when using resistance networks.

Step 1. Represent the system with a resistance network.

Step 2. Calculate all necessary view factors.

Step 3. Write the nodal equation for each junction.

Step 4. Calculate needed emissive powers and resistances.

Step 5. Using the equations written in step 3, solve for unknown radiosities.

Step 6. Solve for the radiative heat transfer between surfaces of interest.

This six-step method will be demonstrated in the following example.

EXAMPLE 3.7 Two parallel plates 1.5 ft wide and 3 ft long are positioned 1.5 ft apart.
The temperature of plate 1 is 2300°R (1277.8 K) and the temperature of plate 2 is
1400°R (777.8 K). The emissivities for plates 1 and 2 are 0.2 and 0.5, respectively. The
plates are in a large room with a wall temperature of 550°R (305.6 K). Find the net
radiative heat transfer rate to both of the plates and to the surroundings.

Known:

A=A, =15ftx3fi=45fF
T, =2300°R (1277.8 K) 'T,=1400°R (777.8 K)
€= 02 &= 05

Assumptions: Because the room is a large room, it can be approximated as a
blackbody. Notice the effect this assumption has at node 3 in the resistance network
sketch. Blackbodies have no surface resistances.

Step 1. Represent the system with a resistance network. See Fig. 3.18.

Step 2. Calculate all necessary view factors. Use the equation from Table 3.2 for
aligned parallel plates:

x-X g.¥
= [ TR eyt
+Y(I + X" tan™ ﬁ — X tan' X =Y tan™ ?} =025
Use the summation rule:
F,+F;=1.0
=F;=0.75
Fyu+F,=1.0
=F;=075
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Step 3. Write the nodal equation for each junction.

At J].’
Eyu-J,, -3, Eu-J, _
I-e, 71 1 =0
A, AF, AF;
At Jz.’

Ji=J; B—=J, Ep-J, _
1 + 1 + 1- € -
A/F; A F; &A;

Step 4. Calculate needed emissive powers and resistances.

Emissive powers:
E, = 6T{=47,964.7 hi“;tz
E,, =0T} =6584.5 th n}ﬁ
E,; =0T} =156.84 hin}tz

Surface resistances:

1-¢
=0.889
A,
128 _gom;
€0,
Spatial resistances:
1
=0.889
AIFIZ
1
=0.296
AF;
1
=0.296
A2F23

Step 5. Using the equations written in step 3, solve for unknown radiosities.

Btu

J,=10,580.6 hix fE
Btu

J,=4676.8 I fE
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Step 6. Calculate the net radiative heat transfer from surfaces of interest.

Ey -1, J1 B
Q=S = 42,0519 2
£1A1
EbZ J2 Btu
82A2
qg—q]+q2—506451 %

3.5.3 Thermal Circuit Method

Three simplified thermal circuit models are used to evaluate radiant transport: (1)
binary star model, (2) rad-air model, and (3) the air index model. Each of these
methods are discussed in the following paragraphs.

3.5.3.1 Binary Star Model. The binary star model is based on the assumption
that convective and radiative heat transfer take place independently of each other
and that energy conversion only occurs at solid surfaces. Various values can be
assigned to convective coefficients and emissivities at each surface, and room size
can also be varied as long as the room shape remains rectangular. However, the
given surface must be treated as isothermal. The binary star model is presented in
Fig. 3.19. Radiant and convective heat inputs occur at the nodes 7, and Ty, respec-
tively. The radiant and convective heat sources are resisted at the inside surface by a
radiative conductance (S;) and a convective conductance (C,), respectively. Heat is
lost to the outdoors by air infiltration (V) and conduction through the wall (F)).

FIGURE 3.19 Binary star model.

This model is based on the assumption that the enclosure has similar surfaces
with equivalent boundary conditions. Therefore, only a single temperature 7 has to
be considered. Equations for T, C;, and

T, T, T S, are given by Davies (1990). The com-

Y M M © fort temperature T, is linked to T,, and

FIGURE 320 Link ; T, by very small conductances, as shown
GU .. ink to comfort temperature. in Fi g 3.20.

3.5.3.2 Rad-Air Model. The rad-air model incorporates both radiant and con-
vective exchange into a general global room temperature 7, (radiant air temper-
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Q, Q, ature). Figure 3.21 presents the rad-
e air model. The variables T,,, T, V, F,
T, and Q, have the same meanings as in

the binary star model, but the radiant

star temperature (7) is replaced by the

v L, radiant air temperature (7;,). The radi-

ant input Q, is replaced by the aug-

mented radiant input Q,(1 + C,/S)) at

T.. and output Q.(C//S,) at T,,. By let-

ting the conductance between T,, and

To T., be:
FIGURE 3.21 Air index model.

X= (Sl + Cl)Cl/Sl (3.55)

and by letting the conductance between T}, and T; be S; + C;, the total conductance
between T and T,, is equivalent to the convective conductance C; as found in the
binary star model. Heat inputs in the rad-air model produce the same temperatures,
T, and T,,, found in the binary star model; furthermore, 7 can be calculated from
the rad-air model by:

s = Tra(Sl + C‘1)/Sl - Tav(Cl/Sl) (356)
Using this relationship and solving for T:,:

S 1 Trs + C‘1 Tav
T. S+ C, (3.57)
The variable T}, appears to be the weighted mean of the radiant star and average air
temperatures.

The variable T3, is a combination of convective and radiant transport. Therefore,
the comfort temperature 7, cannot be directly incorporated into the rad-air model.
The rad-air model allows room temperature to be expressed as a function of the
indoor air temperature and the long-wave radiant field. When surface emissivities
are high, results between the binary star and rad-air models compare closely
(Davies, 1990).

3.5.3.3 Air Index Model. Figure 3.21 illustrates the air index model. If the con-
ductance X from the rad-air model is assumed to be very large (infinite), 7; and T,
combine to form the air index node 7,/, which is equivalent to the comfort tempera-
ture 7. Radiant and convective heat inputs occur at node 7,’, and all heat loss occurs
through ventilation and conduction (V and L;) where L, is the combination of F;
and S; + C; in “parallel”:

1 1 1
L-5+C + 7 (3.58)

The air index model is in widespread use for plant sizing applications. Although
the air index model is not well founded, it is a simple model and produces adequate
results for well-insulated rooms with small ventilation loss and little solar gain.

The thermal circuits for the binary star model, the rad-air model, and the air index
model can be expanded into circuit diagrams representing multisurface enclosures.
These circuit diagrams are presented in Fig. 3.22. The thermal circuit diagrams are easy
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T,

Q, TQ,(m) T Q,_,: —aQ

\ ra
7 AN a__Q1+m)

av

X $,+C,<S+ 6,5+ Gy €V§L1§L2 L,
% v T1 T2 T3
F1 F2 F3 16
(b)

()

FIGURE 3.22 Circuit diagrams representing multisurface enclosures. (¢) Rad-air model. (b)
Air index model. (¢) Binary star model.

to create. However, the diagrams presented in Fig. 3.22 are only valid for rectangular
enclosures. Computer programs can be written to calculate heat transfer and surface
temperatures for a multisurface enclosure, allowing the designer to choose room size,
surface emissivity, and the convective heat transfer coefficient at each surface.

The binary star and rad-air models produce more accurate results than the air
index model because the air index model neglects conductance between T,, and T,.
However, the solution for the air index model is easiest to set up (Khan et al., 1990).

3.5.4 MRT Correction Method

Walton (1980) proposed an algorithm for improving the accuracy of Blast’s Gauss
Seidel iteration by using the mean radiant temperature (MRT) method developed
by Davies (1980). According to the MRT method, radiant heat transfer within an
enclosure is modeled in two steps. First, it is assumed that each actual radiating sur-
face i in the enclosure is paralleled by a single fictitious surface f that replaces the
remaining actual surfaces within the enclosure. Second, each fictitious surface is
assumed to have a surface area, emissivity, and temperature that create the same
heat transfer with surface i as would the remaining actual surfaces. The temperature
of each fictitious surface fis the mean radiant temperature 7j; seen by each corre-
sponding surface i and is defined by an average of all temperatures inside the enclo-
sure weighted by the product of area and emissivity:

D AgT,
Tp=15—— (3.59)
Z Ag

J#I
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The emissivity €, of the fictitious surface is an area weighted average defined by:

gy =12 (3.60)

and the area of the fictitious surface Ay is the sum of the surrounding surface areas
defined by:

Ap=> A (3.61)

The “MRT/balance” equation for the radiant heat transfer in an enclosure, expressed
as a function of the MRT, is:

rad; vrrpal — 4GF17’(T? - T?l) + Gint; T Gsol; T Goa i=1->n (362)

The first term on the right side of Eq. (3.62) represents the radiative heat flux calcu-
lated by the basic MRT method, and the last term represents a necessary quantity of
energy to satisfy energy conservation. The remaining two terms represent the radi-
ant flux from internal sources and the solar radiant flux.

The radiant interchange factor Fj;is an estimated view factor between surface i
and its corresponding fictitious surface f; and it is a function of emissivity (g4, €;) and
area (A, A;) of surface i and £ Without the radiation balance term gy, in Eq. (3.62),
the MRT method does not satisfy the fundamental energy conservation equation.
Equations for gy,;; and Fj; are described by Steinman et al. (1989).

In the MRT method, the radiative heat flux is linearized by the approximation:

(T} = T}) = 4T3 (Ti - Tp) (3.63)

Substituting Eq. (3.63) into (3.62) gives the final form for the “MRT/balance”
equation:

qradi_MRT/hal = 46 Fif Tgvgl(Ti - Tfl) + qint1 + qsoll + qball (364)

The variable T, is an average of T; and T}; and is treated as a constant at each iter-
ation, thereby linearizing the “MRT/balance” equation. Computational speed using
the MRT method is greatly enhanced compared with using the exact solution (Stein-
man et al., 1989). However, the MRT method is based on many assumptions and
may not produce accurate answers for complex geometries or enclosures with
diverse surface temperatures. The loss of accuracy partially occurs from the equality
of Eq. (3.63) never being satisfied, even in the converged solution.

A correction component has since been developed for the MRT method, which
accounts for the loss in accuracy from estimating F (Steinman et al., 1989). An MRT
correction component has been developed for two situations:

Case 1. Variation of all surface emittances.

Case 2. Variation of one surface emittance with other surface emittances held
constant.

Each of the cases is discussed in the following paragraphs.
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3.54.1 Case I: Variation of All Surface Emittances. 1In case 1, a correction com-
ponent is developed for an enclosure where all surface emittances are varied from
0.0 to 1.0. The correction component for case 1 is:

9., = QCI'E’ +A; (3.65)
for any emissivity €. The correction component g, is included in Graq, ey, t0 give the
“MRT correction/balance” equation:

Grad; mgrcorbal — 46FifT<§lVg4(Ti - Tfl) + Ging; T Gsol; T o, + 4., (366)

The correction component g, is also included in gy.. The equation to give the gy,
and the steps leading to Eq. (3 65) are explained by Steinman et al. (1989).

Figure 3.23 compares the exact solution with the solution produced by the
“MRT/balance” equation and the “MRT correction/balance” equation using a curve
of surface emittance (E;) versus net surface radiation (Q,.q)- These results show that
the MRT correction method gives a better approximation to the exact solution.

b 0.8 0.6
Surface Radiation
Curves

0.100 = MRT/Bal

(Blast) -~
Qrad 4‘
4 “ MRTCOR/Bal
(BTUH); (PSU)

f
Qc,i

FIGURE 3.23 Comparison of the various MRT methods to the exact solution.

3.54.2 Case 2: Variation of One Surface Emittance with Other Surface Emit-
tances Held Constant. For case 2, a correction component Q,; is developed for an
enclosure where all surface emittances are held constant except one surface desig-
nated by a. If » is the total number of surfaces within the enclosure, surface a repre-
sents the single surface where emissivity is varied from 0.0 to 1.0, and surface i (i=1

n, i # a) represents the remaining surfaces of constant emissivity. Six curves are gen-
erated for six different values of €;, holding €; constant for each curve as g, is varied
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from 0.0 to 1.0. Figure 3.24 illustrates the actual arithmetic difference between the
“MRT/balance” solution and the exact solution. This difference has been graphed at
constant wall emittance (g;) values of 0.0,0.2,0.4,0.6,0.8, and 1.0 with surface a being
the floor. The curves tend to reach a maximum value of Q. between floor emittances
of 0.0 and 1.0.

The numerical solution for case 2 attempts to develop Q,; error curves character-
istic of the actual error curves shown in Fig. 3.24. Development of the MRT correc-
tion curves in Fig. 3.25 begins by plotting one known point on each curve (at g; = ¢,)
using Eq. (3.66) from case 1.

1.0 0.8 0.6 0.4 0.2 0.0

oc,i
(BTUH);

-100 - Actual error curves

Points where E;= E, o0y

FIGURE 3.24 MRT correction curves.

The curves being developed must follow the nonlinear characteristics of the
actual error curves shown in Fig. 3.25. Therefore, two endpoints and one midpoint
are calculated for each curve. These three points are necessary to utilize nonlinear
curve fitting techniques. The endpoints at (¢, = 1.0, & < 1.0) are determined by
extrapolation from the corresponding known points at €; = €,. Because the end-
point Q,; at (g, = 1.0, &; = 1.0) is determined directly rather than by extrapolation,
three points for the curve of constant €;= 1.0 are determined first. The midpoint O,
at g, = 0.4 and the endpoint Q,; at g, = 0.0 are calculated for the curve of constant
€ = 1.0.

1.0 Actual error curves
10 + E; = 0.00 E,
1.0 0.8 0.6 0.4—\0.2\ 0.0
f NN
06— — ‘

Interpolated values

-10

Q.
(BTUH);

*
* Extrapolated values

FIGURE 3.25 Developing MRT correction curve approximations.
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The following equation is used to calculate the endpoint Q,; ate,=0.0 and ;= 1.0:

4 _ 4R 4 )
Ou=cA, {Tﬁ {/; oT}Fy+ (GTkF,,k)FmH (3.67)
VEXE
The following equation is used to calculate the midpoint Q; ate,=0.4 and ;= 1.0:
Qci = Ai(qradl,exact - qradl.MRT) (368)
where:
qrad,, exact — GT? - Z GT?E] - |:8aGT2 + (1 - 8(1) Z GTiFak:|Fak (369)
j=1 k+a
and

Gragi vt = OFy (T = T%) (3.70)

Equations (3.67) through (3.70) and the steps leading to these equations are
explained by Steinman et al. (1989). Now, three points are known for the correction
curve and g; = 1.0, and the midpoints and endpoints for the remaining five curves for
g, < 1.0 are determined by interpolation. Curves through each set of points are
approximated by using curve fitting techniques. Simulation tests provided by Stein-
man et al. (1989) show that the MRT correction method shows improvement in the
solution accuracy over the MRT method.

The correction component used in the MRT correction method produces results
that are more accurate than the MRT method. The MRT correction method pro-
duces results within 1.4 percent of the exact solution for an L-shaped room (complex
geometry), whereas results of the MRT method for an L-shaped room produced
inaccuracies over 100 percent (Steinman et al., 1989). However, like the MRT
method, the MRT correction method contains inaccuracies from the inequality of
Eq. (3.63) used to linearize the radiative heat flux. In addition, the correction terms
have not been proven for geometries and temperature conditions other than for
those cases for which it was developed.

3.5.5 SIMPLIFIED RADIANT TRANSPORT FUNCTION

Radiant transport functions are complex, diverse, and different for each building
because of transparency conditions in rooms. Nakamura (1989) developed a simpli-
fied radiant transport function that has been developed to overcome these difficulties
and to obtain a systematic understanding of the entire system (Nakamura, 1989).

The simplified radiant transport function is defined as the radiant intensity at any
point and in any direction, when radiant energy of amount 1 is emitted at a point and
in a certain direction within an enclosure (Nakamura, 1989). The simplified radiant
transport function at (p, s) (point p and direction s at the surface) for emission at (&,
1) (point  and direction m at the surface) is expressed as R(§, M : p, s). An enclosure
containing radiant transfer through a nonparticipating medium is shown in Fig. 3.26.
With a nonparticipating medium in the enclosure of Fig. 3.26, the incoming radiant
intensity is equal to the outgoing radiant intensity.

I(p,s)=L(p’,s) (3.71)
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P>

FIGURE 3.26 Schematic of the radiant transport function.

The radiant intensity for an area element on the boundary surface of the enclosure is:

I(p,s)=L(p,s)+m jr(p, s’,8)I*(p, s )dF(p, s’) (3.72)

By introducing the Dirac delta function and by definition of the simplified radiant
transport function, the basic equation for the simplified radiant transport function in
an enclosure with radiant transfer through a nonparticipating medium is:

R(e,n :p,s)=0(p—€s—-m)+™n fr(p, s’,s)R(e,n : p’.s")dF(p,s’) (3.73)
Q

The simplified radiant transport function can be extended to the case of diffuse
reflection and emission at the surface. In addition, an equation can be derived for an
enclosure with an absorbing and emitting medium (Nakamura, 1989). Conduction
and convection can be incorporated into the simplified radiant transport function
and applied to enclosures of complex geometry. The simplified radiant transport
function for an enclosure with a nonparticipating medium is a Fredholm integral
equation of the second kind. Some solutions for the Fredholm integral equation of
the second kind can be found by successive substitution and successive approxima-

tion of the temperature distribution and/or radiant intensity on the surfaces (Naka-
mura, 1989).

3.5.6 SUMMARY

Each of the methods described in this section was used to analyze radiant heat
exchange within occupied spaces. However, each method includes constraints and,
in some cases, oversimplifications. If the user does not fully understand and satisfy
these constraints, analysis errors can be very large. The next section discusses the
radiative transfer equation, which eliminates many of the assumptions and, hence,
pitfalls of the simplified methods described in this section.

3.6 THE RADIATIVE TRANSFER EQUATION—
THE MOST GENERAL APPROACH

This portion covers the radiative transfer equation and various techniques for solv-
ing the radiative transfer equations (RTE). The RTE is the most general technique
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for modeling and predicting radiative heat transfer in an enclosed space. Solving this
equation does not require knowledge of view factors. In fact, view factors can be cal-
culated by solving the radiative heat transfer. There is a drawback to this equation:
it is very difficult to solve without the use of a computer simulation. Several com-
puter solution techniques have been developed over the last several decades.

The RTE solves directly for the radiant intensity at each point in the enclosed
space, at each wavelength, and in each direction. Once the intensity “field” is known,
the local radiant heat fluxes can be calculated by integrating the intensity over the
solid angle. This process sounds very complex, and indeed it is. The reader needs to
be patient at this point, because a computer solution for the RTE will be explained
in the following sections.

The general form of the RTE (Viskanta and Mengiic, 1987; Siegel and Howell,
1981; Ozisik, 1977) is given by:

Jl ol
A +n =2 = —(K)L + (F&;L)I)L + K}Jb,k

- o2 % ol
(V Q)Ih(r’Q)_H ax +E.! ay az

(3.74)

EYA ’ ’ ’
+ 52 i}cp(g S QLQ)dQ

The intensities and properties in Eq. (3.74) have the subscript A to designate that
each quantity is a function of wavelength. The first term in the equation represents
the spatial distribution of the radiant intensity. The variables W, &, and 1 are the
directional cosines that describe the direction of the radiant intensity. The variables
k and o represent the medium absorption coefficient and the medium scattering
coefficient.

The absorption coefficient can be as small as zero and as unbounded at the
upper end. The higher the absorption coefficient, the “thicker” the medium
behaves toward radiation. As a medium becomes thicker, it “participates” in the
radiation exchange process. The participating medium can either increase or
decrease the intensity magnitude. As we will soon see, the increase or decrease in
the intensity magnitude depends on the absorption coefficient, the medium tem-
perature, the temperature of the surrounding surfaces, and the magnitude of the
intensity. The absorption coefficient can normally be assumed to be negligible
except in the case of very high humidity cases. These cases are discussed in more
detail later in the book.

The scattering coefficient is probably one of the least understood parameters in
the radiant heat transfer field. The scattering coefficient describes how the intensity
in a specific direction is scattered into a different direction. The intensity from a dif-
ferent direction can also be scattered into the direction of concern. Although the
scattering coefficient is important in industrial processes such as glass making, it
has little relevance in the built environment and can be assumed to be zero with lit-
tle concern.

For the special case of a typical occupied room in which the absorption and scat-
tering coefficients can be assumed zero, the equation reduces to the form:

ol ol ol
woo o +M 3z =0 (3.75)

The boundary conditions for Eq. (3.75) are developed by considering the energy
emitted by the boundary and the incident radiant energy reflected by the boundary.
If the boundary is considered to be a diffuse emitter and absorber and the incident
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radiation is transmitted through the boundary surface, the boundary conditions are
written as:

I)».bound = Sklb,k + % f a0 ln- Q' I}‘(Q/)dQ/
(3.76)
= 8}‘1},1)‘ +

1_}»_)»
( en r)f

n-Q' <

In - Q1 L(Q)dY
0

To solve this nonlinear equation, there are several solution methods discussed in the
following paragraphs.

3.7 SOLUTION TECHNIQUES FOR THE RTE

There are many methods to solve the RTE. The choice of a solution method is a
careful balance between accurate results and low computational time. The three
methods presented here are well documented by other sources. The first two
descriptions briefly describe well-known solution methods that, to the authors’
knowledge, are not used by the HVAC community. The discrete ordinates method is
used by the Building Comfort Analysis Program methodology (Jones and Chapman,
1994; Chapman and Zhang, 1995, 1996; Chapman et al., 1997) and is, therefore,
described in more detail.

3.7.1 SPHERICAL HARMONICS METHOD

This method turns the RTE into simple partial differential equations that can be
solved similar to conservation equations (Modest, 1993). The P, approximation is not
very accurate near boundaries or for large temperature gradients in the medium.
Although the P; approximation yields more accurate results, the computational time is
increased (Viskanta and Ramadhyani, 1988; Viskanta and Mengiic, 1987; Khalil, 1982).

3.7.2 MONTE CARLO METHOD

The Monte Carlo method is not strictly a radiative heat transfer solution method;
rather, it is a statistical method to trace the history of a package of radiant energy as
it travels from the point of emission to the point of absorption (Modest, 1993). The
Monte Carlo method is usually used with the zone method. The zone method divides
the enclosure into a finite number of isothermal surface area zones. The area of the
surface must be small enough to justify the approximation of isothermal.

A beam of radiation from a point source on the surface is emitted in a random
solid angle and traced until it hits a surface. A statistical method, such as Monte
Carlo, is used to determine if the beam is absorbed or reflected. For the Monte Carlo
method to yield accurate results, at least 1000 packages of energy per surface must
be emitted. The main disadvantage of the Monte Carlo method is that it inherently
includes statistical error (Modest, 1993) and can be computationally intensive.

3.7.3 DISCRETE ORDINATES MODELING

The discrete ordinates method was first applied to neutron transport theory and is
described by Carlson and Lathrop (1963). The discrete ordinates method is used by
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FIGURE 3.27 Integrating the RTE.

the BCAP methodology (Jones and Chapman, 1994; Chapman and Zhang, 1995, 1996;
Chapman et al., 1997), considers discrete directions and nodes on the surface, and cal-
culates the radiant intensity at each point and direction. The enclosure space is divided
into control volumes as shown in Fig. 3.27. Increasing the number of control volumes
increases accuracy. Equation (3.75) is integrated over each three-dimensional control
volume. The resulting equation for a gray surface in a discrete direction, j, is:

z+Az y+Ay x+ Ax a[J a[} a]/
- - —— |dxdydz =0 3.77
J yf xf [”ax+ ay+naz]xyz (3.77)

The order of the discrete ordinates method designates the number of directions for
j as well as the particular directions. Higher orders of approximation have more pre-
scribed directions and can increase the accuracy of the results. However, the larger
order approximations require more computational time.

The intensity along one side of the control volume is assumed to be independent
of the other two directions. For example, the intensity along the x interface is not
affected by the y and z direction (Patankar, 1980). Equation (3.77) then becomes:

“-]AZAy(IIH-Ax - H\) + &jAZAx(Iéu-Ay - 1;) + niAXAy(1£+Az - 1]2) =0 (378)

This equation contains six interface intensities. By assuming that the intensity profile
across the control volume is linear, the intensity at the center of the control volume,
point p, is (Truelove, 1988; Fiveland, 1988):

L=all n+(Q-o)=0la+(1-0)l=0ll,s+(1-) (3.79)

The interpolation factor o is set equal to one to avoid negative intensities that are
physically impossible and yield unstable solutions. Some researchers chose values of
o less than one with the idea that the solution will be more accurate. However,
whenever o < 1, some consideration must be given to handling negative intensities,
which are physically impossible. Fiveland (1984, 1988) reports that o = 1 will always
provide positive intensities. Substituting Eq. (3.79) into Eq. (3.78) yields:

yi— WAZAYL, + EAzAXT], + WAXAYLL
d WAzAy + &AzAx + WAxAy

(3.80)

Equation (3.80) is written for all the discrete directions for each control volume. For
the S, approximation, there are 24 discrete directions. The values for W, &, and 1/
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must satisfy the integral of the solid angle over all the directions, the half-range flux,
and the diffusion theory (Truelove, 1987, 1988). Table 3.3 gives the values for W, &,
and 1 for the first quadrant that satisfy these conditions. A complete table of values
satisfying these conditions is tabulated and available from Fiveland (1988) and
Chapman (1992).

TABLE 3.3 First-Quadrant Values for Directional Cosines and Weighting Factor

Ordinate direction w & n’ w/
1 0.2959 0.9082 0.2959 0.5236
2 0.9082 0.9082 0.2959 0.5236
3 0.2959 0.2959 0.9082 0.5236

The values for Ax, Ay, and Az are determined by the size of the control volume.
The values for I}, I}, and I} are known from the previous iteration. Initially, the inten-
sities are set to guessed values. The solution is iterative around a loop from p =1 to
p equals the total number of control volumes until the solution converges.

Once the radiant intensity is known, the incident radiative heat flux on a surface
can be written as (Siegel and Howell, 1981):

o= | In- QU@ (3.81)
L

For a radiant heat flux in the x direction, Eq. (3.81) is approximated by using a
quadrature (Fiveland, 1988) and becomes:

Graa= >, WIW (3.82)
J

Inside Wall (70°) 9.84 ft

Outside Wall
9.84 ft

Outside Wall

Outside Wall

£
©)

FIGURE 3.28 Configuration for Example 3.8.
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FIGURE 3.29 Results from Example 3.8.

The values for w/ are given in Table 3.3. A complete list of the values is available in
Fiveland (1988) and Chapman (1992). This value for w' can be used to solve Eq.
(3.82).

The discrete ordinates method has been studied and found to be accurate by
Fiveland (1987, 1988), Fiveland and Jamaluddin (1989), Truelove (1987, 1988),
Jamaluddin and Smith (1988), Sanchez and Smith (1992), and Yiicel (1989). The S,
approximation has been found to be a reasonable compromise between accurate
results and a low computational time (Fiveland, 1988; Jamaluddin, 1988). In addi-
tion, Fiveland (1984) reported the discrete ordinates method gave more accurate
and faster solutions than the P; and zonal solutions. For these reasons, it is used
extensively in the calculations throughout the rest of this Handbook. It is a very gen-
eral technique that requires little information about the room.

EXAMPLE 3.8 Use the discrete ordinates method on the accompanying disk to calcu-
late the wall radiant heat flux distribution on an exterior wall and an interior wall of a
room. The room has three sides exposed to outside conditions, which are —4°F. The
remaining wall is an interior with an adjacent temperature of 69.8°F. This room con-
figuration, shown in Fig. 3.28, was chosen for its simplicity. There are no windows or
doors in this room. The room is a 10-ft cube.

The discrete ordinates model was used to generate the contour plots in Fig. 3.29.
The x and y axis are the length and height of the room, respectively. The variations in
the heat flux on both of the walls can be seen in these plots. The lines represent lines of
constant heat flux, and the numbers on the line are the heat flux in Btu/h. The front
wall, the plot on the right hand side of Fig. 3.29, is an exterior wall and the back wall;
the plot on the left hand side of Fig. 3.29, is an interior wall. There is a noticeable dif-
ference between the two walls, which is due to the difference in adjoining temperatures.
The front wall has a larger temperature difference across it than the back wall. This
larger temperature difference causes the increased heat flux on this wall.
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Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 4

MULTIMODAL HEAT
TRANSFER

Multimodal heat transfer is the integration of convection, conduction, and radiation
heat transfer into a complete heat transfer analysis system. Although the fundamen-
tal concepts of each heat transfer mode were covered in Chaps. 2 and 3, this chapter
discusses techniques to analyze combined heat transfer cases.

Radiant systems necessarily include the effect of all three heat transfer modes. Fig-
ure 4.1 demonstrates all three modes of heat transfer in a radiantly heated room. Radi-
ation heat transfer exists between all the surfaces of a room. Radiation is especially
evident from the radiant panel to the other room surfaces. Convection heat transfer
occurs between the room surfaces and the enclosed room air. Conduction heat transfer
occurs through the walls to the outside environment. The focus of this chapter is to dis-
cuss methods that can be used to solve the multimodal heat transfer problem.

4.1 SOLUTION TECHNIQUES

Figure 4.2 shows a wall segment experiencing radiation, convection, and conduction
heat transfer. The inside surface of the wall emits radiant energy, absorbs radiant
energy incident on the surface, convects energy to or from the room air, and con-
ducts energy from the inside wall surface to the outside wall surface. The energy bal-
ance on the inside wall surface is:

(X,G - EEb + Gconv — Gcond = 0 (41)

All incoming energy into the surface is considered positive and all outgoing energy
is considered negative. Equation (4.1) can be written in terms of the surface temper-
ature by inserting the definitions of each heat transfer mode. The equation becomes:

N

oG —eoTi+h(Ty—T,)
Ry

0 (4.2)

The term Ry, is the wall thermal resistance and 7, is the outside temperature. The
term G is the incident radiative heat flux from the other surfaces in the room.

If the wall properties, convection coefficient, air temperature, and incident radia-
tion are known or can be calculated, then the wall surface temperature can be cal-
culated from Eq. (4.2). Of course, Eq. (42) must be applied to each surface
individually.

2.113
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FIGURE 4.1 Radiantly heated room demonstrating multimodal heat
transfer.
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FIGURE 4.2 Surface energy balance with radiation,
convection, and conduction heat transfer.
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The savvy reader will realize that the incident radiation depends on the other
wall surface temperatures. Consider the two surfaces in Fig. 4.3. The air temperature
between the two surfaces is 70°F (21.4°C), and the outside surface temperature is
20°F (—6.3°C). The R value of surface 1 is 19 and the R value of surface 2 is 10. The
goal is to determine the temperature of each inside wall surface. If conditions are
such that Kirchhoff’s law applies, then each surface’s emissivity equals the absorp-
tivity. Now apply Eq. (4.2) to surface 2. To do so, you must assume a value for the
incident radiation. In this made-up case, we need to assume a temperature for sur-
face 2 and then calculate the emission from that surface. Once this is done, we are
free to calculate the temperature of surface 1. Now we repeat the process for surface
2. As before, the incident radiation for this surface is the emission from surface 1. We
now have a temperature at which to calculate the emission. We do this and then pro-
ceed to calculate the temperature of surface 2. It will most undoubtedly be different
from the temperature we assumed earlier in the process. Hence, this is an iterative
process.

T, = 20°F T, = 20°F
19 T, = 70°F

E
I

Surface 1
Surface 2

FIGURE 4.3 Schematic of the room used in the
example problem.

The preceding example is a simple demonstration of how complex multimodal
heat transfer analysis can become. But we are not yet done. To make it more com-
plete, one needs to consider the energy balance of the air enclosed in the room. This
energy balance is:

-anl/’l(T&i - Tuir) = 0 (43)

_—

Heat transfer from each surface
to the air enclosed by those surfaces

This equation shows that the air temperature needs to be known to calculate the sur-
face temperatures, but then the surface temperatures need to be known to calculate
the air temperature. This appears to be a situation of “which comes first, the chicken
or the egg?”
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It turns out that it does not matter as long as one proceeds in a methodical man-
ner. The general procedure suggested here is the following:

1. Guess all unknown temperatures except one.

2. Calculate the one unknown temperature from the governing equations, either
Eq. (4.2) or Eq. (4.3).

3. Use this calculated temperature to recalculate one by one the previously guessed
temperatures.

4. Compare each calculated temperature with the previously guessed value.

5. Keep calculating until the calculated values equal the previous values within
some preset error tolerance.

This general methodology is demonstrated in the following example.

EXAMPLE 4.1  Figure 4.4 illustrates a cubic room with 8-ft dimensions and the ceiling
as a radiant heating panel. The air is stagnant, and the outside temperature is 20°F
(—6.3°C). The energy input into the ceiling is 400 W. In this example, the entire ceiling
is treated as a radiant heater to simplify the calculations. The reader should note that
in a practical case, the radiant heater would not extend to the walls. The convection
coefficients from each outside surface to the ambient is 10 Btu/(h - f - °F). Calculate
the temperature of each inside and outside surface, and the air temperature. View fac-
tors are used for the radiation calculations so that the methodology can be better
demonstrated. Heat transfer correlations from Chap. 3 are used for each of the inside
surfaces. The R value of each surface is 19.

L=8ft
W=8ft
Fij = 0
. Outside Wall (20°F) 8ft ‘
[ N
F3
k= 10Btu/hr  ft*s °F
R=19
QOutside Wall
8 ft
Outside Wall
Outside Wall
Note: The heater in this example is the size of the entire ceiling
20°F

FIGURE 4.4 Room geometry for Example 4.1.
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A=A
As=A,
As=A,
Equations:

anv,, =hA(Tir —Ti)

anvz, = hiAZ(Tair - Tzi)

Q‘eanv}, = hiAﬁ‘?(Tair - T3i)

Qeomy = NALTo = Ty)

anvﬁ =hAs(Tar — Ts)

anvﬁ, = hiAﬁ(Tair - TG,-)

Qeom, = heAy(Ty. = T,)
Qcomy. = N AT~ T,)
Qcomy, = heAy(Ts5. —T,)
Qeom, = he ATy = T,)
Quoms, = heAs(T5. = T,)
Qcong, = heAg(Ts. = T,)
Wall 1 energy balance (inside surface):
Qconv, + del = Qcond,
Qconv; + deg = andz
Q‘wm + Q.mdj = Q‘gundg
Qcanw + de4 = Qcand,,
QCOHV5 + de5 = Qcond5
wa + Qrad6 = and6

Qeona, = %
Quonat, = %
Qeona, = %
Ouona, = %
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Q — T5i - T5e
conds R5
Q .= Tﬁi — Tée
condg Rﬁ

QconV](TIinair) = h CA- (Tm‘r - TIi)
6
Qraa(T, Tyi) = Z Fu-A;-0- (T{-Ti)g
k=1
QcanvZ(TZivTair) = h : A : (Tm’r - TZ[)
6
Qraa(T, T2i) = Z Fo-A;- 0 (T{-Te
k=1
anvj(Tsi,Tair) =h-A- (Tair - Tﬁ)
6
de}(Tk,Tﬁ) = Z Fi;-As;-0- (Tﬁ _T}‘i)83
K=1
anw(Tzﬁ, Tuir) =h-A- (Tnir - T4i)
6
de4(Tva4i) = Z Fu- Ay 0 (T{-ThH)e,
K=1
QconV5(T5i>Tzlir) =h-A- (Tair - T5i)
6
Qaas(Th, Tsi) = Z Fis- As- 6 - (T{-Ti)es
K=1
Qconvo(Téinair) =h-A- (Tair - Téi)
6
Qraty(Th, Tei) = Z Fis-As-0- (T{-Ti)es
k=1

Guess:
T;=500°R
T,=500°R
T;=500°R
T,=500°R
Ts5=500°R
Ts=550°R
T, =535°R
Ty,=456°R
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Given:

hi A (T =T)+e- (o 0{2 Fy - [(Tf-T ?ﬂ}:w
j=1 (Rw+h—)

e

When this equation is expanded, you can see just how involved this type of problem
can be, and how the use of computers can easily reduce the amount of work required
to solve them.

hI'AI'(Tm',—Tl)JFFQI'A]‘EI'G'(Tg—T7)+F3['A1'81'G‘(Tg—Ti)
+F; A;-g-06-(Ti-TH+Fs5;-A;-¢,-6-(TL=-TY

+F61A1816(T2—T;‘):

S BTy A

i=1

hi- Ay (T —T))+e- (oA
Rw+’

T()) A3

e

hi- Ay (T =Ty +€-(6-Ay) -1 > Fy- [(T{=T (R +,,

Il
~

hi Ay (T, —=T)+e-(0-Ay) -

e

1

)

<R+

(Ts=Ty) - As To) A5
(R

(hi “As (T =Te) +&- (0 Ag) - {i [(T{-T 3’)]}) + Qearer =0

e

hi-As- (T, —=Ts)+e- (- A F;- [(T4-T

JET:
g
o
o

1

]

6
> hi Ay (T -Tj) =0
j=1

Find: (T;, T, T3, T4T5,Ts, Tuir)
T,=537.14°R
T,=537.14°R
T;=537.14°R
T,=537.14°R
Ts=537.14°R
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Ts=541.707°R
T, =541.38°R

Although this problem simplifies the situation in that all R values will not be the
same and the view factors would normally be more complicated, the problem is still
very difficult to solve. When realistic room specifications are used, such as differing
R values and varying view factors, this problem becomes much more involved,
tedious, and difficult to solve by hand. In a problem like this, there could be 30 or
more view factors to calculate, before even attempting the equations. The use of a
program such as BCAP or ABOVE™ greatly simplifies this drawn-out process.
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Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 5

PSYCHROMETRICS
AND MIXTURES

A chapter on psychrometrics and mixtures is included in this Handbook for two rea-
sons: (1) Psychrometrics are important for determining the dew point temperature
and condensation issues that are associated with radiant cooling, and (2) mixtures
are important for determining the airborne concentrations of contaminants such as
carbon dioxide (CO,) and carbon monoxide (CO). Air by its very nature is a mix-
ture of several gases. Dry air is commonly modeled as a combination of oxygen (O,),
nitrogen (N,), argon (Ar), and CO,. On a volumetric basis, dry air contains 20.95 per-
cent O,, 78.09 percent N,, 0.93 percent Ar, and 0.03 percent CO, (Van Wylen and
Sonntag, 1978). The analysis becomes slightly more complicated when the air con-
tains water vapor.

The goal of this chapter is to give the reader the necessary tools to calculate
volume fractions of contaminants and dew point temperatures in the occupied
space. The last part of the chapter discusses some consequences of heating and
cooling humid air, concentrating on how much the air must be dehumidified or
humidified.

5.1 GAS MIXTURES

The primary measurement of the concentration of one gas species in a gas mixture
is the mole fractions (y;). By definition, the mole fraction of a gas species in a mix-
ture of gases is:

(5.1)

The variable N; is the number of moles of species i in the mixture and N, is the total
number of moles of gas in the mixture. Consider a container that has a mixture of
CO, and O,. In the mixture, there is 1 mol of CO, and 0.5 mol of O,. By using Eq.
(5.1), the mole fractions of each specie is:

0.5 mol

= m =0.333 =33.3 percent 5.2)

Yo,

1 mol

= Tmol+ 0.5 mol =0.66 = 66.7 percent

IN,

2.123
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CO, + 0, ; 0,
p = 450.774 psia |::> p = 150.248 psia
T=100°F T=100°F

FIGURE 5.1 Gas mixture in a 2-ft* container.

Figure 5.1 illustrates the gases in the previous example in a 2-ft* container. The
temperature of the mixture is 100°F and the pressure is 450.744 psia. Assume for a
moment that we can extract all of the CO, with a special syringe so that only the O,
molecules remain in the container. What would change? The gas temperature and
the volume of the container would stay the same. We can use the ideal gas law to cal-
culate the pressure without the CO, molecules. Doing so, we find that the pressure
of just the oxygen is:

No,R.T (0.5 mol)(560°R) (10.732 psia - ft?

Po, % 200 mol - °R ): 150.248 psia  (5.3)

Now we return the CO, molecules to the container and remove the O, molecules.
The pressure of just the N, is:

NyR.T (1 mol)(560°R) (/10.732 psia - ft
pyo=" 20 0 mol - °R

) =300496 psia  (5.4)

These pressures are called the partial pressures of the gas species in the gas mixture.
By definition, they are the pressures that would exist if all of the other gases were
removed from the mixture, keeping the temperature and volume the same. Note that
the sum of these two partial pressures equals the total mixture pressure. This equiv-
alency is more than a coincidence. It turns out that the partial pressures are related
to the total mixture pressure through the mole fractions by:

pozzyozxpm ,:ﬂ:& 55
pCOZZyCOZXpm] " Pm Ny (5-3)

It can become tedious conducting calculations using mixture concentrations. Often
we are only interested in the overall mixture properties. In this case, the effective
mixture molecular weight is defined as:

Mmzz yiM,; (5-6)

For the mixture in Fig. 5.1, the effective molecular weight is:

(5.7)

(0.5) 32 Ibm ( 1 ) 441bm _ 401bm
Mm: Tz + =
(o) CO2

1.5 mol 15 mol ~  mol

The effective molecular weight can then be used in the ideal gas law to treat the mix-
ture as a pure substance.
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Other thermodynamic mixture properties can be calculated in a similar manner
as the mixture molecular weight. In general, any thermodynamic property of a mix-
ture of ideal gases can be calculated by:

1 n
i:V Z (5~8)

The variable X, is the molar property (per mole) x of substance i. The mixture molec-
ular weight is used to convert the molar property into mass units.

EXAMPLE 5.1 A mixture of 50 percent CO, and 50 percent H, by volume is contained
in a 2-f* container at a pressure of 100 psia. The container is heated from 100°F to
200°F Calculate the heat that is transferred to the container, the mass of each gas, and
the pressure of the mixture after the container has been heated to 200°F.

Solution:  The best way to approach a mixture problem is to create the following
table:

Specie M; m; Vi yiM; N; Cui YiCuyi X
H, 2 — 0.5 1.0 — 4.88 2.44 —
CO, 44 — 0.5 22.0 — 6.95 3.48 —
Totals — — 1.0 32.0 — — 5.92 —

The units on the molecular weights are Ibm/mol and on the specific heat are Btu/
(mol - °F). The specific heats were included because the heat transferred to the tank
will eventually have to be calculated. The second column in the table contains the
molecular weight of each gas specie. These are obtained from the appendix. The third
column contains the mass of each specie, which at this point is unknown. The fourth
and fifth columns contain the mole fraction of each specie and the product of the mole
fraction and the molecular weight. The sum of the fifth column is the definition of the
effective mixture weight and, in this example, is 32 Ibm/mol. The sixth column will
contain the moles of each specie, and the last two columns contain the specific heat
information. The seventh column uses Eq. (5.8) to calculate the effective specific heat
of the mixture. The last column is the mass fraction of each specie. The mass fraction
is defined as the ratio of the gas mass to the total mixture mass (m;/m,,).

At this point, the mixture temperature, volume, pressure, and molecular weight are
known. The ideal gas equation is used to calculate the total number of moles in the
mixture:

PV (100 psia)(2 ft°) mol - °R

N = - = =0.0333 l
"TR,T 100+ 460)°R 10732 psia - i’ mo

The number of moles of each gas is then calculated by using the mole fractions:
Ny, =Yu, X Ny = 0.5 X 0.0333 mol = 0.01665 mol H,
Nco,=Yco, X N = 0.5 x 0.0333 mol = 0.01665 mol CO,

The mass of each gas is then calculated by using the definition of the molecular
weight:

my;, = Ny, X My, = 0.01665 mol H, X 2 b

’f =0.0333 Ibm H,
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Mo, = Neo, X Mo, = 0.01665 mol CO, x 22 li’ ;" = 0.7326 Ibm CO,

m,, = 0.7326 Ibm CO, + 0.0333 Ibm H, = 0.7659 Ibm mixture

Of interest is the comparison between the masses of H, and CO,. Even though the
number of moles of each gas is the same, the mass of each gas differs by a large
amount. This is true because of the large difference in the molecular weights. The mass
fractions are calculated by taking the ratio of the mass of each gas to the total mixture
mass. Our table is now complete:

Specie M, m; Vi M, N; Cy; YiCui X
H, 2 0.0333 0.5 1.0 0.01665 4.88 2.44 0.043
CO, 44 0.7326 0.5 22.0 0.01665 6.95 3.48 0.957
Totals — 0.7659 1.0 32.0 0.0333 — 5.92 1.000

The first law of thermodynamics is used to calculate the heat that is transferred to
the container and the final pressure of the gas mixture. For this particular case, the first
law of thermodynamics reduces to:

Q=m(u; - u;) = MuCym(T> ~T))

From the table, the mixture specific heat is 5.92 Btu/(mol - °F). Dividing this by the
effective mixture molecular weight results in the mass-based specific heat:

. _Cm (5.92Btu\( mol \ 0185 Bu
T My \ mol-°F \321bm |~ Ibm-°F

The heat transferred to the container is then calculated by:

0.185 Btu

Q=0.7659 lbm( o

)(200°F— 100°F) = 14.17 Btu

Finally, the pressure of the gases at 200°F is calculated from the ideal gas law as:

NuR.T:  (0.0333 mol)(660°R) /10.732 psia - ff*
o 2y

\Y% 21 mol - °R
=117.93 psia

The goal of this example is to give the reader a working knowledge of ideal gas
mixtures and the ability to carry out an analysis. Although the field of gas mixtures
can be very complex, this is the extent necessary for this Handbook. The remaining
sections of this chapter apply the ideal gas mixture concepts to humid air.

5.2 PSYCHROMETRICS AND HUMID AIR

Mixtures of air and water vapor represent a special case of ideal gas mixtures. The
term psychrometrics refers to the analysis and study of air/water vapor mixtures.
The remaining sections of this chapter are devoted to this analysis, with the goal that
the reader will obtain a working knowledge of how to determine the dew point of
humid air and how much water would need to be removed (condensed) to lower the
dew point to a certain level.
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5.2.1 HUMIDITY RATIO

The humidity ratio is one of several measures of air humidity. The definition of the
humidity ratio is the mass of the water vapor in a specific volume of humid air
divided by the mass of the dry air in that same volume. In equation form, the humid-
ity ratio is expressed as:

(5.9)

The air and water vapor in a humid air mixture can always be treated as ideal gases
in normal HVAC temperature and pressure ranges. The masses in Eq. (5.9) can then
be expressed in terms of the temperature, the partial pressures of the air and water
vapor, and the molecular weights:

pVM,\( R,T Dy Dy
= () ) = 0.622 £ =0.622 5.10
@ ( R.T )(paVMa Da P =Dy ( )

By knowing the partial pressure of the water vapor and the total pressure of the
humid air, the humidity ratio can be calculated. Specifically of interest is that the
humidity ratio does not vary with the temperature as long as the mass of the vapor
remains constant. However, at this point, information is missing in order to carry out
this calculation.

5.2.2 RELATIVE HUMIDITY

The relative humidity is defined as the mole ratio of the water vapor mole fraction
in the mixture to the saturated mole fraction that would exist at the same tempera-
ture and pressure. In equation form, the relative humidity is expressed as:

NV DPv
=—— = 511
q) Nv,sat p\’.sat ( )

The relative humidity is graphically shown in Fig. 5.2. This figure shows the
relationship between the water vapor temperature, the water vapor partial pres-
sure in the humid air mixture, and the water vapor entropy. The dome-shaped
curve in the figure is called the saturation dome. The pinnacle of the dome is called
the critical temperature. The standard definition of the critical temperature is the
maximum temperature above which no matter how large the pressure, the vapor
cannot be forced to condense. The portion of the curve to the right of the critical
temperature is referred to as the saturated vapor line and the line to the left of the
critical temperature is referred to as the saturated liquid line. Lines of constant
pressure are also shown in the figure and extend up and to the right from the sat-
urated vapor line.

To the right of the saturated vapor line, the water in the humid air mixture is
entirely in vapor form. Starting at point A in the figure, if the temperature is de-
creased at constant pressure until the temperature reaches point B, the water will
just begin to condense at point B. Further decreases in temperature will cause all the
water to condense at the saturated liquid line.

By referring to Eq. (5.11), the saturation pressure in the denominator refers to
the water vapor saturation pressure at the temperature of the humid air mixture. In
the figure, the humid air temperature is at 7. The saturation vapor pressure corre-
sponding to that temperature is p,s,(7T4); therefore, the relative humidity is propor-
tional to the inverse of the horizontal distance between the saturation pressure and
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Critical Point

Saturated Vapor

Saturation Dome

FIGURE 5.2 Graphical representation of relative humidity.

the partial pressure of the water vapor within the mixture (the distance shown as ¢,
in the figure). Now let the mixture temperature be reduced to 7c. The water vapor
partial pressure remains the same, but the saturation pressure decreases with the
temperature. Now the relative humidity of the humid air is represented by the
inverse of the distance between the partial pressure and the new saturation pressure,
which is greater than §,.

Because the distance is inversely proportional to the relative humidity, as the
temperature continues to decrease, the relative humidity continues to increase until
it reaches 100 percent at point B. The lesson here is that the relative humidity varies
as a function of temperature. Remember that the humidity ratio was independent of
the temperature.

5.2.3 DEW POINT TEMPERATURE

By referring again to Fig. 5.2, the temperature at point B is where water just begins
to condense from the humid air mixture. This temperature is called the dew point
temperature. The significance of the dew point temperature is that condensation will
occur on any surface that is equal to or less than the dew point temperature. A good
example of this is a bathroom mirror during or after someone has taken a shower.
The air in the bathroom becomes more humid from the shower. If the air becomes
humid enough, then the mirror and walls in the bathroom can be below the dew
point temperature. Hence, water from the air condenses on the mirror and walls. As
an aside, radiant panels can be used to raise the surface temperature of the mirror
and reduce or eliminate fogging.

The dew point temperature is important for radiant cooling applications. If tem-
perature of the room air is reduced to the point where the relative humidity is near
100 percent, then the possibility exists for condensation on the walls. In addition, the
radiant cooler surface can reach temperatures that are less than the air dew point
temperature. Again, the result is condensation on the radiant cooler.
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5.2.4 THE PSYCHROMETRIC CHART

The psychrometric chart is illustrated in Fig. 5.3. The chart provides a convenient
method to quickly determine the relative humidity, humidity ratio, and dew point
temperature for a humid air mixture.

EXAMPLE 5.2 Humid air at 70°F exhibits a wet-bulb temperature of 60°F. Determine
the relative humidity, humidity ratio, and dew point temperature using the psychro-
metric chart.

Relative humidity = 55 percent
Humidity ratio = 0.00875
Dew point =53.5°F

5.2.5 HEATING AND COOLING HUMID AIR

This portion of the chapter utilizes the concepts of psychrometrics to solve two cool-
ing design problems. Before doing that, the mixture concepts are incorporated into
the energy conservation equation.

As an example, we will consider the cooling of warm humid air by the air-
conditioning system shown in Fig. 5.4. In this figure, warm humid air enters the air
conditioner. Heat is transferred from the air to cool and dehumidify the air. Once
the humid air is cooled below the dew point temperature, water condenses and
drains through the bottom of the air-conditioning unit. The steady-state form of the
energy conservation for this application is:

O+ Sinh=S inh=0 (5.12)
in out

The potential and kinetic energy effects have been neglected as have any power
terms. When water vapor and air need to be considered separately, as they do in this
cooling application, Eq. (5.12) is modified to treat the incoming water and air vapor
as two separate streams by using the summation signs. Simply put, the inlet and out-
let streams are rewritten as:

> mh =mh, +mh, (5.13)

Substituting Eq. (5.13) into Eq. (5.12) results in:
Q = (’;na.outha,oul + mv.outhv,out + r-nl,outhl,oul) - (ma,outha.out + m\aouthwom) (514)
At this point, the definition of the humidity ratio is used to simplify the equation. In

addition, the inlet mass flow rate of air is assumed to be the same as the outlet mass
flow rate. Applying this assumption and definition results in:

2

a

= (ha,out - ha.in) + (Dout(hv,out - hl) + win(hl - hv,in) (515)

At this point, the enthalpies need to be evaluated in any of the ways that are
explained in Chap. 1.

EXAMPLE 5.3 A long channel is constructed to measure the relative humidity of air.
The channel, shown in Fig. 5.5, is long enough so that the exiting air is completely sat-
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FIGURE 5.3 Psychrometric chart.
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Warm Humid Air Q
I but
Condensation

Conditioned Air

>

Condensed Water

FIGURE 5.4 Air-conditioning system.

urated with water vapor, that is, ¢..; = 100 percent, through evaporation. The water
level is maintained by makeup water, which is at the same temperature as the air exit
dry-bulb temperature. The inlet dry-bulb temperature is 70°F, the exit dry-bulb tem-
perature is 60°F, and the atmospheric pressure is 14.7 psia.

Find: Determine the relative humidity of the inlet air stream.

Solution: Identifying the inlet as point 1 and the exit as point 2, the energy con-
servation equation for this process is:
® = (hu,l - hu,Z) - (DZ(hv,Z - hl,Z)
' (hy2—hy;)

By definition, the second parenthetic quantity in the numerator is the liquid and vapor
saturation enthalpies at temperature T, = 60°F. Hence, from the water saturation tables:

h,. = hy, = 1087.7 Bru/Ibm
h1,2 = h/,Z =28.08 Btu/lbm
h,, = hy, = 1092.0 Bru/lbm

Pu2 = Psar2 = 0.2563 psia

Water In
T, =60°F

T,= 60°F (DBT)

T, = 70°F (DBT) E p,=14.7 psia

FIGURE 5.5 Channel used for Example 5.3.
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The partial pressure of the water vapor in the humid air mixture was also extracted

from the water saturation tables. Because the relative humidity is 100 percent, the

vapor partial pressure at the exit equals the saturation pressure at the exit temperature.
The humidity ratio at point 2 is found by using Eq. (5.10):

0.2563
14.7-0.2563

= 0.622 —22 0622 (

P~ P2

) =0.01104 Ibm vapor/[bm air

The only remaining terms are the air enthalpies. These are approximated by using
the temperature difference and the specific heat of air, 0.24 Btu/(Ibm - °F). With all of
this information, the humidity ratio at the inlet is calculated by:

[0.24 Btu/(1bm - °F)|(70°F — 60°F) — 0.01104(1087.7 — 28.08) Btu/lbm
(28.08 — 1092) Btu/Ibm

wW; =

=0.00874 Ibm vapor/Ibm air

To calculate the relative humidity of the incoming air, the partial pressure of the
water vapor in the incoming air stream needs to be calculated:

Puz O;p .
=0.622 —— =———=0.204
@ p—pu PTG v 0622 psia
From the tables:
Psas = 0.3632 psia
and
Pu:  0.204
=—=—"-=(0.561 =56.1
0; Per - 0.3632 0.561 = 56.1 percent

Note: This is obviously not a practical way to measure the relative humidity
of humid air. A more practical approach is to use the dry- and wet-bulb air temper-
atures. It just so happens that the web-bulb temperature is very close to the satura-
tion temperature of the humid air mixture and can be used interchangeably. In this
example, the wet-bulb temperature would have been used in place of the exit tem-
perature, and the dry-bulb temperature would have been used in place of the inlet
temperature.

EXAMPLE 5.4 An air-conditioning system receives humid air at a relative humidity of
80 percent, a temperature of 85°F, and a pressure of 15.5 psia. The humid air passes
over the cooling coils and exits the system at 60°F, 14.5 psia, and 100 percent relative
humidity. The airflow through the system is 500 scfm.

Find: Calculate the total cooling load on the air-conditioning colil.

Solution:  The air-conditioning system is illustrated in Fig. 5.6. The conservation
of energy and mass conservation equations are required to solve this problem. The
mass conservation equation can be written for the water vapor and liquid water as:

rhv,l =m,; +my

The energy conservation equation reduces to:
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Warm Humid Air
m,, Qou
Cooling Coils
Conditioned Air
m
! ! mv,2
Condensed Water

FIGURE 5.6 Air-conditioning system used in Example 5.4.
Q
- Cpu(T> =T;) + 0, (h,, — hy) + @; (h; = h,;)

From the water saturation tables, the saturation pressures and enthalpies of the water
vapor at the inlet and exit are:

Property Inlet 1 Inlet 2
Psu (psia) 0.6988 0.2563
h, (Btu/lbm) 1,100.7 1087.7

hy (Btu/Ibm) — 28.08

The partial pressures and then the humidity ratios are found by:

Pui= (1)] X Psar,1 = 0559ps1a —>W; = 0.622 x (ﬁ

155- 0.559) = 0.024%4

A 0.256
o> = 02 X Prurz = 0.256 psia — 0, = 0.622 x ( i 095 ) =0.01046

The water condensation rate is then calculated from the airflow rate and the humidity

ratios:
3
ity = g (0 — @) = (5 gfi’];‘ )( 0.075 Ibm )(0.02494 - 0.01046)

standard air density

_0.529 Ibm
B min

v, = m;, /0.529 Ibm Jis 7.4805 gal \( 60 min
e\ min )\ 62.41bm fr h

= 3.8 gph of condensate

The air-conditioning heat load is calculated from the energy conservation equation:
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: . [{0.24 Btu 5 o B Btu
Q. = ma[( b GF)((SO F—90°F) +0.01046(1087.7 — 28.08) b

+0.02494(28.08 - 1100.7) i—’;]

_ =50,070 Btu ton
B h 12,000 Btu/h

4.2 tons of cooling

Of special interest in this example are the relative amounts of cooling that are nec-
essary to actually cool the air versus the amount needed to remove the water. Only the
first term in the equation, the portion with the specific heat, is required to cool the air.
The remainder is used to remove the water from the humid air. Hence, the “cooling”
portion of the energy is:

O, = 0.608 Ibm \( 0.24 Btu
cooling — S Ibm - °F

)(60 —90)°F

15,759 Biu
h

or

15,759
50,070

x 100%

which is 31 percent.

The moral of the story is that about 70 percent of cooling energy is used to remove
water from the humid air in this example. This provides an idea of the potential energy
savings by using dessicants to remove moisture from humid air and then by using
radiant cooling panels to create a thermally comfortable environment.
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CHAPTER 6
FLUID MECHANICS

Fluid mechanics is important in the study and understanding of radiant heat trans-
fer for hydronic systems. Fluid mechanics describes the relationship between pres-
sure drops and flow rates through the water conduits of a hydronic system. These
same principles can also be applied to airflow through ventilation ducts. This rela-
tionship is important to determine pipe diameters, the effect of different tubing
materials, and the size of the required pump.

The focus of this chapter is to investigate the background information that is nec-
essary to predict the pressure drop, flow rate, and pumping power required for a
given piping system. To accomplish this task, we will introduce Bernoulli’s equation,
major and minor head loss terms, and the friction factor.

6.1 BERNOULLI'S EQUATION

One of the better known relationships in the field of fluid dynamics is Bernoulli’s
equation. This equation is derived from the conservation of energy equation and
relates fluid velocity and pressure. Bernoulli’s equation is expressed as:

2
% + V? + gz = constant (6.1)

The conditions for using this equation are steady, incompressible flow along a
streamline without the effects of friction. After studying Eq. (6.1), the effects of fric-
tion and pipe losses will be introduced.

The best application of Bernoulli’s equation is to calculate the effect of elevation
change. For example, if water is raised from a low level to a high level in a constant-
diameter pipe, Bernoulli’s equation relates the pressure change to the elevation
change. Applying Bernoulli’s equation between two points in a pipe is:

P ﬁ P2 ﬁ

t—tgn=+

o 2 0 2 + 82 (6.2)

This procedure is illustrated in the following example.
EXAMPLE 6.1 Water flowing at the rate of 20 gpm in a I1-in-diameter pipe is raised

from an elevation of 0 to 30 ft. If the pressure at the lower elevation is 20 psig, calcu-
late the pressure at the higher elevation.

2.135
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Known:
_ 5 84l o 000 k8
Q=20 in P, =20 psi p =999 o
_ v _ g b b
Q=0.045 B P;=9.266- 10 G p—62366f3
=0ft D=1in g=32.174§
D 2
Z,=20ft D =0.083 ft A=n-<7)
Solution:
_Q _Q
V= A V= A
_b (V) _ L 2
C= o > +g-7 C=1.519 10 7
\Ds
P2= C—gZZ—T p

Answer: P,=11.338 psi

EXAMPLE 6.2 Water flowing at the rate of 20 gpm in a I-in pipe at 30 psig enters a

0.50-in section of pipe. If the elevation change is zero, calculate the velocity and pres-
sure in the smaller-diameter pipe.

Known:
gal. _ , _ggo k& _ It
Q=20 in P, =20 psi p =999 = g=32.174 7
- il _ ) Ib
Q=0.045 . P,=9.266- 10 75 p=02.366 — 17
Z,=20ft D,=05in D,=0.042 ft
DI\ D2\
A"”'<2> AZ‘”'<2>

Solution:  Continuity:
0:—|p 'V] A]|+|p 'Vg'Azl

Q Q
V = — V = —
1 A, 2 A,

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



FLUID MECHANICS

FLUID MECHANICS 2.137
P, (V) s
C=TI+TI+g-Zl C=1.519-0*?
V 2
P2=[C—g~ZZ— (22 ]-p

Answers: V,=32.68 g P,=4.599 psi

6.2 PIPE FLOW CALCULATIONS

Pipe flow calculations build on Bernoulli’s equation, but they remove the restriction
of frictionless flow. The introduced term is the head loss that takes into consideration
viscous pipe losses, losses due to valves and bends in the pipe, and other effects.
Bernoulli’s equation is modified as:

% %
(% rogt gzl) - (% top gZz> =, (6.3)

The parameter A, is the head loss term. The o terms are “velocity profile” correc-
tions. These can be assumed to be one with little loss in accuracy. The only other dif-
ference between Egs. (6.3) and (6.4) is that the velocity terms have lines over them.
These lines designate that the velocities are average velocities over the cross section
of the pipe. The average velocity is defined as:

m_

‘_/:
A

1%
= (6.4)

o

6.2.1 Major Head Losses

The total head loss term is separated into two components: (1) the major-friction
loss term and (2) the minor loss term. By definition, the major head loss is the pres-
sure loss through a horizontal constant-area pipe at steady flow. This condition is
illustrated in Fig. 6.1. In equation form, this definition is:

Ap _pi-ps

=h 6.5
0 5 I (6.5)

A, A,
Vi Vs,

FIGURE 6.1 Pressure loss in a horizontal constant
area pipe with steady flow.
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Experimental studies show that the major-frictional head loss in a pipe is a func-
tion of the pipe roughness, the Reynolds number (Re), and the length-to-diameter
ratio of the pipe. In equation form, this relationship is:

12

h=f gvz . f= f(Re, %) (6.6)

The parameter e is the pipe roughness. Figure 6.2 illustrates the roughness of various
pipe materials. For example, drawn tubing is 0.000005 ft and the relative roughness
of 10-in drawn tubing is 0.000006. The parameter fis called the friction factor and is
a function of Re and the relative roughness e/D.

N

2
10 Riveted

Steel

-
o
&

Relative Roughness,e/D
Q

10°

Pipe Diameter, D (inches)

FIGURE 6.2 Relative roughness of various pipe materials.

The friction factor has been the subject of numerous studies. Arguably the best
set of experimental data was collected and analyzed by Moody (1944). Figure 6.3
demonstrates the results of his experiments in the form of a Moody chart. This chart
shows the relationship between Re on the x axis, the friction factor on the y axis, and
the relative roughness shown as lines on the chart.

EXAMPLE 6.3 Determine the friction factor for a 2-gpm flow rate through 0.50-in-
diameter drawn tubing. The water flowing through the pipe is 70°F. If the pipe is hori-
zontal, calculate the pressure drop along a 500-ft section of pipe. Compare this
pressure drop with the pressure drop that would occur in typical hydronic conduit.
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Known:
Q=250 b _20psi p=9978 (968 109
T min 1TAUP p= m’ H= m’
i b b Ib
=44 ~]'3L P,=9.266- 10" —— =62.241 — =6. 10—
Q 56 - 10 S i 66 - 10 G p=6. 17 w=:6.505-10 Tios

D;=05in e=0.000005 g=32.174 % L =500 ft

L _ L 5_05 o (B:Y y _Q
Di—0.00012ﬁ D= B ftt A=m <2> V;—A
Solution:
V,-D;-
Re=—1""1"P  Re_1303.10°
From Moody chart:
L (Vv)?
f=0017 h=f - — ——
0.0 i D, 5
Answers:
h,=1.089~10*];—t; &=33.857ft
Py=h,-p-Q Py=0.017 hp

EXAMPLE 6.4 Calculate the pressure loss in a pipe that has a 20-ft vertical rise over 100
ft. The pipe flow rate is 30 gpm, the diameter is 0.50 in, and the water temperature is 90°F.

Known:
gal kg ft
=30 °>— =995 =& =32.174
Q min P m’ & s?
1t b
=0.067 — =62.116 —
Q s P s
Z;=0ft D;=05in D;=0.042 ft
2
Z,=20ft A,=n~(%)

Solution: Because V; =V, and Z, = 0, Bernoulli’s equation reduces to:

b _P

=—+g-Z
p _p B
P, P,
T2 4.7
p p &7
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Answers:
, b .
AP =3.997-10 W AP = 8.627pSl

6.2.2 Minor Losses

Minor losses, which can sometimes be quite large, are due to anything other than
straight sections of pipe. Examples are valves, entrances and exits, pipe elbows,
expansions and contractions, and fittings. There are two ways to calculate the effect
of minor losses. The first is to introduce a K value and the second is to designate an
equivalent length of pipe, which is then used in Eq. (6.6). Each of these methods is
related to the minor head loss term by:

‘_/2 Leq ‘_/2
h=K=I"p 3

(6.7)
Both methods are frequently used and are discussed in the following paragraphs.
Table 6.1 illustrates three common inlets and exits from a piping system and their
associated loss coefficients. These become important in the case of a surge tank or
pressure volume in a piping system. As shown in the table, the well-rounded
entrance exhibits the lowest loss coefficient, whereas the loss term at an exit is inde-
pendent of the configuration. Figures 6.4 and 6.5 illustrate the effect of pipe elbows
and miter pipe bends. Table 6.2 provides several loss terms for valves and fittings. All
these data are from the “Crane Industrial Products Group Technical Paper No.410.”

6.2.3 Pipe Solution Techniques

There are four separate cases of pipe system problems that may be encountered.
These cases are all functions of the pressure loss equation:

Ap =f(L/D,V,e/D) (6.8)

TABLE 6.1 Inlet and Exit Head Loss Terms

Minor loss
Entrance type coefficient, K*
Reentrant 0.78

Square-edged Eé}i . ; 0.5

g

Rounded b /D 002 006 >0.15
Woocs ¥ K 028 015 004

*Based on /1, = K(V?/2), where V is the mean velocity in the pipe.
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40

W
o
T

n
o
I

Dimensionless equivalent length, Leq/D

—_
o

| |
5 10 15

Relative radius, /D

o

FIGURE 6.4 Head loss due to pipe elbows.

Of the four variable groups in Eq. (6.8), three need to be specified with the fourth
calculated. Each situation requires a slightly different solution procedure. Each case
isillustrated in the following examples. Each example uses water at 90°F and smooth
drawn pipes.

EXAMPLE 6.5 Flow =20 gpm, D = 1.5 in, L = 100 ft. For the case in which the pres-
sure loss is the unknown, one first obtains the friction factor from the Moody chart

[2]
o

N
)

n
o
I

Dimensionless equivalent length, Leq/D

0 \ | | | |
0 15 30 45 60 75 9

Deflection angle, 6 (degrees)

FIGURE 6.5 Head loss due to mitered pipe bends.
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TABLE 6.2 Loss Terms for Valves and Fittings

Equivalent length,*

Fitting type L./D
Valves (fully open)
Gate valve 8
Globe valve 340
Angle valve 150
Ball valve 3
Lift check valve
Globe lift 600
Angle lift 55
Foot valve with strainer
Poppet disk 420
Hinged disk 75
Standard elbow
90° 30
45° 16
Return bend, close pattern 50
Standard tee
Flow through run 20
Flow through branch 60
L.V,

*Based on /= f D 2

using Re and the relative roughness. The head loss is then calculated. The pressure loss
is calculated by using Eq. (6.5).

Known:
208 b o0 0005 K& L _ oy, N
Q_Zomin P, =20psi p=995 o u=(760-10 )~m2vs
fr s b Ib L b
=0.045"— P;=9266-1 =62.116 — =5108 107 ——
Q005s 1 =9.266 0ft~s2 p=6. 6ft3 w=>5.108 0ft~s

D;=15in e=0.000005 g=32.174§ L=100ft

e _ . s _1'_5, _ (&)2 _Q
Di_4 10~ fl‘ Df— 2 ft A=1 5 V]—A
Solution:
V,-D;-
Re=—1""1"P  pe_552.10°
From Moody chart:
f=0.016
_e L V)
h,=f D, 5
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h; =84.383 ];—lj % =2.623 ft
Answers:
AP =1.131 psi

EXAMPLE 6.6 Ap =10 psi, Q =30 gpm, D =1 in, L =? Calculate the total head loss
from main equation. Get f from the Moody chart by using Re and e/D. Calculate L
from head loss.

Known:
gal . kg o N
=30°>— AP=10 =997 = =968 -107°) - — -
Q in psi p il Tl )78
s b b b
=0.067+— AP=4633-10* =062.241 — =6.505- 107 ——
Q s ft-s’ P 1t H ft-s

D;=1in e=0.000005 g=32.174§—§

e 1 1 Df)z Q
b, 01y PrEp R(Z A
Solution:
h =22 b= 74437945 1153 136 1
P 58
V,; - D;-
Re=—~1""P po_0772. 10"
From Moody chart:
(h;-D;-2)
f=0016 L=—"7-5"
0.016 £ (V,)
Answers:
L=51.63ft

EXAMPLE 6.7 Ap=10psi, L=20 ft, D =1 in, Q = ? This situation requires an itera-
tive method, because the calculation of f requires knowledge of the flow rate. Calculate
head loss from the basic equation, guess a high Re number, and then get f from the
Moody chart for the appropriate e/D. Then calculate the velocity and a new head loss
from these estimated values. Correct Re until the two head losses are within 1 percent
of each other. Finally, calculate the flow rate.

Known:

. kg 8 N
AP =10 psi p=997$ u:(gég.]oé).?.s
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b b b
AP=4633- 10" —— =62.241 — =6.505- 107 ——
g P w M fis
D,=1in e = 0.000005 g=32.174%
e _s 5L L -
D,~_6 10 Tt D,= ]th L=20ft
Solution:
n=22 B 53365
p 8
Guess:
Re=5-10°
From Moody chart:
£=0.013
v, = Re-) Vv, =62.706 I
Df’ P N
2
h,;=f- % . % % =190.652 ft 23.136 < 190.652 Guess lower Re.
f
Guess:
Re=15-10°
From Moody chart:
f=0.0165
=Ry et
D;-p s
2
h,=f- L V) by =21.778 ft 23.136 >21.778 Guess higher Re.
Df 2 g
Guess:
Re=1.55-10°
From Moody chart:
f=0.0164
(Re - 1) ft (23136 —23.113)
V,=———+ V,=19439— ——————————>=0.099%
T Dyop ! s 23.136
2
h,=f- L V) b =23.113 ft Close enough!
Dy 2 g
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Answer:

D 2
V,=19.439ﬁ A:n-(—”)
s 2

3

0=V,-A  0=0106L Q=47585 5L

s min
EXAMPLE 6.8 Ap =10 psi, L=20 ft, Q =40 gpm, D = ? Obviously, if the flow rate is
known, along with the maximum allowable pressure loss and pipe length, the designer
wishes to determine the smallest diameter to keep costs low. This situation requires an
iterative solution that starts with a guessed D. From this diameter, e/D can be calcu-
lated, and then velocity can be found from the area and flow. Next, f can be found
from the Moody diagram after calculating Re. With this f, the head loss can be calcu-
lated. Use the main equation to calculate the pressure loss and compare with the max-
imum allowable pressure drop.

Known:
gal . kg N
=40 =>— AP=10 =997 — =(968-10°%) - — -
Q min pst P n?’ m=( ) e’
_ jial _ , Ib _ LA oo
Q=0.089 S AP =4.633 - 10* s p=062.241 7 u=06.505 10—4ﬁ~s
e =0.000005 g=32.174% L=20ft
Solution: Guess:
D,':Z in
D, e 1
D=——— =0. = _6.70°5 =
X o D;=0.083 ft D, 6-10 i
12—
ft
D,2
A:n~<7f) A=5454-10°
1
V;z% V,:16.34f?
.V, D,
Re= PV D) p 303100
n
From Moody chart:
f=0.017
_q L V2 _ bk
h; = D, 2 h; =544.665 7
AP=h;-p AP=3.39.10¢ lb2 AP=7317psi 7.317<10 Pick
fr-s smaller diameter.
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Guess:
D;=0.75in
D[ _ e _ 5 L
D/-=ﬁ Df—0.062fl‘ 3—8-10— ﬁ
12— i
ft
D.\2
A=m- <7f) A=3.068- 107 ff
-V;-D
Re= PV D) p o3
u
From Moody chart:
f=0.016
2
N T 7

: _216. 100 12
D5 u=2I6 1045

AP=h,; p AP=1345-10° b > AP=29.02psi 29.02>10 Pick
fi-s larger diameter.
Guess:
D,=0.94in
D; e 1
=— D;=0.078 ft =6.383- 107 —
! !
i D, Jt
ft
D 2
A=n (Eﬁ) A=4819-107 f#
V[Zg V]:18492£
A s
-VI-D
Re= 2 ) Re=1.386-10°
vl
From Moody chart:
£=0.017

L V2 7
h)=f-— -—— h,;=742.147
! Df 2 ! S2
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, b )
AP=h;-p AP=4.619-10 W AP =9.97 psi
10-9.97
% =0.3% Close enough!

6.2.4 Pump Power Calculations

The head loss equation can be modified to include the power necessary to operate a
pump. This modification is derived from the fundamental energy conservation equa-
tion and is expressed as:

| Radiant Floor loops |

~Q—
To surge tank or

Supply Discharge

Circulating boiler
pump
FIGURE 6.6 Hydronic piping system using a manifold of four
pipes.
Vi V3
<%+(x171+gz1 - %+0L272+gzz =hi+h, +hp (6.9)

The pump head term #p is negative because the power is into the pump. Use of Eq.
(6.9) is demonstrated in the following example.

EXAMPLE 6.9 The level of a surge tank is 20 ft above the suction of a pump. The pump
discharges 20 gpm of water into a single-path pipe system that comprises 200 ft of drawn
tubing. The water is 80°F. The pipe system includes one gate valve, and the pipe is 0.50 in
in diameter. The pipe system discharges into a second surge tank that is 40 ft above the
pump discharge and is sealed at a pressure of 10 psig. Calculate the pump head and
pump power necessary to accomplish this task. Figure 6.6 shows this schematically.

Known:

gal . kg

Q=20—-"— D=05in p=999 —

min m’
Q=0.045 ﬁ D =0.042 ft p =62.366 L)
s s

2
z=wp A=n (2 g=nml
22:40ft V[ZO% V2=0g
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Solution:

P; =pgZ, = 8.662 psig

P,=10psi+p-g-Z,=27.324 psig

Power =AP - Q=0.218 hp
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Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 1

WHAT IS THERMAL
COMFORT?

American Society of Heating Refrigerating and Air-Conditioning Engineers
(ASHRAE) Standard 55 (1992) defines thermal comfort as “the condition of mind
that expresses satisfaction with the thermal environment.” This definition loosely
translates to the question of whether the occupant feels too hot, too cold, or just
right. The next step is to determine if the room is thermally comfortable. The sim-
plest way is to ask all the occupants if they are satisfied with their thermal environ-
ment. However, this method may result in numerous thermostat adjustments and, as
a worst case, reinstallation of the entire heating or cooling system. The ultimate goal
is to predict the thermal comfort in a room without resorting to a polling system.

The six primary variables used to predict thermal comfort are activity level, cloth-
ing insulation value, air velocity, humidity, air temperature, and mean radiant tem-
perature (Fanger, 1967). For most design situations, the room usage dictates the
activity level and clothing insulation value. For example, an office situation implies
sedentary activity with business attire. In contrast, an exercise room implies a high
activity level with shorts and a T-shirt. In addition, the humidity depends on the heat-
ing or cooling system, generically referred to as a thermal distribution system, for the
entire building, which may not be controlled at the room level. Usually, the air veloc-
ity is maintained at a level that avoids a draft yet provides the necessary fresh air for
the occupants.

In an individual room, the dry-bulb air and mean radiant temperatures are two
variables that the design engineer may control on an individual room level. The dry-
bulb air temperature measures the temperature of the air in the room. The mean
radiant temperature is a measure of the radiant energy exchange. In most design sit-
uations, only the air temperature is used, whereas the MRT is ignored. This chapter
focuses on defining thermal comfort and establishing its general relationship
between air and mean radiant temperatures.

1.1 OCCUPANT PERCEPTION

An occupant’s thermal comfort depends on the continuous generation and
exchange of heat with the surrounding environment. First, the body internally gen-
erates heat due to physical activity. The amount of metabolic heat generation
depends on the activity level and size of the person. For example, an average-sized

3.3
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male seated quietly produces 108 W (368 Btu/h) of body heat. Compared with walk-
ing on level ground at 1.34 m/s (3.0 mph), the same man generates 270 W (920 Btu/h)
(ASHRAE, 1997). Figure 1.1 shows metabolic heat generation rates for sample
activities. ASHRAE 1997 Fundamentals Handbook gives additional activities and
explains how to adjust these levels for a specific body height and mass. However,
these charts and calculations do not account for the individual person’s characteris-
tics and surrounding conditions, which also affect the amount of heat generation for
a given activity. Another part of metabolic heat generation is the effect of shivering.
Shivering is the body’s method of raising the activity level to increase the internal
heat generation, thereby reducing the body’s heat deficit. The amount of heat gen-
erated by shivering depends on how cold the body perceives itself to be.

There are several ways the body loses or gains heat. The first three to be dis-
cussed are perspiration, evaporation, and respiration. Sweating causes perspiration
or, for calculation purposes water, to build up on the skin surface. The evaporation
of this water results in a body energy loss. Even when the body is not sweating to reg-
ulate its temperature, water is diffusing through the skin surface into the environ-
ment, resulting in body energy loss. In addition, the body also loses water and energy
through respiration.

The other two methods of interacting with the environment are convection and
radiation. The convective exchange can be driven by either the natural air move-
ment or by an external source (e.g., the wind or a fan). The convective heat
exchange rate depends on the activity, wind speed, and temperature difference
between the skin and surrounding air. Since air does not affect radiative heat trans-
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FIGURE 1.1 Sample metabolic heat generation rates for various activities.
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fer, the radiation exchange rate depends primarily on the position of the occupant
and the temperature difference between the occupant and surrounding objects
along with the emissivity and area of both participating surfaces. As with all heat
transfer, both convection and radiation have a net heat transfer from warm to
cold, which depends on the geometric relationship between the occupant and sur-
roundings. For example, if the air temperature is below the skin temperature, the
occupant will lose energy to the air by convection. Likewise, if the surrounding
enclosure’s temperature is above the skin temperature, the occupant will gain
energy from the surroundings by radiation. Any combination of these two can
occur (e.g., losing energy by convection while gaining energy by radiation or gain-
ing from both radiation and convection).

Each of these energy losses and gains relates to one or more of the variables of
thermal comfort. Table 1.1 lists the energy gain or loss mechanism in the left column
with the typically related variable(s) of thermal comfort in the right column. This
table provides the first glimpse at the complicated nature of determining an occu-
pant’s thermal comfort.

Energy exchange has two different states: steady state (when the energy net gain
is constant) and transient (when the energy net gain is changing). Figure 1.2 visually
displays the difference between steady state and transient energy exchange. Both
graphs show time increasing on the horizontal axis from left to right and the system
energy increasing on the vertical axis from bottom to top. The graph on the left in the
figure shows a horizontal line signifying constant system energy or steady state for
each time segment. The graph on the right in the figure representing the transient
state shows a line slanting upward, signifying an increase in the amount of system
energy as time marches forward.

TABLE 1.1 Relationship of Occupant Energy Exchanges with
Variables of Thermal Comfort

Process Related thermal comfort variable

Metabolic heat generation activity level

Evaporation through sweating air temperature
humidity
air velocity
activity level
clothing insulation

Diffusion through skin air temperature
humidity
air velocity
clothing insulation

Respiratory heat loss air temperature
humidity
activity level
Convection air temperature
air velocity
activity level
clothing insulation

Radiation mean radiant temperature
clothing insulation
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FIGURE 1.2
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Difference between steady state and transient energy exchange.

Thermal comfort requires a balance between the amount of energy gained and
lost by a person. The person is at steady state because the energy of the person is not

A 4

FIGURE 1.3
internal energy.

Energy Gain

+670 kJ
(+635 Btu)

+335 kJ
(+318 Btu)

Neutral

—104 kJ
(=100 Btu)

Danger of Frozen
Appendages

-630 kJ
(600 Btu)

Energy Loss

Approximate levels of body

changing. This does not mean the rate of
a person’s energy gain is not changing.
Instead, it means that if the amount of
energy gained is increasing, the amount
of energy lost by the person is increasing
equally. Although normally considered
in a negative context, a transient situa-
tion could be desirable for a brief period
of time. For instance, standing in front of
a warm fireplace is often welcome after
a person is exposed for a long period of
time to cold winter temperatures. At
some point, the additional energy pro-
vided by the fire will become unwanted,
and the person will move.

A person can also be thermally
uncomfortable at steady state. If the per-
son has gained too much energy at an
earlier time and was unable to lose the
heat, thermal comfort has not been
achieved although at steady state.

Using the steady-state balance of
energy gains and losses, physically dan-
gerous conditions can be predicted.
Chapter 2 discusses the methods used
to calculate an occupant’s energy gain
or loss in detail. Figure 1.3 shows ap-
proximate body response based on body
energy gain. Body energy increases
toward the top of the line and decreases
toward the bottom of the line. A neutral
or thermally comfortable sensation is
shown in the center with the smiling
occupant. The values given are averages
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and subject to a wide variation based on individual differences. This information is
given for the readers’ personal edification because most HVAC systems do not go to
these extremes.

For hot and humid environments, a body energy gain of 335 kJ (318 Btu) or a
raise in body temperature of 1.4°C (2.5°F) is the average voluntary limit for an aver-
age-sized man. At this point, the average-sized man, represented by the frowning
face near the top, will move unless a life-or-death reason forces for him to stay. An
energy gain of 670 kJ (635 Btu) or an increase in body temperature of 2.8°C (5°F)
causes collapse displayed by the Stop sign. To the other extreme, for cold environ-

ments, a body energy loss of 104 kJ (100
Energy Occupant Energy Btu) causes mild discomfort, repre-
Gain Response Loss sented by the frowning face near the
bottom. A body energy loss of 630 kJ
(600 Btu) or a body temperature drop
of 2.6°C (4.7°F) causes extreme dis-
comfort shown by the exclamation sign
(ASHRAE, 1997). Body appendages
may freeze while progressing from mild
discomfort to extreme discomfort. In the
progression from neutral to extreme dis-
comfort, the person’s body will begin to
shiver and may also fidget. These are
reactions of the body to generate more
Neutral energy and lower the deficit.
The thermal condition perceived by
the occupant depends on the balance

L between the energy gains and losses. The

N\ smiling occupant in the center of Fig. 1.4
is thermally neutral. The energy gained

Cold equals the energy lost, resulting in a neu-

FIGURE 1.4 Occupant responses to energy tral sensation. The frowning occupant at

gain and loss imbalance given initially neutral the top of Fig. 1.4 has a energy gain
condition. greater than the energy loss. The occu-

pant feels hot and thermally uncomfort-
able. The reverse case is shown at the bottom of the figure. This occupant has a heat
loss larger than the energy gain and feels cold.

Historically, heating and air—conditioning design philosophies have focused on
obtaining a specific indoor air temperature for a given outdoor design air tempera-
ture. This technique is referred to as an “envelope” calculation. If the design air
temperature was achieved in a room, then the occupants were considered thermally
comfortable. This approach does not differentiate convective energy from radiant
energy exchange. Therefore, the design air temperature may not accurately repre-
sent the occupant’s thermal comfort.

One of the most common examples of the air temperature misrepresenting the
occupant’s thermal comfort is standing outside on a cool, calm day. As shown in Fig.
1.5, the air is a chilly 10°C (50°F). Without any unusual weather patterns, the outdoor
surroundings are approximately equal to the air temperature. The occupant loses
energy by (1) convection to the cooler air shown by the thin wavy lines around the
“air cloud” and (2) radiation to the cooler surrounding surfaces shown by the thin
horizontal lines from the occupant’s right to the tree.

With the sun shining, the occupant receives additional energy from the sun via
radiant energy shown by the thick straight lines directed to the occupant’s left. The
occupant feels thermally comfortable due to the energy balance between energy lost
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Occupant Surroundings

FIGURE 1.5 Simplified energy exchange diagram for a sunny day.

to the air and surroundings and the slowing of energy loss by the sun plus internal
heat generation. The mean radiant temperature would be above the air temperature
of 10°C (50°F).

When a cloud covers the sunshine and blocks some of the radiant energy from
the sun as shown in Fig. 1.6, the occupant’s energy gain decreases. The occupant is
still losing energy to the air and surroundings. In this situation, the amount of energy
lost to the air and surroundings is greater than the energy gained from the sun. Due
to the energy imbalance, the occupant begins feeling chilled. Although the mean
radiant temperature may be above the air temperature, the occupant is still ther-
mally uncomfortable, due to a net energy loss.

Occupant Surroundings

FIGURE 1.6 Simplified energy exchange diagram for a cloudy day.

Another example of air temperature not accurately representing thermal comfort
is a nonuniform radiation field in a room heated by a convective or forced-air heat-
ing system with a large window. The top view of such room is shown in Fig. 1.7. The
outside air temperature is —18°C (0°F), and the inside air is maintained uniformly at
20°C (68°F). If the window R value is 2, then the inside window surface temperature
will be 8.8°C (48°F). The radiative heat transfer experienced by the person seated on
the couch in front of the window is due to two components: (1) the radiative flux
emitted by the person shown by an arrow leaving the couch area and (2) the radiative
flux incident on the person shown by the arrow pointing toward the couch area.
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Transmitted and
Conducted by Window

Window
% Reflected and
Emitted by
Window Emitted
from
Occupant

FIGURE 1.7 Nonuniform radiant field in a room.

The incident flux on the person comes from the radiation that is emitted
and reflected by the relatively cool window surface. For a previously neutral
occupant, moving to the window area would create a sense of thermal discom-
fort due to a net radiative transmission through the window and a net radiative
heat loss to the cool window surface.

The radiative transmission loss depends on the window transmissivity. Gen-
erally, window glass is transparent below wavelengths of A =2 um and opaque
above A =4 um. For normal indoor wall temperatures of 24°C (75°F), about 2
percent of the radiation is transmitted through the window (Siegel and Howell,
1981). The remaining 98 percent is either absorbed by the window or reflected
into the room. This is not to be confused with radiation from the sun, which
radiates at 5507°C (9944°F). At this temperature, almost 95 percent of the radi-
ant energy will pass through the window (Siegel and Howell, 1981). This is the
fundamental concept behind the greenhouse effect.

The second loss for the occupant, a radiative heat loss to the window sur-
face, is due to radiation absorption by the relatively cool window surface. The
absorbed portion is either conducted to the outdoors through the window or
re-emitted into the room at the window surface temperature. Since the radiant
emission directed from the cooler window toward the occupant is less than the
emission from the occupant toward the window, the previously neutral occu-
pant experiences a net radiative heat loss. The heat loss leads to an uncomfort-
able cool feeling. Despite the surrounding air temperature of 20°C (68°F), the
net radiative losses result in a local mean radiant temperature, which repre-
sents the radiant energy exchange, below the air temperature of 20°C (68°F).
The mean radiant temperature is defined and discussed in detail in Chapter 3.
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In this example, the occupant could be made thermally comfortable by offsetting
the net radiant energy loss to the environment with a corresponding energy gain.
The gain could come from an additional forced-air heater (i.e., wall furnace or cord-
connect portable) or a radiant heater.

These examples show air temperature alone is not an accurate thermal comfort
indicator. Instead, Fanger (1967) suggests using the operative temperature to mea-
sure local thermal comfort. The operative temperature is defined as “the temperature
of a uniform isothermal black enclosure in which the occupant exchanges the same
amount of heat by radiation and convection as in the actual nonuniform environ-
ment” (Fanger, 1967). It is approximately the average of the air and mean radiant
temperature for typical indoor applications and is indicative of the temperature the
occupant feels. Figure 1.8 gives a pictorial representation of the air, operative, and
mean radiant temperatures. The air temperature is the temperature of the sur-
rounding air represented by the cloud. The mean radiant temperature, represented
in this figure by the sun, indicates the temperature of the surrounding surfaces. How-
ever, the radiation field includes all objects in the surroundings (e.g., walls, windows,
furniture, and buildings). Combining the impact of dry-bulb air and mean radiant
temperature provides the operative temperature that the occupant perceives. The
temperatures are represented in the picture as tagged to one point. In reality, they
are distributed around the environment and come simultaneously from many dif-
ferent directions.

Mean Radiant \\ | //
Temperature _____ O -
pd AN
/

|\

Operative
Temperature

Air

Temperature

FIGURE 1.8 Pictorial representation of air, mean radiant, and opera-
tive temperatures.

Lastly, note that in positioning a forced-air or radiant heater, radiant asymme-
try needs to be considered. Radiant asymmetry can cause thermal discomfort
regardless of the mean radiant and air temperatures. For example, consider a per-
son standing outside on a cold winter day. Then give the person a campfire for
warmth as shown in Fig. 1.9. The person would tend naturally to creep closer to the
fire to offset the cold from the air. The warmth of the fire would warm the left half
of the person. However, the right side would continue to feel cold. The person
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might creep toward the fire again to try to offset the feeling. To confuse mat-
ters, the net energy gain from the fire could exactly equal the heat loss to the cold
air. However, the person is thermally uncomfortable due to radiant asymmetry.

Cold Air

FIGURE 1.9 Role of radiant asymmetry in ther-
mal comfort.

1.2 EFFECTS OF THERMAL DISTRIBUTION
SYSTEMS

Gan and Croome (1994) reported that almost 40 percent of the world’s nonrenew-
able energy is used to achieve thermal comfort in buildings. Thermal distribution
systems can use one or both of two different modes of heat transfer, convection and
radiation, to deliver thermal comfort to an occupant.

1.2.1 Heating

Figure 1.10 illustrates the difference in heating modes. The forced-air system on the
left uses primarily convection to deliver the heat energy to the room as illustrated by
the thick arrow labeled Q.. at the upper right of the occupant. Energy is trans-
ferred by warm air circulating around the room warming surfaces. A forced-air sys-
tem heats the room air first. Then the air circulates to the occupant and other
surfaces. The room air will be warmer than the room wall and object surfaces, since

Forced-Air Heating Radiative Heating
System System
e
Ta Ta Qpa nel
Tbody aconv Tbody Ocorw
T— T—
Qrad v orad

FIGURE 1.10 Heating system differences.
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moving air is the primary mode of energy transfer. The simplified net energy balance
corresponding with both sides of Fig. 1.10 is:

Qnet = Qrad + Qconv (11)

An example of a forced-air heating system is an office with ceiling vents gently
blowing warm air into the room. Although the air feels warm and the occupant is
comfortable, some surfaces in the room may feel cooler to the touch.

The reader should note the human body is constantly generating heat (i.e., it
never needs to be warmed to maintain comfort at steady state). The sensation of
feeling cool indicates too much energy loss by the body. A forced-air heating system
reduces the body energy lost through convection by elevating the air temperature
and reducing the temperature difference. Equation (1.2) shows the basic equation to
calculate convection heat transfer Q from the body at temperature 7Ty,oqy to the air at
temperature Ty, (Incropera and DeWitt, 1990):

Qconv = hcA(Tbody - Tair) (12)

For the same convective coefficient 4, and area A, as the difference between the
body and air temperature decreases so does the amount of convective heat
transfer.

The radiant system on the right-hand side transfers heat by electromagnetic
waves, which is absorbed by the room surfaces, not the air. The room surfaces receive
the energy first and then transfer energy to the surrounding air, reducing the amount
of energy lost by the occupant. The net amount of energy transferred from the occu-
pant for the radiant heating system is:

Qnel = Qrad + Qconv + Qpanel (13)

The only difference between Egs. (1.3) and (1.1) is the Q,ane term. For the two
heating systems O, could be equal for both types of systems, and the individual
terms would be adjusted. An example of radiant heating is standing in front of a fire-
place. Although the air is slightly cool, the occupant feels warm and comfortable on
at least one side of the body due to the radiant energy provided by the fire. It should
be noted, if the radiant asymmetry created by the warm fire on one side and cold air
on the other is too great, the occupant will not be thermally comfortable regardless
of how the temperatures are adjusted.

When considering an occupant’s thermal comfort, it is important to consider how
the thermal distribution system interacts with the room. Radiant and forced-air sys-
tems have different relationships with the air temperature and the occupant’s ther-
mal comfort. Consider two identical rooms, one heated by a force-air system and the
other by a radiant system. Both heating systems deliver the same amount of thermal
comfort and have approximately the same operative temperature.

The forced-air heating system provides a warm air temperature to the room,
which then heats the surfaces raising their temperature. The room air temperature
will be warmer than the wall surface temperatures. The surface temperatures in the
room affect radiant heat transfer in the room, indicated by the mean radiant tem-
perature. Therefore, for a forced-air heating system on the left of Fig. 1.11, the air
temperature represented by the cloud will be greater than the mean radiant tem-
perature represented by the sun. By definition, the operative temperature, shown as
the smiling occupant, is always between the air and mean radiant temperature
regardless of the system.

The radiant heating system directly delivers energy from a surface to the occu-
pant and other room objects to the walls, which then warm the air by natural con-
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FIGURE 1.11 Relative temperature relationships for two different heating systems.

vection. The radiantly heated room will have some surface temperatures greater
than the air temperature, translating into a mean radiant temperature above the air
temperature shown in Fig. 1.11 on the right side of the thermometer. Although the
forced-air and radiant heating systems have different air and mean radiant temper-
atures, the operative temperature may be approximately the same. The key to pro-
viding equivalent thermal comfort with both heating systems is considering the
modes of heat transfer.

1.2.2 Cooling

Cooling is commonly thought as the opposite of heating. Instead of adding energy to
the room, the cooling system removes energy from the room, either by convection or
radiation. As with heating, the method of removing the energy affects the occupant’s
thermal comfort. Figure 1.12 shows the difference in cooling systems and follows the
form used to compare the heating systems. A forced-air cooling system provides cool
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FIGURE 1.12 Relative temperature relationships for two different cooling systems.

air into the room. The cool air circulates around the occupant and wall surfaces and
carries heat away. An example of a forced-air cooling system would be a window air
conditioner gently blowing cool air into a room.

A radiant cooling system provides a cool surface with which the warmer occupant
exchanges radiant energy at a net energy loss. This is the same principle discussed in
the example with an occupant in front of a cold window. The occupant will experience
anet radiant heat loss to the cooler surface. In the case with the warm room and cool
window, this is undesirable because the occupant wanted to gain energy to feel warm.
However, for the purposes of radiant cooling, energy loss to the cold surface is desir-
able. A simplified schematic of a radiant cooling surface is shown in Fig. 1.13.The cool
radiant surface could be provided by a surface with cooling coils. Cold water or some
other fluid from a supply source maintains a cool temperature to absorb heat and
carry the heat back to a reservoir to be cooled again or discarded.

As with heating, determining an occupant’s thermal comfort relies on knowing
what type of system is used. Referring to Fig. 1.12, which shows the relative temper-
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ature relationships for a forced-air and radiant cooling system, the forced-air cooling
system shown on the left side of the thermometer provides cool air to remove
energy from the surfaces. The air temperature will be below the mean radiant tem-
perature. The radiant cooling system shown on the right side of the thermometer
absorbs radiant energy from the room surfaces, lowering the mean radiant tempera-
ture. For a radiant cooling system, the mean radiant temperature will be below the
air temperature. Again, both systems provide the same operative temperature and
level of thermal comfort. However, the heat transfer in each room has distinctly dif-
ferent characteristics. One of the main differences between a forced-air and radiant
cooling system is the constraint of the dew point temperature. The radiant system
has to be controlled so that the panel surface temperature remains above the dew
point temperature.

ﬁ
Radiant Energy
from Room
Objects \/‘
Cool water Warm water

from source VY from surface

FIGURE 1.13 Simplified radiant cooling surface schematic.

1.2.3 Other Considerations

Besides the mean radiant and air temperatures, there are four other factors of ther-
mal comfort: activity level, clothing insulation value, air velocity, and humidity. A
forced-air system almost intrinsically handles air humidity. With a radiant system,
the air humidity must be regulated by a component not clearly defined as part of the
heating system. The regulation of air humidity becomes very important for radiant
cooling systems. Since the surface of a radiant cooler is colder than the air and other
surfaces, it is susceptible to condensation, which creates biological growth (e.g.,
mildew and mold) and at the extreme “rain” in the room.

Another consideration is providing fresh air to the occupants. Again, the forced-
air system naturally incorporates this into its system. The radiant heater has no need
to move air, and again, an additional mechanism must be added to provide the occu-
pants with the required fresh air.
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CHAPTER 2
THERMAL COMFORT MODELS

Many studies and models have been made in an effort to determine the complex
nature of thermal comfort. This chapter briefly explains several studies and models.
These descriptions are brief explanations for the in-depth material. The ASHRAE
handbooks and referenced studies provide additional detailed information on all
the material discussed in this chapter.

2.1 ROHLES-NEVIN STUDIES

In 1971, Rohles and Nevins exposed 1600 students to 160 temperature-humidity
conditions in an environmental test chamber at Kansas State University. For each
temperature-humidity condition, five males and five females involved in sedentary
activity were tested for 3 h. The subjects wore identical clothing with insulation val-
ues of 0.9m*K/W (0.6 clo). After being in the chamber for 1 h, subjects recorded their
thermal sensation on a comfort ballot, and sensations were recorded at half-hour
intervals for the remainder of the testing period. The comfort ballot contained a
numerical scale consisting of integers ranging from 1 (cold) to 7 (hot). The Rohles-
Nevins study is the largest study analyzing thermal comfort and serves as a model
for many comfort research projects.

2.2 THE FANGER MODEL

Fanger (1967) developed a thermal comfort equation that consists of the following six
variables: air temperature, humidity, mean radiant temperature, relative air velocity,
activity level, and insulation value of the clothing.

Fanger’s model is based on the linear relationships of mean skin temperature and
evaporative heat loss required for comfort at different activity levels.

2.2.1 Thermal Comfort Equation

Fanger assumes long exposures to a constant thermal environment with constant
metabolic rate (i.e., steady state) results in a heat balance between heat production
and heat dissipation by the human body. Fanger’s comfort equation (1970) is a result

3.17
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of this heat balance illustrated by Fig. 2.1 and the general expression with all quanti-
ties in watts:

H-(E4+Ey)-(E.+L)=K=R+C (2.1)

The double equality of Eq. (2.1) represents a steady-state balance between the

C+R

E, +

FIGURE 2.1 Fanger one-node model (1970).

net gain of energy of the body, the amount of energy conducted from the body to the
clothing, and the energy dissipated to the surrounding environment. The terms on
the far left side of Eq. (2.1) represent internal heat production (H), the heat lost due
to evaporation from the skin (Ey + E,,) by diffusion and sweat evaporation, respec-
tively, and the heat lost by latent and dry respiration (E,. + L). The middle term (K)
is the heat conducted through the clothing. The far right side (R + C) represents the
radiation and convection heat transferred from the outer surface of the clothing and
unclothed parts of the body to the surrounding environment.

Fanger’s model treats the heat balance of the body as steady state. The thermal
load is defined as the metabolic heat generation less the amount of heat that would
be dissipated in the actual environment if the body were at comfort conditions. It is
a measure of the thermal regulatory effort required of the body to maintain thermal
comfort. Figure 2.2 indicates the conditions of imbalance between actual and ideal.
The face represents the entire person, and the shaded area surrounding the face rep-
resents the person’s clothing. The equalities of Eq. (2.1) must be satisfied for the con-
dition of thermal comfort to occur as shown by the center face labeled Neutral. If the
ideal heat loss on the far left is less than the heat dissipation indicated by the other
two equalities as on the far left, the person feels cold as indicated by the thermally
uncomfortable person. Conversely, if the ideal heat loss is greater than the heat dis-
sipation, the person feels hot as shown by the person on the far right.
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FIGURE 2.2 Illustration of Fanger’s one-node equality equation.

Fanger (1970) and ASHRAE (1997) thoroughly developed the calculation of
each term in Eq. 2.1. The scope of this Handbook focuses on practical applications.
With the advancement of computers, the calculations have been automated, and it
is no longer practical and efficient to perform them by hand. This information is
presented to illustrate the complex and intertwined relationship of all the vari-
ables of thermal comfort and to give a greater appreciation for the computer mod-
els available today.

First, the internal heat production is a function of metabolic rate (M) and exter-
nal mechanical work (W). Metabolic rates per unit body surface area for sample
activities are given in the second column of Table 2.1. More complete tables are
available from Fanger (1970) and ASHRAE (1997). ASHRAE (1997) provides a
relationship between body surface area and body mass and height to surface area as
measured by Dubois.

TABLE 2.1 Sample Metabolic Rates (Fanger, 1970)

Metabolic rate

Activity (W/m?)
Seated quietly 58
Miscellaneous office work 58-70
Walking at 3.2 km/h on the level 116
Walking at 4.8 km/h on the level 151
Playing tennis 268
Playing basketball 442

Walking even at a slow rate generates approximately twice the energy as sitting.
Most activities convert all of the metabolic energy to internal heat production. There
the internal heat production, represented by the first term in Eq. (2.1), can be
assumed to be metabolic rate.

The heat loss by diffusion (E, in watts) through the skin is a function of the activ-
ity level and the vapor pressure of the ambient air. Fanger performed a linear curve
fit between the temperature of the water vapor in the skin and the saturation pres-
sure for skin temperatures between 27°C (81°F) and 37°C (99°F) to linearize the
equation (Fanger, 1970). Therefore, that equation is only valid for that range.
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The heat loss due to evaporation of sweat (Ej, in watts) is estimated from a
regression analysis from experimental data for people experiencing thermal comfort
and uses the internal energy gain (Fanger, 1970).

To analyze the respiration heat loss, the exhaled air is divided into two parts: water
and dry air. The latent respiration heat loss is due to the water vapor in the exhaled
air. By relating breathing rate to activity level and approximating water vapor energy,
Fanger (1970) developed a simplified expression for latent respiration heat loss.

The other heat loss from exhaled air is due to the temperature difference
between the ambient air and the respired air. Again, the expression relates breath-
ing rate to activity level. In addition, the exhaled air is assumed to be at a constant
temperature of 34°C (93.2°F). This equation depends on the heat conducted through
the clothing, which is a function of the thermal resistance of clothing. ASHRAE
(1997) quantitates resistances for various types of clothing, which have been deter-
mined experimentally. Sample values are given in the second column of Table 2.2.

TABLE 2.2 Sample Clothing Insulation Values and
Radiation Correction Factors (ASHRAE, 1997)

20
Clothing Lo (m—WC) i
Nude 0 1.0
Typical business suit 0.2 1.32
Shorts and short-sleeve shirt 0.6 1.10
Knee-length skirt and short-sleeve shirt 0.1 1.26
Light trousers and short-sleeve shirt 0.9 1.15

Higher values of I, indicate more insulative clothing, such as a parka. Lower val-
ues of I, allow more heat to pass through and are generally cooler. Fanger (1970)
and ASHRAE (1997) give a more extensive range of clothing.

Radiation is incorporated into Fanger’s model by using the Stefan-Boltzmann
law and relates the outer surface clothing temperature to the mean radiant temper-
ature. It depends on the emissivity of the clothing. A value of 0.97 is suggested for
most clothing (Fanger, 1970).

The human body partially radiates to itself and, therefore, the surface area used
to compute radiation from the human body is not the actual body surface area but a
reduced effective radiation area. The effective radiation area is the DuBois area cor-
rected for the parts of the body radiating back to the body and the clothing. The vari-
able f;; given in the third column of Table 2.2 is the ratio of the outer surface area of
the clothed body to the outer surface area of the nude body and adjusts the surface
area for clothing.

The last expression needed to evaluate the thermal comfort equation is the con-
vective heat transfer in watts from the clothed body, which is expressed in the standard
form for convection. The convective coefficient depends on the air velocity and activ-
ity of the person. These relationships are given in Fanger (1970) and ASHRAE (1997).

2.2.2 Predicted Mean Vote

Fanger (1970) utilized the data from the Rohles-Nevins study together with his ther-
mal comfort equation to develop an expression that predicts thermal sensation. This
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expression is known as the predicted mean vote (PMV).The PMV is the mean ther-
mal sensation of a large group of people on a scale of seven points: -3 cold, -2 cool,
—1 slightly cool, 0 neutral, 1 slightly warm, 2 warm, and 3 hot.

Fanger developed PMV tables for various activity levels. Fanger’s comfort model
also predicts the percentage of persons dissatisfied (PPD) with a particular environ-
ment. Predicted mean vote and PPD are used today to analyze thermal sensations
and are used primarily in ISO Standard 7730 (1994).

2.3 GAGGE MODEL

Gagge developed a thermal comfort model in an attempt to improve the effective
temperature equation formulated by Houghten and Yaglou (1923). Their effective
temperature model combined air temperature and relative humidity into a single
index. However, the model overestimates the effects of humidity at cold temperatures
and underestimates the effects of humidity at warm temperatures (Yaglou, 1947).
Gagge et al. (1971) developed a physiological model based on body heat gen-
eration and regulatory sweating, suitable for low and medium activity levels. For
the purposes of evaluating thermal comfort, the model considers a human to con-
sist of two thermal compartments: the skin and the core. This model is shown in
Fig. 2.3. All metabolic heat (M) produced by the person is generated in the core.
Shivering, muscle tension, and activity create metabolic heat. Energy is lost from
the core by the muscles doing work on the environment and by respiratory heat
losses. Heat is transported from the core to the skin by conduction and peripheral
blood flow, labeled as Heat Transported from Core to Skin in Figure 2.3. The
peripheral blood flow occurs as warm blood is pumped from the core to the skin in

Regulatory
Sweating

Radiation
Diffusion

Convection

Metabolic Heat to Skin

Mechanical Production Heat Flow
<« Work Through
Clothing

Respiration Respiration
Convective Heat Loss Evaporative Heat Loss

FIGURE 2.3 Gagge two-node model (1971).
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an attempt to cool the person and then returns to the core at a cooler temperature.
Energy is conducted from the skin to the outer surface of clothing and dissipated
from the clothing surface by convection, radiation, regulatory sweating, and diffu-
sion of water vapor.

The sources of heat transfer in the Gagge model are combined into heat balances
on the core and skin. These heat balances take the form:

(Rate of increase in internal energy of the core) = (activity) + (shivering) — (work)
— (respiration) — (conduction) — (convection by blood) (2.2)

(Rate of increase in internal energy of the skin) = (heat from core) — (radiation)
— (convection) — (diffusion) — (evaporation) — (heat lost from clothing) (2.3)

The heat from conduction and convection by blood in Eq. (2.2) is equal to the
heat from the core in Eq. (2.3). ASHRAE (1997) gives detailed equations for each
term in Egs. (2.2) and (2.3) as mathematical relationships. Each term depends
on additional parameters calculated or found on a table. Again, the process for
calculating thermal comfort becomes a time-consuming process even for the sim-
plest cases. By numerical integration, these equations provide core and skin tem-
peratures.

Skin wettedness can also be determined in the model. It is defined as the ratio
of actual evaporative loss to the maximum possible evaporative loss at the same
conditions with completely wet skin. Since it is a ratio, it is dimensionless. Skin
wettedness is more closely related to the sense of discomfort than an occupant’s
thermal sensation (ASHRAE, 1997). Detailed equations and an example are not
provided here because the calculations and equations are extremely involved, but
Chapter 8 of the ASHRAE Fundamentals Handbook (1997) provides equations
and charts.

The Gagge model predicts thermal sensation (TSENS) by first standardizing the
actual environment. The standard environment produces the same physiological
effects as the actual environment and is typical of a common indoor environment.
The following characteristics are chosen for the standard environment:

. Sea level

. Uniform temperature

Ambient air movement of 0.1 to 0.18 m/s
. 50 percent relative humidity

(S SR SR

. Clothing insulation of 0.6 clo

The thermal sensation is based on an 11-point scale. Positive values are the warm
side of neutral; negative values are the cool side. TSENS is a measure of thermal sen-
sation and calculated from cold and hot set points. The ASHRAE Fundamentals
Handbook (1997) provides the necessary equations to calculate these limits and
TSENS for an occupant’s activity level.

Gagge’s two-node model is based on steady-state experimental measurements
on people. However, reaching steady state takes at least an hour when the person is
exposed to a constant room condition. There are many instances in which the tran-
sient heat transferred from the body must be considered. Therefore, Jones and
Ogawa (1992) modified the Gagge two-node model to include a transient clothing
model capable of simulating a clothed person in transient situations.
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2.4 IMPROVEMENTS TO THE GAGGE
AND FANGER MODELS

Since the Gagge and Fanger models were first created, several improvements have
been made to account for the complex nature of thermal comfort. This section briefly
discusses three improvements.

2.4.1 Spline Analysis of Rohles-Nevins Study

After Fanger (1967) developed a basic comfort equation and Gagge et al. (1971)
developed an improved effective temperature (ET*), the conditions converted
temperature-humidity conditions from the Rohles-Nevins study into effective tem-
peratures (in °C) and conducted a spline analysis. The details of this analysis are rel-
atively complex and involve many parameters. Therefore, the discussion is only in
brief, general terms.

A probit analysis was used to give the standard deviations from the mean at the
given value of ET* and are used for predicting cold and hot discomfort. By entering
the table of areas under the normal probability curve with values for standard devi-
ation, predicted percent dissatisfied [(PPD), i.e., the percentage of people unhappy
with their thermal environment] can be calculated.

The clothing worn by the subjects in the Rohles-Nevins study have an insula-
tion value of 0.093m>K/W (0.6 clo) and is not generally worn at effective tempera-
tures below 26.1°C (70.9°F). Thus, it is unrealistic to use those equations at
temperatures below 26.1°C (70.9°F). Therefore, Rohles et al. (1973) developed a
relationship for determining clothing insulation that provides thermal comfort at
various effective temperatures.

2.4.2 KSU Model

The KSU model is similar to the Gagge model. However, heat conducted and con-
vected from the core to the skin is combined into an overall thermal conductance
term determined empirically from experimental data. Rather than converting the
actual environment to a standard environment, the KSU model predicts thermal
sensation directly from physiological strain. Two equations are developed to predict
hot and cold thermal sensation. A vasoconstriction factor is used to predict cold
thermal sensations. The KSU model contains empirical equations for cold and warm
thermal sensations under various conditions ranging from very hot to very cold at
activities from 58W/m? to 3400W/m?* (1.0 to 6.0 mets) and clothing insulation from
0.008m°K/W to 0.1m*K/W (0.05 to 0.7 clo).

2.4.3 Multinode Models

Multinode models are useful when people are exposed to nonuniform environments.
Asymmetric radiation fields are one cause of these nonuniform environments. Stol-
wijk’s multinode model (Stolwijk and Hardy, 1970) divides each part of the body into
four segments: skin, muscle, fat, and the core compartment.

A comparison of the Stolwijk model to experimental measurements on human
subjects has been made, and the skin temperatures and evaporative weight loss pre-
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dictions of the model are in close agreement to the measurements. However, this
model does not predict comfort or incorporate the effects of clothing.

Smith (1991) developed a model describing heat transfer from the body and how
the heat is affected in a nonuniform and transient environment. As a foundation for
these models, Smith requires an additional detailed model of the human physiologi-
cal system similar to the Stolwijk multinode model. However, the physiological
model developed by Smith is designed to interface specifically with the heat transfer
models. The result of Smith’s work is a three-dimensional transient computer model
of the human thermal system employing finite element analysis.

2.5 RECENT THERMAL COMFORT TOOLS

Thanks to many research dollars, several public domain computerized thermal com-
fort models are available to the HVAC design engineer. This section describes three
more publicized thermal comfort models.

2.5.1 ASHRAE Research Project-657 and Research Project-907

ASHRAE Research Project-657 developed a thermal comfort distribution tool that
included a robust energy balance (Jones and Chapman, 1994). Building Comfort
Analysis Program (BCAP) was further modified and validated in ASHRAE Research
Project-907 (Chapman and DeGreef, 1997). Section 8 discusses the specific details of
BCAP in depth.

The energy balance formulation completely describes the room interactions and
contains a robust radiant energy exchange model. The parameters calculated include
a mean radiant temperature distribution and an operative temperature distribution
based on a mass-average air temperature. In addition, this program provides con-
duction, transmission, infiltration losses, and other environmental parameters.

25.2 BLAST/DOE2

This thermal comfort model again boasts a sophisticated energy balance including
conduction, convection, and radiation. However, the radiation model is based on the
MRT correction method. In addition, this model calculates a zone humidity ratio,
which is particularly of interest when considering radiant cooling. BLAST and DOE2
are currently being combined into one, more robust, model. Blast/DOE2 was designed
to analyze a complete building and does not provide localized information that can be
used to size and position in-space convective and radiative heating systems. It cannot
be easily used to analyze the effect of setback for fast-acting radiant heating systems.

2.5.3 ASHRAE Research Project-781

Reseach Project-781 sponsored by ASHRAE developed a thermal comfort predic-
tion tool to be used easily by HVAC design engineers. This tool has a graphic user
interface and incorporates three heat balance models, three empirical models, and
two adaptive models (Fountain and Huizenga, 1996). The user enters various envi-
ronmental parameters (e.g., air temperature, air velocity, relative humidity, season,
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activity level, and the clothing insulation value of the occupant) and then the pro-
gram calculates several thermal comfort parameters such as predicted mean vote
and thermal sensation.

This model is very user friendly with a relatively sophisticated user interface
and quickly calculates the parameters. However, it does not take into account
detailed room geometry or robust energy calculations. The operative temperature
is not explicitly calculated. The user of this program must realize it does not give a
definitive answer on compliance with ASHRAE Standard 55-1992 (Fountain and
Huizenga, 1996).
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CHAPTER 3

THE MEAN RADIANT
TEMPERATURE

The previous chapters repeatedly have developed the idea that thermal comfort is
not easily modeled. It is intuitively obvious that every occupant desires to be ther-
mally comfortable. However, achieving thermal comfort is not as easy as setting
the traditional thermostat for a desired air temperature. Most quantities discussed
in the previous chapters are not easily converted to a standard measurement
device. Current technology is developing ways to measure the mean radiant tem-
perature discussed in this chapter and the operative temperature discussed in
Chapter 4.

This chapter explains the mean radiant temperature, which measures the average
temperature of surfaces in the room weighted by a position relationship between
them and the occupant. When used in conjunction with the air temperature, the
mean radiant temperature gives a more realistic picture of the thermal comfort in a
room. Unfortunately, due to the complex nature of radiant heat transfer, the mean
radiant temperature is easy to define and understand conceptually but difficult to
measure and calculate.

3.1 DEFINITION

Most thermal distribution systems are designed to maintain a baseline air tempera-
ture. Since radiant energy does not directly heat air, the air temperature does not
take into account the radiant energy exchange in a room. The mean radiant temper-
ature (MRT) indicates average temperature of the surfaces relative to the occupant.
The MRT is defined as “the uniform surface temperature of an imaginary black
enclosure in which the radiation from the occupant equals the radiant heat transfer
in the actual nonuniform enclosure” (ASHRAE, 1992). This definition is given pic-
torially in Fig. 3.1. In the left uniform enclosure, all the surface temperatures are at
the MRT, and the occupant is exchanging the same amount of heat in all directions.
The right enclosure is very nonuniform. The occupant sees patches of cold surfaces
to the left and warm patches to the top and bottom. The energy exchange is very
nonuniform. However, the net radiant energy exchange of both the left and right
occupant is the same. The MRT represents the temperature of the left enclosure sur-
faces equating both energy exchanges.

Because the MRT depends on the radiant energy exchange in a room, the room’s

3.27
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FIGURE 3.1 Pictorial representation of the mean radiant
temperature (MRT).

geometry and wall properties and window placement and type also affect the MRT. In
addition to room characteristics, the MRT depends on the person’s location and ori-
entation in the room. Not only is the MRT different at different spots in the room but
also possibly for occupants who are sitting and standing at the same location in the
same room. The many variables affecting the MRT cause its calculation to quickly
become complex.

Although the MRT is defined in terms of standard radiant heat transfer quanti-
ties, it is not a standard heat transfer quantity itself. The meaningful scope of the
MRT is thermal comfort. Standard texts dealing solely with heat transfer will not
mention the MRT. However, this does not devalue the MRT. In the realm of thermal
comfort, the MRT plays a crucial role.

3.2 RELATIONSHIP TO THERMAL COMFORT

The purpose of the MRT in thermal comfort calculations and design is to repre-
sent the radiant energy exchange of the occupant at a particular point in a room.
Consider the room with a large cold window shown in Fig. 3.2. The room is at a
uniform air temperature of 20°C (68°F). At the back of the room (top of the pic-
ture) there is a large window to the outside at —18°C (0°F). An occupant at point
1 could be thermally comfortable, but the occupant at point 2 could complain of
feeling chilly. The air temperature at both points is the same, so the room thermo-
stat does not give the answer. The difference between the two points is the radi-
ant energy exchange. Point 1 is sheltered from the full extent of the net radiant
loss to the cold outdoors through the window. Point 2 is directly in front of the
window and is subject to much larger radiant energy losses. Comparatively, this
means the MRT at point 1 will be higher than at point 2, as shown later in the cal-
culation examples.

3.3 MEASUREMENT TECHNIQUES

Measurement of the MRT requires accurately quantifying the radiant energy
exchange at a given point. Tests have been performed and a comparison made between
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FIGURE 3.2 Analyzing thermal comfort at two locations in the same room.

the following methods for calculation and measurement of MRT (Olesen et al., 1989):
(1) use of a weighted mean value of the plane radiant temperature in six directions, (2)
use of a spherical globe sensor, and (3) use of an ellipsoid-shaped “globe” sensor.

The plane radiant temperature used in the first option describes the radiation
coming in one direction (ASHRAE, 1997) versus the mean radiant temperature,
which encompasses all directions. For enclosures with uniform surface temperatures,
differences between the three methods are small.

3.4 CALCULATION

There are several ways to calculate the MRT that differ in difficulty of computations
and accuracy of the end result. This chapter presents three ways to calculate the
MRT. The first two are given in the ASHRAE Fundamentals Handbook (1997). The
last method was recently developed to perform the MRT calculations directly from
the radiant energy exchange calculations with minimal reference to charts and
tables. Although this method is slightly more mathematically intense than the for-
mer two, the development of personal computers reduces the repetitive calculations
to a matter of seconds.

3.4.1 Method 1

The first method of calculation uses the values of the surrounding surface (i.e., wall,
window, or sofa) temperature. Each temperature is weighted according to its posi-
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tion relative to the person. The equation assumes the surface materials have a high
enough emittance (€) to be considered black or ideal. This assumption is reasonably
valid for most rooms, but its effect should be considered when analyzing the results.
If the surfaces of the enclosure being analyzed do not have a high emittance, the
results may not be reliable. This assumption imposes a small yet important limitation
on the use of this method.

In addition, this method does not take into account low-E glass. The published
emissivity of low-E glass is less than 0.1 in the infrared wavelength range (Carmody
et al., 1996). Since the glass is opaque in that range, the rest of the radiant energy is
reflected back into the room. The classical ASHRAE standard method does not
have the capability to handle this situation. Another case in which the ASHRAE
method would fail is solar radiation, which is short-wavelength radiation shining
through a window. This method fails to consider any window transmission and only
considers the wall surface temperatures as boundary conditions.

Each of the surfaces is considered to be isothermal or having a uniform temper-
ature (7). If this assumption is not valid for a single large surface, the surface is sub-
divided until the assumption is valid. The view factors (Fp_, n) between the point to
be analyzed and all the surfaces are calculated. The sum of all the view factors must
equal unity (i.e., one). The MRT is then calculated as (ASHRAE, 1997):

Ti=T{Fo 1+ T3Fp o ++ TXFp n (3.1)

The temperatures for the calculation are in Kelvin and the view factors are unit-
less. The view factors are tricky to calculate. Standard heat transfer texts (e.g., In-
cropera and DeWitt, 1990) give standard equations to estimate the view factors. For
rectangular surfaces, ASHRAE (1997) and Fanger (1967) provide view factor charts
for estimation. Using standard equations or charts is a time-consuming process
where human computation errors could easily occur.

If the difference in surface temperatures is small, around 5°F (2.8°C), Eq. (3.1)
can be linerized to a simpler form:

Tr:TlFPa]+T2FPe2+"'+ TnFp N (3.2)

Although this form is slightly less complicated looking than Eq. (3.1), the view
factors still need to be calculated or approximated, which may be a time-consuming
task. Caution should be exercised before using the linear form. A large difference in
surface temperatures could yield misleading results.

3.4.2 Method 2

The second method to calculate the MRT uses a quantity called the plane radiant
temperature (7). The plane radiant temperature is defined as “the uniform temper-
ature of an enclosure in which the incident radiant flux on one side of a small plane
element is the same as that in the actual environment” (ASHRAE, 1997). The plane
radiant temperature represents the radiant energy exchange from one direction,
whereas the MRT represents the radiant energy exchange from all directions
(ASHRAE, 1997). In a typical room there are six directions to consider: left, right,
front, back, up, and down. It logically follows that a weighted average of the six plane
temperatures could be used to estimate the MRT. ASHRAE (1997) gives the equa-
tions for estimating the MRT from the six plane temperatures. Equation (3.3) is for
a standing occupant, and Eq. (3.4) is for a seated occupant.
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- O~08(Tpr$up + Tpr,down) + 0-23(Tpr,right + Tpr.left) + 0-35(Tpr.front +

Tpr,back) (33)

Trs anding —
standing 2(0.08 +0.23 + 0.35)
_ _ 0.18(Tpr,up + Tpr,down) + 0'22(Tpr,righl + TPrJefl) + 0'30(Tpr’fmm + Tpr’baCk) (3 4)
rscated = 2(0.18 + 022 +0.30) '

Equations (3.3) and (3.4) have the form of weighted averages based on the occupant
position. The plane radiant temperature for each surface is calculated by using the
same equations as for the MRT given in the previous method [Egs. (3.1) and (3.2)].
Again this method requires the tedious calculation of the view factors. If the plane
temperatures are known (i.e., a given wall is at an approximately uniform tempera-
ture), this method is quite simple. The advantage of calculating the plane radiant
temperature is the calculation of radiant temperature asymmetry in two opposite
directions (ASHRAE, 1997). The radiant asymmetry between two sides is the dif-
ference in net radiant gain from each side. For example, the radiant asymmetry
between the left and right of an occupant would be the difference between the left
and right plane radiant temperatures. This simple calculation does not measure the
radiant asymmetry in two nonopposite directions (e.g., between the top and left
planes or, more practically, between the head and left arm).

3.4.3 Method 3

The third method uses the definition to calculate the MRT in terms of the radiant
intensity balance at a particular point in the room. The fundamental radiation prop-
erty is intensity (Siegel and Howell, 1981). To determine the radiant energy exchange
in the room, the intensity field is balanced and calculated, as would a temperature dis-
tribution for the heat energy distribution in a room, as discussed in Sec. 2. Therefore,
the intensity field throughout the room is already calculated during a robust room
energy balance. Another advantage to calculating the MRT from the intensity field is
the lack of assumption about wall surface properties. This radiant intensity method
solves directly for the intensity field and, therefore, would include low-E glass reflec-
tion and solar radiation as boundary conditions in the radiant intensity field calcula-
tion. These conditions would not be considered as special cases. Any boundary
conditions affecting the radiant intensity field are considered inherently in the radiant
intensity balance. Once the intensity field for any given room is accurately calculated,
the MRT can be accurately calculated for any point in the room.

The basic formulation begins with writing the definition of the MRT in terms of
mathematical quantities, instead of words. The net radiation on a person is described as

0= [ 1A, @)de (3.5)

This equation is a continuous summation (i.e., an intergal) over all the direc-
tions represented by the solid angle Q (Siegel and Howell, 1981; Modest, 1993).
The intensity and projected area in the direction Q are represented by 7(Q2) and
A,(Q), respectively. Using the discrete ordinates method discussed in Sec. 2, the
net radiation is calculated by using a discrete approximation to the continuous
form [Eq. (3.5) above] by:

Q =TAw (3.6)
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The variable I is the intensity in coming from a given discrete direction measured in
W/m? sr and A} is the projected area in the given direction. The variable w' is the
quadrature weighting function for that direction as part of the integration technique to
approximate the sum. The projected area from a given direction is given in the
ASHRAE HVAC Systems and Equipment Handbook (1996). The general equation is:

A‘L :f']i)f:effAD (3.7)

where [}, is the projected area factor in a given direction. Charts for these factors for
sitting and standing people are given in Fanger (1967) and ASHRAE (1996). The
effective radiation area of a person to adjust for the body reradiating to itself (f.)
equals 0.73 for a standing person (ASHRAE, 1996). The DuBois area (Ap) is esti-
mated from a person’s height and mass. For an average person, Ap, equals 1.82 m?
(19.6 ft*) (ASHRAE, 1996).

The radiation emission from a blackbody enclosure is:

Obiack = Aett 0T hrr (3.8)
where:
At = fertAp (3.9)

According to the definition of mean radiant temperature, Egs. (3.5) and (3.8) are
equal. Solving for Tygr results in

Z[‘Ajpwj "

]
fetApC

This equation provides an alternative approach to calculating the Ty using the sur-
rounding surface temperatures given in the previous two methods. This approach,
using the localized radiant intensity field, is more flexible than using radiosities or
temperatures and view factors from room surfaces, as shown in the following para-
graphs. Furthermore, this approach is easily incorporated into radiant energy
exchange computer algorithms since the intensity field is calculated throughout the
room in most robust methods.

Carefully collected data were used to validate the BCAP methodology (Chap-
man and DeGreef, 1997). The purpose of the data collection process was to validate
the BCAP methodology over a variety of typical room conditions, not to gain a bet-
ter understanding of thermal comfort. The conditions shown in the explanation are
not considered thermally comfortable. Details of the data collection, summarized in
the next paragraph, are presented in Chapman and DeGreef (1997).

The test data were collected for a 100 percent radiant, a 100 percent forced-air,
and a 50 percent radiant/50 percent forced-air heating system with varying wall
emissivity, airflow rate, and room shape. Only one condition was varied at a time.
Operative temperature readings were collected by using precision sensors at four
different locations in the test room with five heights above the floor at each location.
The sensors collected the air temperature and MRT, averaged them, and reported a
voltage representing the operative temperature. These measurements were com-
pared against simulation results from the BCAP methodology.

The following graphs show the following: (1) experimental data represented by
dots, (2) simulated results calculating the MRT based on using view factors (Fanger,

Tygr =

(3.10)
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1970) represented by a solid line, and (3) simulated results calculating the MRT
based on the radiant intensity method represented by a dotted line.

Both simulations calculate the air temperature and MRT separately and then
approximate the operative temperature as the average of the two. The air tem-
perature and all other calculations are identical for both simulations. The only dif-
ference between the simulations is the MRT calculation. The results for the classical
MRT calculation method were compared and found accurate by Chapman and
Jones (1994). The purpose of these comparisons is illustrating that the radiant inten-
sity method provides results that are more accurate than the classical method.

The first comparison is a 100 percent radiant heating system. Figure 3.3 shows the
operative temperature readings in °C and °F on the left and right vertical axes,
respectively. The top and bottom horizontal axes show the height above the floor in
meters and feet, respectively, at that particular measurement location. The circle
data points labeled Experimental show the experimental operative temperature
readings. The solid line labeled Classical shows the operative temperature calcula-
tions using the view factor method used by ASHRAE (1997). The dotted line
labeled Radiant Intensity shows the operative temperature calculations using the
radiant intensities. The radiant intensity method is within 4°C (7.2°F) of the classical
method and the experimental data.

The second type of heating system was a 100 percent forced-air heating system.
Figure 3.4 shows the operative temperature versus height above the floor for a
forced-air heating system. There is a small difference of 1.2°C (2°F) between the
experimental data represented by dots and the classical calculation method repre-
sented by the solid line.

The third heating system type was 50 percent radiant/50 percent forced-air. The
operative temperature comparison is shown in Fig. 3.5. As with the previous compar-
isons, the vertical axis represents the operative temperature, and the horizontal axis
represents the height above the floor for the measurement. For this system, the clas-
sical MRT calculation shown by the solid line agrees almost exactly with the exper-
imental values represented by dots. The MRT temperatures calculated by the
radiant intensity method vary 0.6° to 1.2°C (1° to 2°F). For this particular case, the
agreement for both calculation methods is extremely good.

As briefly shown by these example comparisons, calculating the MRT, and
hence the operative temperature, based on the radiant intensities does provide
slight improvement in MRT calculation. Chapman and DeGreef (1997) give a
complete description of the data collection and handling process. Work is com-
pleted that thoroughly compares the two methods of calculating the MRT.

The next focus is on understanding the differences between constant air temper-
ature versus constant MRT and the relationship between them. Several examples
are given in the remainder of this chapter and the next. For all the examples, the air
temperature is uniform throughout the room. This is not true for typical rooms.
However, since this a relative comparison of air temperatures and MRT and focuses
primarily on difference, this assumption is adequate.

EXAMPLE 3.1 Since MRT calculations are lengthy and not conducive to hand calcula-
tion, the results of a computer algorithm’s calculation of the MRT from the radiant inten-
sity field are given. The room is the same as shown in Fig. 3.2. Compare the MRT for an
occupant at points 1 and 2 at 1.0 m (3.2 ft) above the floor. Consider two different heat-
ing systems: a primarily forced-air system (e.g., a vent and diffuser providing warm air
from a central furnace) and a primarily radiative system (e.g., a low temperature radiant
panel). Both heating systems supply energy to the room from the center of the ceiling.
Both systems provide the same room average air temperature of 20°C (68°F) to the room.
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FIGURE 3.3 100 percent radiant heating system operative temperature measurements.
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FIGURE 3.4 100 percent forced-air heating system operative temperature measurements.
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FIGURE 3.5 50 percent radiant/50 percent forced-air heating system operative temperature
measurements.

Given:
o Two different heating systems.
e Two different occupant locations.
o Both heating systems provide the same air temperature of 20°C (68°F).

Solution:  Table 3.1 shows the results of the computer algorithm calculating the
MRT from the radiant intensity field.

TABLE 3.1 Example Mean Radiant Temperatures
for Average Air Temperature of 20°C (68°F)

MRT [°C (°F)]

Heating system Point 1 Point 2
Radiative 21.8 (71.3) 30.4 (86.7)
Forced-air 15.8 (60.4) 15.1 (59.2)

At both points the MRT for the radiative system is higher than the forced-air sys-
tem. Second, the radiative system MRT at both points is also above the air tempera-
ture, whereas the forced-air system MRT at both points is below the air temperature.
These statements are illustrated in Fig. 3.6. The left and right bars for each group
show the MRT for the radiative and forced-air system, respectively. The horizontal
line extending across the graph indicates the constant air temperature of 20°C (68°F).

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



THE MEAN RADIANT TEMPERATURE
3.36 THERMAL COMFORT

To better understand the MRT differences for the two heating systems, consider
the two identical rooms shown in Fig. 3.7, one heated by a forced-air system shown on
top, the other by a radiative system. Both systems operate to achieve equal air tem-
peratures. The much warmer radiant heater surface increases the intensity field at the
given point, indicated by the heavier lines. Since the MRT is calculated directly from
the radiation intensities, the room with the radiative system with the larger intensities
at that point will have a higher MRT. The forced-air heater heats the air first, provid-
ing an average room air temperature ignoring for this example the impact of high-
temperature air from the duct on local thermal comfort. However, this will not
directly affect the MRT, calculated from the intensity field from the wall surfaces,
which is smaller than the intensities from a radiant heater surface.
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FIGURE 3.6 Comparison of heating systems MRT for same average room air
temperature of 20°C (68°F).

Earlier in the chapter, it was discussed that the large window would cause a lower
MRT at point 2. From this comparison, it is clearly seen that point 2 does have a
slightly lower MRT than point 1 for the forced-air system. However, for the radiative
system, point 2 has a much higher MRT than point 1. The explanation is given by
examining the intensity field each heating system provides. Without the window, the
forced-air system provides approximately the same net radiant gain to both points 1
and 2 despite the presence of the forced-air heater directly over point 2. Adding the
window lowers the net radiant gain at point 2 because the cold window does not radi-
ate to the occupant as much energy as a warm wall. The radiative system located in the
center of the room directly above point 2 supplements the net radiant gain and more
than compensates for the occupant’s radiative losses to the cold window surface.

EXAMPLE 3.2  Using the same room from Fig. 3.2, compare the MRT for an occupant
at points 1 and 2 for two heating systems: a primarily forced-air system (e.g., a vent and
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diffuser providing warm air from central
furnace) and a primarily radiative system
(e.g., a low—temperature radiant panel).
Both heating systems supply energy to
Air the room from the center of the ceiling.
Both systems supply the same room aver-

age MRT of 20°C (68°F) to the room,

where room average MRT is the average
MRT for all the points in the room.

Given:
o Two different heating systems.
e Two different occupant locations.

e Both heating systems provide the same
average MRT of 20°C (68°F).

Solution:  Table 3.2 shows the results
of the computer algorithm calculating the
. MRT from the radiant intensity field.

This set of data follows the same
trend observed with the constant air
temperature data. The radiative system
provides an MRT at both points above
the air temperature. Point 2 directly
under the radiative heater is much
warmer than point 1 off to the side of
the radiative heater. The forced-air sys-
tem provides an MRT at both points
below the air temperature. Again, the
MRT for the forced-air heater at point 2
FIGURE 3.7 Radiant intensities differences for directly in front of the window is slightly
two heating systems. cooler than at point 1 away from the full

effects of the window.

Figure 3.8 summarizes this heating system comparison for a room average MRT
of 20°C (68°F). The bars on the left and right of each group represent the radiative
and forced-air systems, respectively. The last group of bars represents the air tem-
perature provided by each system. Notice at point 1,the MRT provided by the radia-
tive system is actually lower than the forced-air system’s MRT. This seems strange
since the radiative system should have a larger intensity field than the forced-air sys-
tem at all locations in the room. However, this comparison is based on a room aver-
age MRT. The radiative system’s MRT is more diverse than the forced-air system’s.

TABLE 3.2 Example Mean Radiant and Air Temperatures for Average Room

MRT of 20°C (68°F)
MRT [°C(°F)]
Heating system Point 1 Point 2 Air temperature [°C(°F)]
Radiative 18.6 (65.5) 26.7 (80.1) 16.9 (62.5)
Forced-air 20.3 (68.6) 19.6 (67.4) 25.1(77.2)
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FIGURE 3.8 Comparison of heating systems MRT for average room MRT of
20°C (68°F).

The forced-air system heats the air, which mixes and then heats the wall relatively
uniformly, except, of course, the window. The radiative system heats a small section
of the ceiling to a temperature well above the other wall surfaces. This causes the
radiative systems MRT throughout the room to be more diverse.

The differences in the low and high MRT for the given room are shown in Fig. 3.9
for the radiative and forced-air systems. The difference between the room maximum
and minimum MRT for the radiative system, shown on the left, is significantly
greater than the difference for the forced-air system, shown on the right. The room
maximum for the radiative system is 43.9°C (111°F), which is generally considered
to be thermally uncomfortable. However, this room maximum is right next to the
heater surface on the ceiling, which is typically unoccupied space.

As a side note, the surface temperature of the radiant panel is 81.3°C (178°F).
The surface temperature is well below the temperature of a halogen lightbulb, and is
safe to touch with a bare hand for brief periods. As seen by the MRT at point 2, the
MRT at 1.0 m (3.2 ft) above the floor is 26.7°C (80.1°F), which is the typical level of
a seated occupant, is warm but not unbearable.

Looking at the MRT gradients across the room shows the other reason the MRT at
point 1 is higher for the forced-air system than the radiative system. Figure 3.10 shows
the MRT gradients at 1.0 m (3.2 ft) above the floor for the forced-air system. Each con-
tour line represents a line of constant MRT in °C. The horizontal axis is along the
width of the room, and the vertical axis is along the room depth. The closeness of the
contour lines represents the magnitude of the MRT gradient. For example, the lines
are farther apart toward the bottom of the plot than at the top of the plot. This trans-
lates to steeper gradients toward the back of the room (top of the plot) and smaller
gradients toward the front of the room (bottom of the plot). The difference between
each contour line is 1°C (1.8°F). The distance between each contour line is the distance
required for the MRT to change 1°C (1.8°F). The coldest regions are indicated by the
smallest temperatures toward the top of the chart near the window. The rest of the
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FIGURE 3.9 Comparison of heating system maximum and minimum MRT for
average room MRT of 20°C (68°F).

room is relatively uniform. The MRT varies 4°C (7.2°F) for a low of 17°C (62°F) near
the window to a high of 21°C (70°F) far away from the window.

Now compare the gradients for the radiative system with Fig. 3.11, showing the
MRT gradients at 1.0 m (3.2 ft) above the floor. Again each contour line represents
constant MRT, and the difference between each contour line is 1°C (1.8°F). The
coldest region is near the top of the chart where the window is located. The warmest
spot is directly under the heater in the middle of the plot. The MRT gradients form

FIGURE 3.10 Contour plot of MRT gradients for forced-air
heating system with average room MRT of 20°C.
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FIGURE 3.11 Contour plot of MRT gradients for radiative heating
system with average MRT of 20°C

concentric circles radiating from the center of the radiative heater. The MRT varies
10°C (19°F) from a low of 16°C (60°F) by the window to a high of 26°C (79°F)
underneath the center of the heater.

The contour lines for the radiative heater are much closer together than for the
forced-air heater. Physically, this means, in this example of a radiative system, an
occupant walking across the room will feel a greater temperature change. The MRT
gradients also indicate the intensity field across the room. The intensity field is much
more concentrated under the heater for the radiative system than for the forced-air
system as simulated in this example.

These differences must be considered when designing a thermally comfortable
room. The type of heating system can alter the heat energy distribution. The MRT
temperature gradients across the room are related to thermal comfort. Steeper gra-
dients may indicate places where the MRT and operative temperature fall outside of
the acceptable region. ASHRAE Standard 55-1992 specifies acceptable MRTs and
operative temperatures that should be carefully factored into the room design. In
most design conditions, judicious placement of the heating system, especially a radia-
tive system, can reduce temperature gradients (Chapman et al., 1997). These factors
are discussed in Sec. 8.
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Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 4

THE OPERATIVE
TEMPERATURE

The operative temperature combines the air and mean radiant temperatures into
one numerical quantity. It is a measure of the body’s response to the convection and
radiation energy exchange. The discussion of the operative temperature is very sim-
ilar to the mean radiant temperature (MRT).

4.1 DEFINITION

Operative temperature is defined as “the temperature of a uniform isothermal black
enclosure in which the occupant exchanges the same amount of heat by radiation
and convection as in the actual nonuniform environment” (ASHRAE, 1995). In a
physical sense, it is the temperature the occupant perceives his surroundings to be
due to convection and radiation.

The operative temperature is calculated as the weighted average of the air tem-
perature, (T,;) and the MRT (Tygrr). Equation (4.1) gives the equation provided by
ASHRAE (1995):

_ hrTMRT + thair

To=""01i (4.1)

where A, and h. are the linearized radiant and the convective heat transfer co-
efficients, respectively. Standard heat transfer texts [e.g., Incropera and DeWitt
(1990)] contain relationships for calculating general radiant and convection coef-
ficients. However, ASHRAE (1997) contains coefficients specifically for the
human body. In an environment with air velocities of 0.4 m/s (1.3 ft/s) and an MRT
of 50°C (122°F) or less, the operative temperature is approximately the average of
the air temperature and MRT (ASHRAE, 1995). The ASHRAE Applications
Handbook (1995) provides specific calculations for the weighting factors for other
design situations.

4.2 RELATIONSHIP TO THERMAL COMFORT

The room used in the previous examples clearly displays a nonuniform radiant field
and shows the air temperature alone is not a good thermal comfort indicator. The air
temperature does not account for the heat loss due to radiant energy exchange with

3.41
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the walls or window or the radiative heating system. The mean radiant temperature
does not account for the warming effects of the surrounding air. For this case, the
operative temperature, first suggested by Fanger (1967), is a better indication of the
local thermal comfort.

4.3 MEASUREMENT TECHNIQUES

There are two methods to measure the operative temperature. The first method is a
direct measurement using a temperature sensor with a diameter between 5 and 10
mm (2 to 4 in). A black sensor will overestimate the effect of direct sunshine.
ASHRAE Standard 55-1992 recommends gray or pink sensors for locations with a
high—-temperature radiant source [e.g., the sun or a temperature radiant heater of
greater than 927°C (1700°F)]. In rooms with no high-temperature radiant source,
color has little impact.

The second method does not measure the operative temperature directly.
Rather, it calculates the operative temperature from a measured air temperature
and MRT. The convective and radiative coefficients provide factors for calculating
the weighted average of the air temperature and MRT shown in Eq. (4.1).

4.4 CALCULATION

The approximation of the operative temperature is straightforward in most design
situations once the air temperature and MRT are found. It is done by adding the air
and mean radiant temperature and dividing by two. Dividing by two adds the
assumption of an equal weighting of the radiative and convective coefficients. The
examples presented here will build on the discussion presented in Chapter 3 on the
MRT.

EXAMPLE 4.1 Using the same room from Fig. 3.2 shown previously in Chap. 3, com-
pare the MRT 1.0 m above the floor for an occupant at points 1 and 2 for two heat-
ing systems: a primarily forced-air system (e.g., a vent and diffuser providing warm
air from central furnace) and a primarily radiative system (e.g., a low temperature
radiant panel). Both heating systems supply energy to the room from the center of the
ceiling. Both systems supply the same room average operative temperature of 20°C
(68°F) to the room.

Given:
e Two different heating systems.
e Two different occupant locations.

* Both heating systems provide the same average operative of 20°C (68°F).

Solution: Table 4.1 shows the results of the computer algorithm calculating the
MRT from the radiant intensity field.

Again, this set of data follows the trends observed in the two examples in Chap-
ter 3 for constant air temperature and constant MRT. The radiative system has a
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TABLE 4.1 Example Mean Radiant, Operative, and Air Temperatures for Average
Operative Temperature of 20°C (68°F)

MRT [°C(°F)] Operative temp. [°C(°F)]
Air temp.
Heating system Point 1 Point 2 Point 1 Point 2 [°C(°F)]
Radiative 20.2 (68.4) 28.5(83.3) 19.3 (66.7) 23.5(74.3) 18.4 (65.2)
Forced-air 18.2 (64.8) 17.6 (63.9) 20.5 (68.9) 20.2 (68.4) 22.8 (73.0)

higher MRT than air temperature at both points. The forced-air system has a higher
air temperature than the MRT at both points. As dictated by definition, the opera-
tive temperatures are between the air temperatures and the MRTs.

As shown in Table 4.1 with the radiative system, the MRT at point 2 directly
under the heater is much higher than at point 1 off to the side. The MRT of 28.5°C
(83.3°F) at point 2 could be considered thermally uncomfortable to some occupants.
However, when coupled with the air temperature, the operative temperature at
point 2 is 23.5°C (74.3°F), which generally is considered to be within a thermally
comfortable range.

Figure 4.1 summarizes the comparison of the heating systems’ operative temper-
atures that result with a room average operative temperature of 20°C (68°F). The
bars on the left and right of each group represent the radiative and forced-air sys-
tems, respectively. The last group represents the air temperature provided by each
system. Notice at point 1 the operative temperature provided by the radiative sys-
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FIGURE 4.1 Comparison of heating system operative temperature for average
operative temperature of 20°C (68°F).
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tem is lower than the operative temperature provided by the forced-air system.
Remember the rooms are compared on a room average operative temperature. Also
remember the radiative heating system has a more diverse MRT throughout the
room than the forced-air heating system. Figure 4.2 summarizes the MRT tempera-
tures to achieve the same room average operative temperature. Again the left and
right bars of each group represent the MRT for the radiative and convective heating
systems, respectively. The last group repeats the air temperature comparison for
each system. At point 1, the MRT for the radiative system is above the forced-air sys-
tem. However, the air temperature is much lower for the radiative system. When the
operative temperatures are computed as the average of the MRT and air tempera-
ture, the operative temperature for both heating systems are the same. Despite the
difference in MRT and air temperatures in the room, both heating systems give sim-
ilar operative temperatures. This illustrates the flexibility in methods to achieve
equivalent thermal comfort.

30
{60
) T
< 170 <
2 B :
=) Radiative =)
-— N Radiati -—
g {0 g
Q Q
5 5
= ~
10 50
40
0 - " .
Point 1 Point 2 Air
Location

FIGURE 4.2 Comparison of heating system MRT for average room operative tem-
perature of 20°C (68°F).

At point 2, the MRT for the radiative system is much higher and the operative
temperature is also slightly higher than for the forced-air system. It should be noted
that the temperature differences are very small. Table 4.2 summarizes the differ-
ences in the mean radiant, operative, and air temperatures between the radiative
and forced-air system for the two points under consideration. A positive number
indicates the radiative heating system yielded the higher temperature. Conversely, a
negative number indicates the forced-air heating system yielded the higher temper-
ature.

Another interesting characteristic is the variation in the operative temperature
across the room. Figure 4.3 shows the operative temperature gradients for the
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TABLE 4.2 Example Differences in Mean Radiant, Operative, and Air
Temperatures for Average Operative Temperature of 20°C (68°F)

MRT Operative temp. Air temp.

Location difference [°C(°F)] difference [°C(°F)] difference [°C(°F)]
Point 1 2.0 (3.6) -12(=2.2) -4.4 (-1.8)
Point 2 10.9 (19.4) 33(5.9) -4.4 (-71.8)

forced-air heating system at 1 m (3.2 ft) above the floor. Each contour line repre-
sents a line of constant operative temperature in °C. The horizontal axis is along the
width of the room, and the vertical axis is along the room depth. The closeness of the
contour lines represents the magnitude of the operative temperature gradient. For
example, the lines are closer together at the top of the plot (back of the room) where
the window is located. Closer lines translate into a shorter distance for the operative
temperature to vary 1°C (1.8°F), since each line represents a 1°C (1.8°F) change in
operative temperature. The operative temperature is relatively uniform across the
room, which is highly desirable from a comfort standpoint.

FIGURE 4.3 Contour plot of MRT gradients for forced-air
heating system with average room operative temperature of
20°C (68°F).

Figure 4.4 shows the operative temperature gradients for the radiative heating
system at the same 1 m (3.2 ft) above the floor. Again each contour line represents
constant operative temperature, and the difference between contours is 1°C (1.8°F).
The operative temperature gradients for the radiative system are more severe than
for the forced-air heating system. This is due to the radiative heating system’s strong
intensity field directly under the heater in the center of the room. This elevates the
MRT and, consequently, the operative temperature.
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FIGURE 4.4 Contour plot of MRT gradients for radiative heating sys-
tem with average room operative temperature of 20°C (68°F).

This example illustrates that the room average operative temperature does not
completely define the entire picture of the room. The operative temperature gradi-
ents should be considered for each design situation. The type of heating system
affects the heat distribution in the room. For this example, the heater was placed in
the center of the room. Moving the heater would alter the operative temperature at
points 1 and 2 and the gradients. Moving the heater to a different location could
even alter the average operative temperature of the room.

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



Source: RADIANT HEATING AND COOLING HANDBOOK

S-E-C-T-I-0-N - 4

SIZING AND LOAD
ESTIMATION

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.




SIZING AND LOAD ESTIMATION

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



Source: RADIANT HEATING AND COOLING HANDBOOK

CHAPTER 1

ASHRAE STANDARD
METHODS

Several standard methods are available to size heating and cooling systems for spe-
cific applications. All methods follow a fairly regimented procedure that involves
identifying the indoor design conditions, the outdoor design conditions, and the heat
losses and gains through the structure. Once these parameters are determined, the
next step requires information about the internal heating and cooling loads (e.g.,
people, computers, and lights), followed finally by the selection of the heating and
cooling equipment.

The ASHRAE standard methods for sizing heating and cooling systems first
specify the indoor dry-bulb temperature and the design outdoor temperature. The
heat transfer rates into and out of the occupied space are calculated from the meth-
ods described in Sec. 2 of this Handbook. The infiltration rates are also calculated,
along with any heat gains due to lights, people, and other equipment. The final bal-
ance equation is developed from the conservation of energy equation as:

anin - Qcond - Qloss +rhinfcp( Tamb - Tin) + ststem =0 (11)

Note that the heat transfer rates may be functions of the indoor temperature, the
outdoor temperature, and the insulation values of the walls, floors, ceilings, windows,
and doors as shown in Sec. 2. The variable Qyy.m is the amount of energy that must
be added to the room to maintain the indoor dry-bulb temperature at the design
condition.

This chapter provides an overview of the standard methods used by practicing
engineers to specify and size heating and cooling systems for occupied spaces. Ad-
ditional information that can be used to calculate the heating and cooling loads
can be found in Chaps. 25 through 27 of the ASHRAE Fundamentals Handbook
(ASHRAE, 1993). One common parameter used throughout standard sizing meth-
ods is the dry-bulb temperature. The indoor dry-bulb temperature is frequently used
as the measure of occupant thermal comfort. At this point in the Handbook, it is
hoped that the reader has determined that the dry-bulb temperature is at best an
estimate of occupant thermal comfort. In many cases, as will be shown later, sizing
based on the dry-bulb temperature can lead to oversized systems.

1.1 DESIGN POINT METHODS

The design point method is based explicitly on Eq. (1.1). The indoor and outdoor
design temperatures are specified, and the equipment is sized accordingly. There are

4.3
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two accepted design point methods: the modified degree-day method and the vari-
able-base degree-day method. These methods are described in the following sections.

1.1.1 The Modified Degree-Day Method

The modified degree-day method (MDD) is based on the assumption that the typi-
cal occupied space will be comfortable when the outdoor temperature is 65°F. The
premise behind this assumption is that the heat gains from the sun, people, and
equipment will be exactly offset by the heat losses through the structure to the ambi-
ent. With this assumption in place, the designer now has to determine the heat loss
at some outside design temperature that is less than 65°F. The assumption is then
that the heat loss is directly proportional to the difference between the average out-
door temperature and 65°F.

This proportionality can be used to determine the heating requirement at any
temperature when the heating requirement is known at some temperature. For
example, if the heating requirement is 20,000 Btu/h when the temperature is 45°F,
then the heating requirement when the temperature is 20°F can be calculated by:

T —-65°F

)r=Qusp X | = | = Qusp X225 =4 Btu/h 12

Q1= Qs X (45°F — 65°F> Quser X 2.25 = 45,000 Btu/ (1.2)
The variable T is the temperature at which the heating load is required. The
ASHRAE Fundamentals Handbook provides an empirical relationship between the
degree days (DD) over a certain period of time, the design heat loss, the temperature
difference between the design outdoor conditions and 65°F, and the heating value of

the fuel. This relationship also includes two correction factors (k and Cp):

24stslems,TDD
E=Co ky(65°F - T) (13)

The result of this equation is the energy required to heat the occupied space over the
period of time necessary for the number of degree days. The correction factor Cp, is
usually between 0.6 and 0.8. The design heat loss is calculated from Eq. (1.1) at the
design outdoor temperature.

The design point temperature should at best be considered an approximate sizing
method. It does not include the effects from weather peaks and certainly does not
include the sophistication necessary to reliably and consistently deliver occupant
thermal comfort.

1.1.2 Variable-Base Degree-Day Method

The variable-base degree-day (VBDD) method tries to improve on the MDD
method by recognizing that not all structures are “balanced” at 65°F. The VBDD
method provides a technique to determine the structure’s balance temperature that
is then used in the analysis instead of the 65°F baseline temperature.

By definition, the balance temperature depends on the building structure, equip-
ment inside the occupied space, heat gain from the sun, and so forth. From this defi-
nition, the balance temperature is determined by:

Tin - Tbal

Rth;building

anins = il Thal = Tin - aninsth,huilding (1 4)
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The variable Ry puiding 1S the overall building thermal resistance to heat transfer from
the indoor temperature to the outdoor temperature. Once the balance temperature
is calculated, the system heating requirement is then determined from the energy
conservation equation:

E+ anins - Qlosses =0 (15)

As in the single design point method, the losses are proportional to the difference
between the outdoor temperature and the balance temperature. ASHRAE (1993)
provides an empirical correlation that is frequently used to size heating systems is:

24DDy,

MR b puilding

(1.6)

where the total degree days over the period is the difference between the average
daily temperature and the balance temperature, and the parameter 1 is an average
efficiency of the heating equipment.

The variable-base degree-day method improves on the MDD method only by
recognizing that structures have unique balance temperatures. However, as with the
MDD method, the VBDD method does not consider the ability of the heating sys-
tem to directly affect the operative temperature of the occupied space. In fact, both
of these methods are “equipment” neutral since they do not consider the type of sys-
tem. Consequently, the only distinction these make between a central heating plant
and, say, an in-space woodstove is the parameter 1, the average efficiency of the
heating equipment. Another recognized shortcoming of these methods is that some
heating equipment (e.g., an air-to-air heat pump) perform differently at different
outdoor temperatures. Consequently, the basic assumption that the size of the heat-
ing system is directly proportional to the difference between the design balance tem-
perature and the outdoor temperature fails. In the case of the air-to-air heat pump,
backup heating capacity must be installed when the outdoor temperature drops
below about 30°F.

1.2 MULTIPLE-MEASURE SIZING METHODS

Multiple-measure sizing methods provide more accurate information than the
design point methods by recognizing that the proportionality factor is not constant.
Instead, the proportionality factor varies with outdoor temperature. Note that the
multiple-measure methods do not incorporate the effect of operative temperature
or any other thermal comfort parameter except the indoor dry-bulb temperature.

The multiple-measure sizing methods provide a methodology in which the
designer can assess the heating and cooling requirements over a wide range of out-
door temperatures. The basic methodology employs the design point methods at
various outdoor temperatures over the heating and cooling seasons. The most popu-
lar methods are the classical bin method and the modified bin method.

1.2.1 Classical Bin Method

The classical bin method divides the heating season into several bins of temperature
data. Each bin then is assigned the number of degree days that exist in a particular
region. Table 1.1 provides the heating and cooling degree days for several regions of
the United States. The temperature range is then divided into 5°F bins. Each bin con-
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TABLE 1.1 Fractional Bin Hours and Climatic Data for the United States*

Climatic region I I III v \'% VI
Cooling hours (Nc) 6720 5040 3360 2240 1120 560
Heating hours (Ny) 1826 3148 4453 5643 6956 6258

Bin Midpoint T
number (°F) Fractional bin hours (f)

8 102 0.214
7 97 0.231
6 92 0.216
5 87 0.161
4 82 0.104
3 77 0.052
2 72 0.018
1 67 0.004
1 62 0.291 0.215 0.153 0.132 0.106 0.113
2 57 0.239 0.189 0.142 0.111 0.092 0.206
3 52 0.194 0.163 0.138 0.103 0.086 0.215
4 47 0.129 0.143 0.137 0.093 0.076 0.204
5 42 0.081 0.112 0.135 0.100 0.078 0.141
6 37 0.041 0.088 0.118 0.109 0.087 0.076
7 32 0.024 0.056 0.092 0.126 0.102 0.034
8 27 0.005 0.024 0.047 0.087 0.094 0.008
9 22 0.001 0.008 0.021 0.055 0.074 0.003

10 17 0.002 0.009 0.036 0.055

11 12 0.005 0.026 0.047

12 7 0.002 0.013 0.038

13 2 0.001 0.006 0.029

14 -3 0.002 0.018

15 -8 0.001 0.010

16 -13 0.005

17 -18 0.002

18 -23 0.001

*The bins are 5°F.

tains the fraction of the degree days for each climatic region. The classical bin pro-
cedure provides two pieces of information: the total energy consumption and the
peak energy consumption.

The parameter term f is a weighting factor that specifies how long the heating
system must operate at a particular ambient temperature. For example, in Arizona
this weighting factor would be high at the upper temperatures and small at lower
temperatures, whereas in Minnesota the opposite would be true. The classical bin
method is demonstrated in the following example.

EXAMPLE 1.1 A structure is built in climatic region V and has a design heat loss of
30,000 Btu/h at an outdoor temperature of 47°F. Calculate the total energy consump-
tion and the required size of the heating system.

The following unnumbered table illustrates the classical bin calculation. The first
column has been copied from Table 1.1 and is the midpoint of each temperature bin.
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The second column is the fraction of hours that each temperature bin exists in region
V. The third column is the total number of hours spent in each bin. From Table 1.1, the
total number of heating hours required in region V is 6956 h. Hence, the value in col-
umn 3 is the fraction f times the total number of hours (6956). The fourth column is the
actual heat load for each bin. This calculation assumes for the sake of convenience that
the head load is directly proportional to the temperature difference. The heat load at
each bin temperature is then calculated by:

Ty — 65°F

Tdesign - 65OF

Ty — 65°F
47°F — 65°F

Q(Tein) = Quesign ( > = 30,000 Btu/h x (

This particular column shows the peak heating capacity necessary to heat this
structure. Obviously, as the temperature decreases, the heat load increases to the max-
imum heat load of 146,667 Btu/h. The problem now is to determine how large the
heating system needs to be to achieve the design dry-bulb temperature. If one wanted
to be completely safe, a 146,667-Btu/h heating system would be specified after
allowance for system efficiencies. However, this capacity would only be required 0.1
percent of the year (f=0.001). However, if one studies the fraction column, it becomes
apparent that the outdoor temperature is below 2°F only 3.6 percent of the time (add
the fractions in the last five rows of the table). Hence, a 105,000-Btu/h heating system
could be specified with little risk.

The last column in the table is the result of multiplying the third and fourth
columns to get the total energy consumption for each bin. This column shows that the
highest consumption is in the 27°F bin where the size of the heating system needs to be
63,333 Btu/h. This column can be totaled to calculate the energy consumption for the
entire heating system. In this example, that total is 343,742,333 Btu. If the system is
heated by natural gas with a heating value of 1,000 Btu/ft’, and the average system effi-
ciency is 32 percent, then the total fuel consumption is:

v o Fua 343,742,333 Buu ( 1 )( 1 )
S A Season 1,000 Btu )\ 0.32
1,074,195 fr’
" Season

The cost to operate the system for the entire heating system is approximated by
(assuming natural gas is $4 per 1000 ft):
1,074,195 ft  $4.00 34297

Cost Season 1000 f¢° ~ Season

Toin f N, Q(T) E

62 0.106 737.336 5,000.00 3,686,680
57 0.092 639.952 13,333.33 8,532,693
52 0.086 598.216 21,666.67 12,961,347
47 0.076 528.656 30,000.00 15,859,680
2 0.078 542.568 38,333.33 20,798,440
37 0.087 605.172 46,666.67 28,241,360
32 0.102 709.512 55,000.00 39,023,160
27 0.094 653.864 63,333.33 41,411,387
22 0.074 514.744 71,666.67 36,889,987
17 0.055 382.580 80,000.00 30,606,400
12 0.047 326.932 88,333.33 28,878,993

7 0.038 264.328 96,606.67 25,551,707
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Thin f N, Q(T) E

2 0.029 201.724  105000.00 21181020
-3 0.018 125.208  113333.33 14190240
-8 0.010 69.560  121666.67 8463133

-13 0.005 34.780  130000.00 4521400
-18 0.002 13912 138333.33 1924493
=23 0.001 6.956 146666.67 1020213

1.2.2 Modified Bin Method

The modified bin method incorporates several corrections into the classical bin
method. The calculation procedure is essentially the same as in the classical method,
except solar gains, equipment heat loads, and adjustments to recognize occupied and
unoccupied times are incorporated into the weighting factors. Since these correc-
tions and adjustments simply represent a fine-tuning of the classical method, the
details are left to the ASHRAE Fundamentals Handbook, which includes a detailed
example problem in Chap. 28.

1.3 DETAILED SIMULATIONS

Detailed simulations offer a more precise method of calculating the hour-by-hour or
day-by-day heat load for a building. They calculate the instantaneous rate of heat
flow into the air contained within the occupied space. These simulations must accu-
rately calculate the convective heat transfer rate from surfaces to the room air and
the conductive heat transfer rate through walls to adjacent spaces.

Two of the more popular methods are the heat balance method and the weight-
ing factor methods. Each of these methods is described in the following two sections.

1.3.1 Heat Balance

The heat balance method is based primarily on the conservation of energy and the
conservation of mass equations described in Sec. 2. The method requires one con-
servation equation for each bounding surface and an additional energy conservation
equation for the room air itself.

Consider a room enclosed by three interior walls, one exterior wall, and a floor
and ceiling. The air enclosed by the surfaces is treated as one large control volume.
The energy conservation equations are written for each surface and for the air as:

zqurf + anin +n"lcp(Tinf - 71m) + ststem = O (17)
i=1

Qconv - Qcond = 0 (18)

The first equation is for the room air, and the second equation is for each of the sur-
faces bounding the room air. The heat transfer terms within these equations need to
be evaluated according to definitions provided in Sec. 2. For example, the convective
heat transfer at a surface is evaluated by:

Qconv = hA(Tm - 7—‘surf) (19)
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where 4 is the convective heat transfer coefficient, A is the surface area, and Ty, is
the temperature of the particular surface. These equations become more complex
when radiative heat transfer is included in the calculations.

To solve these equations, an iterative method must be employed. In addition, the
radiation terms must be linearized. In the end, the computations are well beyond the
capabilities of a pencil and sheet of paper. Hence, a computer algorithm of some sort
is necessary.

Chapter 28 of the ASHRAE Fundamentals Handbook (1997) provides several
equations that can be used to analyze heating and cooling requirements for a room.
However, they are not stressed here since they, as with the bin methods, do not pro-
vide a means to calculate the operative and mean radiant temperatures throughout
the occupied space. Neither do they provide a satisfactory means of calculating the
radiative heat transfer rates within the enclosure.

1.3.2 Weighting Factor Method

The weighting factor method, as with the heat balance method, provides a prescrip-
tion to calculate the instantaneous heat load to the air in an enclosed room. This
method differs from the heat balance method by using weighting factors to relate
various temperature distributions instead of the conservation equations.

The method uses what is called the Z-transform method of solving differential
equations at discrete points. The method uses two sets of weighting factors, one for
heat gain by the enclosed air and one for the air temperature itself.

Again, though, this method does not provide the critical information that is nec-
essary for evaluating thermal comfort. The solution from the weighting factor
method does not provide enough information to calculate the radiative heat trans-
fer rates throughout the enclosed space. Because of this major limitation, the
method is only mentioned here for completeness.

1.3.3 Computerized Simulations

Computerized sizing programs probably offer the designer the greatest flexibility.
Most computer simulations in use today run fairly quickly on a desktop computer.
From the author’s experience, most computerized sizing programs employ the bin
methods described in the previous section.

The benefit of computerized sizing programs is that they are fairly easy to learn
and they allow the user to assess many different configurations in a relatively short
period of time. The downside is that most, if not all, computerized solutions lack the
sophistication necessary to properly size radiant heating and cooling systems. The
reason for this is because they are all based on the room dry-bulb temperature. In
some cases (e.g., Blast), the algorithm calculates the mean radiant and operative
temperatures, but only in a coarse way.

Computerized solutions are discussed in detail in Sec. 8. They are mentioned here
only as an alternative to doing hand calculations.
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CHAPTER 2

THE BUILDING COMFORT
ANALYSIS PROGRAM
METHODOLOGY

The Building Comfort Analysis Program resulted from a research project that was
sponsored by ASHRAE. Research Project 657, Simplified Method to Factor Mean
Radiant Temperature (MRT) into Building and HVAC System Design, was com-
pleted at Kansas State University in 1994 and represents what the authors believe
to be a significant advance in the methodology used to size and specify radi-
ant heating and cooling systems. The basic objective of the research project was
to develop a method in which any heating and cooling system would be sized
according to the mean radiant and operative temperatures created in the occupied
space. The idea was to advance beyond the specification of the room air dry-bulb
temperature.

The Building Comfort Analysis Program [BCAP (pronounced be-cap)] is actu-
ally a methodology that is a unified collection of computer programs intended to aid
in the sizing and design of building heating systems. The BCAP programs were
developed to allow system designers to accurately account for radiant heat exchange
in the design process. Radiant heat exchange that is addressed in BCAP includes
radiant exchange between heaters and coolers and building surfaces, radiant
exchange between heaters and building occupants, radiant exchange between build-
ing surfaces and building occupants, and radiant exchange between different build-
ing surfaces. All of these exchanges are important considerations in determining
how a heating and cooling system will perform in a given application. The premise
behind BCAP recognizes that the purpose of a heating and cooling system should
not be to generate some specific indoor temperature; rather, the purpose should be
to provide comfort for the building occupants. Thus, the BCAP methodology uses
occupant comfort, in addition to physical parameters, as a measure of performance
of a heating system. Because of the detailed treatment of radiant heat exchange,
BCAP is particularly suited for use in designing radiant systems. Its use is not limited
to these systems, however. The BCAP methodology includes provisions for convec-
tive heat inputs. Therefore, since radiant heat exchange is an important factor in
designing any heating system, designers of nonradiant systems are likely to find
BCAP useful, especially when factors such as hot or cold windows, walls, and floors
are addressed.

The BCAP methodology does not design heating and cooling systems. The
BCAP methodology is intended to speed the design process and to allow engineers

4.11

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



THE BUILDING COMFORT ANALYSIS PROGRAM METHODOLOGY
4.12 SIZING AND LOAD ESTIMATION

to do a much better job of designing a system by accurately including the effect of
radiant heat exchange in the design calculations.

2.1 MATHEMATICAL MODELS
OF RECTANGULAR ENCLOSURES HEATED
BY RADIANT PANELS

Two promising methods that addressed the concept of the mean radiant and opera-
tive temperatures were developed prior to the BCAP methodology. These methods
are the Khan and Coutin-Rodicio model and the Howell and Suryanarayana model.
Each is described in the following sections.

2.1.1 Khan and Coutin-Rodicio Model

A mathematical model of a radiantly heated rectangular enclosure was developed
(Khan and Coutin-Rodicio, 1990). The model calculates the transient heat transfer
from radiant panels located symmetrically in the center of the ceiling. Conduction
through the ceiling, radiation from the ceiling and radiant panels, and natural con-
vection on all room surfaces are included in the calculations. The floor and four walls
of the enclosure are considered to participate in the radiant heat transfer. However,
the air within the enclosure is assumed to be a nonparticipating medium. View fac-
tors between the participating members have been compiled and reported by
Hamilton et al. (1952). To simplify the calculations, all participating members in the
enclosure are treated as blackbodies.

The model consists of a set of partial and ordinary differential equations. Three
sets of equations are developed. First, an energy balance on the ceiling results in:

*Te T h c < pcCe 9Tc
———(Te-T)-— D> F(Tt-TH)=——— 2.1
o oy T kep TR Z o ="k 0 @D
The initial and boundary conditions are as follows:
T=T, t=0
oT
™ 0 x=0 vy (2.2)
oT
—=0 x=[ y=0
ay * Y

Second, an energy balance is performed on the floor and four walls, resulting in
the following five equations:

dTl

4f
ACFCI(Eh,C - Eb,l) - Alz Fl/'(Eh‘l - EbJ) - hcAl(Tl - Ta) = 2[dwawpw % (23)
i=1
4.f de
ACFCZ(Eb,C - Eb,Z) - AZZFZj(Eb.Z - Eb,j) - hcAz( T2 - Ta) = 2ldbwcwpre (24)
i=1
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dTy
AcFes(Eyc — Eys) — AZF;J(EM Ey)) — heAs(Ts = T,) = 2ldb,Copy——

)
d

AcFei(Eoe — Eva) — A4ZF4J(EM Ey)) = heAy(Tu= T) = 20db,Copy=gt L (26)
4.f d

AcFe(Eye — Eng) — AZFf,(Ebf En)) = heA( Ty = T,) = 21db Copy—t L 27)

The first five terms to the left of the equal sign in each equation represent the radi-
ation exchange between surfaces in the enclosure. Convection heat transfer is
accounted for in the sixth term. The remaining term to the right of the equal sign
accounts for the transient heat transfer response.

Third, an energy balance is performed on the air within the enclosure and is
given by:

2.8)

d drT,
Ach(Te—T) + > Ah(T, - T,) + Ath(T; - T,) = pusi®de, 7
i=1

Figure 2.1 illustrates the results of a computer simulation.

40
Mean ceiling temperature
35
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g 30F
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g o5f
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50 1 2 3 4 5
Time, h

FIGURE 2.1 Transient response to participating
members and air in a rectangular enclosure (Kahn and
Coutin-Rodicio, 1990).

The sharp initial rise in the mean ceiling temperature and air results from the rise
in temperature of the radiant panels and natural convection between the radiant
panels and the air, respectively. Once the radiant panels reach their maximum tem-
perature (approximately 20 min), the mean ceiling temperature rises at a slower rate
resulting from the slow rate of heat conduction through the ceiling. The same phe-
nomenon occurs with the air. As the participating members begin exchanging heat
convectively with the air (approximately 20 min), the air temperature begins rising
at a slower rate (Khan and Coutin-Rodicio, 1990). For the case shown in Fig. 2.1, a
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heater surface area to ceiling surface area ratio of 0.36 is used. The radiant heater
contains a water inlet temperature of 70°C and a water flow rate of 0.05 kg/s.

This particular mathematical model incorporates conduction and convection into
the radiation calculations. Seven equations were solved by using a computer pro-
gram based on the finite difference method. The ceiling was divided into 200 control
volumes, and the temperature for each control volume was calculated explicitly.
However, the temperature of the four walls and floor were solved implicitly for each
time step.

2.1.2 Howell and Suryanarayana Model

Howell and Suryanarayana (1990) also developed a mathematical model for sizing
radiant heating systems. Their model is calibrated for three radiant heating systems:
ceiling panels, heated floors, and infrared units. Howell and Suryanarayana per-
formed a heat balance on a rectangular room by using the Fanger comfort equations
to define comfort for human occupancy (Fanger, 1972). The heat balance was writ-
ten as:

qri + qevi + qed,i = 0 (29)

where the sum of the radiant exchange with the other surfaces (g,;), and convective
exchange with the air in the room (q.,;) is equal to the conduction (q.q;) through the
surface. The radiative term in Eq. (2.9) is expressed as:

qri= goT} - ZE/GT?FFJ' (2.10)

j=1

assuming surface emittances to be at or above 0.9. The convective term in Eq. (2.9)
is expressed as:
Gevi = hc,i(Ti - Ta) (211)

Values for /. were taken from ASHRAE (1975, 1985), Altmayer et al. (1983), and
Min et al. (1956). The remaining conductive term in Eq. (2.9) is expressed as:

qeai= Coi(T; = Ty) (2.12)

and accounts for conduction from the inside surface of the wall to the outside air.

2.1.3 Thermal Comfort Model Conclusions

The Rohles-Nevins study provides the primary comfort database used throughout
the world. Although other studies have been conducted since that time, none of
these more recent studies are of a comparable size and scope; rather, they have
tended to focus on specific questions rather than developing a comprehensive data-
base. Essentially all comfort modeling uses the Rohles-Nevins database either
directly or indirectly. This database did not specifically address questions associated
with radiant heating of the human body. No attempt was made to separate radiant
interchange between the body and the environment from other thermal inter-
changes.

Fanger’s work describing the projected areas of the human body as a function of
elevation and orientation was conducted in the 1970s. It remains the primary data-
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base for describing radiant interchange between the body and the environment.
With appropriate descriptions of the surrounding environment, these data can be
used to calculate the total radiant exchange for the body. The primary limitation of
these data is that they are only for the whole body and cannot be used to describe
local effects of nonuniform radiant fields.

The Fanger model and the various forms of the two-node model are often used
for comfort research. The Fanger model is much simpler and, consequently, has
found more use outside the laboratory. Its PMV and PPD are used in ISO comfort
standards. The two-node model has the advantage of being more complete in its rep-
resentation of evaporative heat loss from the body and is applicable to a wider range
of physiological conditions. Both are limited in that they use a one-dimensional
description of the body and the thermal interaction with the environment. Neither
can describe local effects due to nonuniform environments and/or nonuniform
clothing coverage. Multinode models have the potential for describing such nonuni-
formity, but thus far have found little application outside the laboratory due to their
complexity.

Neither the currently available radiant database nor the commonly used comfort
models support effective analysis of nonuniform radiant environments. The mean
radiant temperature not only is the simplest method of describing the radiant envi-
ronment, but also has the same limitation of not describing nonuniformities. Empir-
ical studies that measure human subjective responses to asymmetric radiation can
be used to set limits on radiant asymmetry. At the present time, these data have not
been incorporated into comfort models due to the limitations described above.

The thermal circuit models provide simple techniques to calculate radiant heat
transfer in a room. They are limited, however, in application since they can only be
applied to rectangular enclosures. Other limitations that impact accuracy range from
a well-insulated room to a room with little or no ventilation.

The MRT method, described in Chap. 3 of Sec. 2, is an approximation to the
exact solution of radiative heat transfer in an enclosure. As an aside, the reader
should not confuse the terminology between the MRT method to calculate the
radiant exchange within an enclosure and the mean radiant temperature. They have
nothing to do with each other, and it is unfortunate that the names are the same.
The approximations are made in such a way that energy is not conserved in the
room. Consequently, the balanced MRT scheme was developed. This scheme
divided the net heat transfer imbalance among the room surfaces to guarantee that
energy was conserved. This method of balancing the energy equation, however,
may provide for a maldistribution of energy between the interior surfaces. Finally,
the balanced MRT calculations were found to significantly deviate from the exact
solution when the room geometry became even slightly complex. This deficiency
was somewhat remedied by adding a correction term to the energy equation.
Although the correction improved the accuracy for an L-shaped room, there is lit-
tle reason for the calculations to exhibit improved accuracy for complex geometries
that include partitions and so forth. As a final point, the linearized form of the radi-
ation term does not reduce to the original radiation term unless the fictitious plane
temperature and the surface temperature are the same. This problem can be
resolved by linearization, using a first-order Taylor’s series expansion about the sur-
face temperature.

The discrete ordinates method provides one of the more rigorous, yet flexible,
methods for efficiently calculating radiant exchange within a geometrically complex
enclosure. This method is based on fundamentals of radiation heat transfer and can
be made more precise by increasing the fineness of the numerical grid. Sanchez and
Smith (1992) have successfully used this method to model a two-dimensional enclo-
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sure with arbitrary surfaces and obstacles. Their calculations, however, are only two-
dimensional.

The Monte-Carlo method of solving the radiant transfer equation has been suc-
cessfully used for rectangular enclosures. The accuracy, however, is suspect unless
several thousand rays are used. This tends to result in excessive computational effort
and large memory requirements when the enclosure becomes geometrically com-
plex.

From the above review, the most flexible and efficient method for calculating
radiation heat transfer within a geometrically complex enclosure is the discrete ordi-
nates method. The MRT method is simply not founded on the fundamental prin-
ciples of radiation heat transfer and has yet to be shown that it can accurately
calculate radiant exchange in a complex enclosure.

2.2 THE BCAP METHODOLOGY

This section focuses on developing the mathematical energy model for a radiantly
heated enclosure by simplifying and developing a general set of equations based on
heat transfer and physical fundamentals. When solved, the ensuing set of equations
provides the radiant heat flux distribution throughout the room and the total, con-
vective, and radiative heat fluxes on each surface. In addition, the room and surface
temperatures can be calculated from the methodology.

Figure 2.2 illustrates the various modes of heat transfer that occur in a radiantly
heated room. In this figure, the radiant heater is positioned on the ceiling and radi-
ates to the other interior surfaces of the enclosure. The interior surfaces, in turn, radi-
ate to the other interior surfaces. The room air exchanges energy with the interior
enclosures by convective heat transfer. Energy enters and leaves the room through
air infiltration. Finally, energy is lost to the ambient by heat conduction through the
walls.

The governing equations for energy (heat) transfer for the room air and for each
wall surface within the room are written as:

N - (Tair - aE‘air
D AT = T)] +10 f CyT)dT +Qhe = — (2.13)
i=1 To t
To—-T;
LoT) +h(Tor = Ti) + {(X,' f In - QI I(Q)dQ" - sicT;‘}
Rth n- Q<0
- - aEair
+ O('I'Qsource + Qpanel = ot (214)

Since the work in this project is limited to steady-state calculations, Egs. (2.13) and
(2.14) are simplified to:

S AT - Ty 4| " C(DAT+ =0 (@15)

i=

(Th-T)
7th +h(Tu—T)) +1{oy f

n- Q<0

In - QI I(Q)dQ’ - e,-cT?}

+ Q; Qsource + Qpanel = 0 (216)
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FIGURE 2.2 Schematic of a radiantly heated room showing the various modes of
heat transfer.

Equation (2.15) mathematically describes the energy balance on the room air.
The first term represents convective losses to the bounding surfaces, and the second
term represents the air infiltration rate, where 7 is the temperature of the infiltrat-
ing air. The last term represents convective heat transfer to the air from the radiant
heater. The first term in Eq. (2.16) represents conduction through the wall where Ry,
is the thermal resistance of the wall and the outer convective boundary layer. The
second expression is the convective heat flux between the inside surface and the
room air. The third expression represents the incident radiant heat flux absorbed by
the wall surface, whereas the parameters / and Q are the spectral intensity and solid
angle. The fourth expression is the radiant emission from the wall. Together, these
two terms equal the net radiant heat flux at the bounding surface. The fifth term rep-
resents the heat source input, and the sixth term is the heating panel heat flux.

The following sections focus on these two equations by simplifying and develop-
ing a general set of equations based on heat transfer and physical fundamentals.

2.2.1 Radiation Mathematical Model

The radiative heat transfer model developed in this section is founded on accepted
fundamental relationships to ensure the broadest possible generalizations. Although
simplifying approximations are necessary to solve the fully three-dimensional radia-
tive transfer equation, they are introduced only in the final stages of the mathematical
model development. To this end, the mathematical model developed in this part starts
with the fundamental radiative transfer equation and proceeds to the point of calcu-
lating surface radiative heat fluxes and intensities necessary to solve equation (2.16).
The radiative heat transfer equation discussed in Chap. 3 of Sec. 2 has been
derived in many places (Viskanta and Menguc, 1987; Siegel and Howell, 1981). It
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includes a balance of radiant energy emitted and scattered into the direction of
propagation () and the radiant energy attenuation due to absorption and scatter-
ing by the medium out of the direction of propagation. When solved, the radiative
heat transfer equation provides the radiant intensity as a function of position, direc-
tion, and wavelength.

The parameters 7, and 1, are the spectral intensity and the blackbody spectral
intensity, and , and o, are the spectral absorption and scattering coefficients. Figure
2.3 schematically describes the coordinate parameter r and the solid angle parame-

& =sin 0 sin ¢
y KrQ)
¢ u cose

1 = sin 6 cos ¢

z

FIGURE 2.3 Schematic showing the coordinate
system and direction cosines for the radiative
transfer equation.

ter Q. Finally, the parameter @ is the phase function, which controls scattering of
radiant intensity into the direction Q. For the special case of radiant heating where
the air is not radiatively participating, x;, and o, are zero and, for a rectangular coor-
dinate system, the radiative transfer equation reduces to:

(V- QL(1rQ) = ”a 5% g—[;zo (2.17)

The variables W, &, and ) are the direction cosines, as described in Chap. 3 of Sec. 2.
Referring to Fig. 2.3, the direction cosines are defined as 1 = cos6; £ = sin¢ sinf; and
1 = sin¢ cosB. The boundary conditions for Eq. (2.17) are developed by considering
the energy emitted by the boundary and the incident radiant energy reflected by
the boundary, as shown in Fig. 2.4. If the boundary is considered to be a diffuse
emitter and absorber, and the incident radiation is transmitted through the bound-
ary surface, the boundary conditions are written as:

L pouna = &1 + L f ln- QI L(Q")dY
T o

(2.18)
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The parameters €, T), and p; are the surface spectral emissivity, transmissivity, and
reflectivity. The first term on the right side of Eq. (2.18) represents the spectral emis-
sion from the surface, whereas the second term represents the reflected radiant
intensity due to incident radiation on the surface. By including the transmissivity in
the second term, radiation lost through a window or other opening is taken into
account.

—_—
n
—>
le
/
Diffuse emission from the surface

e &,p of the wall surface

o
\_> Diffuse reflection of the incident intensities
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/ ¢

Incident intensities from all

directions opposite to the surface
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Iy intensities may be stronger than others

N

Transmitted intensity

FIGURE 2.4 Schematic showing the boundary conditions for the
radiative transfer equation.

Equations (2.17) through (2.18) represent a coupled set of equations that, when
solved, result in the radiation intensity as a function of direction, position, and wave-
length. Once [,(1,Q2) is known, it is substituted into Eq. (2.16) to solve for the air and
surface temperatures. The spectral dependency has been retained in these equations
for generality. However, if the surfaces are radiatively gray, which is usually a valid
assumption for room surfaces, the wavelength subscripts can be dropped.

The intensity equations may be solved by using one of several different methods.
The method employed in this work is the discrete ordinates method. The discrete
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ordinates method has been successfully used in combination with convection and
conduction heat transfer, providing a full mathematical model of the energy transfer
processes. The basic premise behind this method is to divide the enclosure into con-
trol volumes and then to integrate the radiant transfer equation [Eq. (2.17)] over
each control volume, resulting in a discretized set of algebraic equations (Fiveland,
1988; Truelove, 1988). Equation (2.17) is discretized by integrating over the three-
dimensional control volume with respect to dx, dy, and dz, in a specific direction j:

J‘L+AL J‘y+Ayfx+AX|: 811 E_,£ % = O]dxdydz (2.19)

The integration is completed by assuming the control volume interface spectral,
directional intensity invariant about the other two coordinate directions [i.e., the
intensity along the interface at x, I, is independent of y and z (Patankar, 1980)].
Applying this assumption to the other control volume interfaces, Eq. (2.19) is
approximated for each discrete direction j by:

0= M.jAZAy(IZ(JrAX,;h — IJX;L) + &jAZAX(I]).,+Ay,;L - I])I',h) + nijAy(I];JrAZ‘;L — 1177») (220)

The final form of the discretized spectral radiative transfer equation that can be
applied to an enclosed space is:

WAZAYL, + &AzAxL, + WAXAYL,

I {j’)L = - - -
WAzZAy + EAzAx + n/AxAy

(2.21)

The discretized form of the radiative transfer equation presented in Eq. (2.19) is
valid for a beam propagating in the positive x, y, and z directions at a specific wave-
length. All the direction cosines must be positive. For the case in which the beam is
propagating in the positive y and z directions, but in the negative x direction, the
term I, is replaced by I/, 5. For this case, the direction cosine W would be negative
and, therefore, the upstream and downstream intensities defined would be reversed.
By using this solution scheme, the direction cosines in Eq. (2.19) are always positive
and should, therefore, be represented by absolute values. The boundary conditions
associated with Eq. (2.19) are derived from Eq. (2.18) and represented by:

. 1-g -1 .
Licop=edoa(Ti=o) + % ZWi Il Lcons <O (2.22)
) 1-
Licva=alo(Tyo) + ———— d-6-m) EW Wl Iy s wi>0 (2.23)
1

7“) Z wilEl I o5, &<0 (2.24)

I@:o,x = leh,x(Tyzo) +

(1

. —& -7 .
Ly = &doa(Ty_py) + % Swild I Zy &3>0 (2.25)

(1

I_on = don(Ty_0) + —“) Z A Ty 1< 0 (2.26)

. 1-g -1 )
vy =&dop(T,-w) + % Zwi M L-wa, Mi>0 (2.27)
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The parameter w; is the quadrature weighting factor used to approximate the inte-
gral over the solid angle. The angular quadrature technique of approximating the
integral by carrying out the summation in Egs. (2.22) through (2.27) has been dis-
cussed in detail by Fiveland (1984, 1987, and 1988) and Truelove (1987 and 1988). In
general, the angular quadrature weights and directions must satisfy the physical con-
straints defined by the following equations:

f dQ=>w (2.28)
an 7
fz ndQ=pw,=m, ;<0 (2.29)
[ waw = Siw =T (230)
4r j

Similar equations are required for the other two directional cosines & and 1. Equa-
tion (2.28) represents the integral of the solid angle over all directions (Truelove,
1988), whereas Eqs. (2.29) and (2.30) represent the half-range flux and the diffusion
theory, respectively. The weights and directions that satisfy these equations are
shown in Table 2.1 for the S, model (three directions per octant). This particular
model has been evaluated by Truelove (1988) and Fiveland (1988) and found to be
quite accurate. Once the weights and directions have been determined, they can be
used to approximate any angular integral.

TABLE 2.1 Directional Cosines and
Quadrature Weighting Factors for the
Positive x-, y-, and z-Coordinate Octant
(Truelove, 1988)

M g n; ;
0.30 0.30 0.91 /6
0.30 0.91 0.30 /6
0.91 0.30 0.30 /6

The simultaneous solution of Eq. (2.21) through (2.27) produces the spatial,
directional, and spectral radiant intensity throughout the enclosure. If the surfaces of
the enclosure are gray, all the terms in Eq. (2.21) through (2.27) are treated inde-
pendent of wavelength by dropping the subscript A.

Obstacles inside the enclosure (e.g., a truck, airplane, or a piece of furniture) are
included in much the same way as was done by Sanchez and Smith (1992). As a beam
of radiant intensity travels through the enclosure, it may or may not encounter an
obstacle. If the beam does encounter an obstacle, a boundary condition must be
imposed by using the surface emissivity of the obstacle. This situation is schemati-
cally shown in Fig.2.5. The schematic shows the computational grid and the obstacle,
denoted by the shaded area. Starting from the left wall boundary, the intensity field
is diffusely emitted and reflected, even though the wall incident radiation may be
directional in nature. The intensity propagates through the air according to Eq.
(2.21) until it becomes incident on the surface of the obstacle. Assuming the obsta-
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FIGURE 2.5 Schematic showing how obstacles are incorporated into the discrete ordinates
model.

cle is at the same temperature as the room air, the gray boundary condition at the
obstacle surface is:

homa=ely (Ta) + 2 [ n- @1 1@y 2.31)

T ‘nq<0

The boundary intensity is the intensity that diffusely propagates in the opposite
direction from the obstacle surface, as shown in the figure. The first term on the left
side of Eq. (2.31) represents the intensity emitted from the obstacle, and the second
term represents the intensity reflected by the obstacle. Consequently, each control
volume must be tested to determine if it is part of an obstacle or a portion of the
room air.

For the S, discrete ordinates model employed in this work, there are 24 directions
that must be considered (three directions per octant). Therefore, W, &, and 1 are set
for the first of the 24 directions. Next, the boundary intensities are calculated at each
solid surface. The computation then proceeds by starting at the first node in the
domain and solving Eq. (2.21). To prepare for the calculation at the next sequential
node, the downstream control volume interface is tested to determine if it is an
obstacle. If it is not, the computation proceeds by calculating the interface intensity.
Otherwise, the interior nodes of the obstacle are bypassed. Equation (2.31) is then
solved to obtain the emitted and reflected intensity from the opposite obstacle sur-
face. If there are more nodes, the computation continues; otherwise, a new direction
is set. Once this procedure has been applied to all directions and nodes, convergence
is tested by comparing the intensities from the current iteration to those computed
during the previous calculation sweep. If the convergence criteria are not satisfied,
the entire iteration is repeated. If the spectral nature of the surfaces is considered, an
additional loop is added to cycle through the wavelength spectrum. However, the
work presented here assumes gray surfaces.
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The intensity field is then used to calculate the radiant heat flux at each surface.
The net incident radiant heat flux at a surface is calculated by (Brewster, 1992):

Grua= | In- QUIQ)dS (2.32)
Q

For a radiant heat flux in the x direction, the foregoing equation is approximated by
using a quadrature (Fiveland, 1988):

qrad = Zujlj(oj (233)

J

2.2.2 Conduction and Convection Mathematical Models

The conductive heat flux is calculated by using a thermal resistance (R,). Conduc-
tion heat transfer through each surface is calculated by:

Geonti =~ === (To; = T)) (2.34)

The subscript i represents the particular surface, 7; represents the inside surface
temperature, and T, ; represents the air temperature on the outer side of the surface.
The thermal resistance includes the thermal conductivity and thickness of the wall,
and the exterior convective heat transfer coefficient.

The convective heat flux from the room air to the interior surfaces is calculated
by using the appropriate heat transfer coefficient from the literature. The convective
heat flux to surface i is:

Qconv.i

= =h(T.— T 2.35
qCOHVJ Ai I( T I) ( )

The heat transfer coefficient 4; is determined by assuming natural (free) convection
in the room. Chapman (1984) recommends the Nusselt number correlations for free
convection past a vertical plane surface and around horizontal plates summarized in
Table 2.2.

TABLE 2.2 Empirical Correlations for Air Viscous Fluid Flow (White, 1991)

Property Correlation Constant
Thermal expansion B B=1/T, T = (Tsurtace + Tair)/2
. S w1 Ta\" _5
Kinematic viscosity v v="="Ho| Ho=1.716 x 10 kg/m - s
pp 0 Ty=273K
n =0.666
p=12kg/m?
g=9.8 m/s?
Tw\"
Thermal conductivity & k= k(](T) ko=10.0241 kg/m - s
0 n=0.81
Prandtl number Pr Pr=0.875-(92x10*) x T, + (12x10°) x T%

(-10°C < T,, < 100°C)
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The thermophysical properties k, v, and B used in the convection correlations for
air are calculated by using empirical relationships provided by White (1991). These
empirical relationships are summarized in Table 2.2.

2.3 USING THE BCAP METHODOLOGY

The BCAP methodology is an aid to the designer of building heating systems. It is
still the individual, not the methodology, who designs the heating systems. The
design process using BCAP is iterative by nature. The designer selects a heating
system design; the BCAP methodology is used to assess the suitability of the
design; modifications are made to the design, if necessary, based on the results of
the BCAP analysis; the revised design is evaluated using BCAP; and so forth. The
heating system is refined by using this process until the designer is satisfied with
the results. Obviously, the better the first system design, the quicker a final design
is achieved. Many equipment manufacturers, vendors, and system designers have
their own techniques for sizing and laying out heating systems. Individuals experi-
enced with these techniques are encouraged to use them for their initial designs. If
these techniques are good, then BCAP is only needed for refining the resulting ini-
tial designs.

Some individuals may need guidance in developing an initial design. There are
two major factors to consider in designing a heating system: (1) layout and (2) sizing.
The layout of the heating systems will depend on the type of equipment used and the
heating application. There is no one single correct way to lay out a system in a given
application, and good engineering judgment is an essential part of the job. There are
far too many possibilities to include suggestions on this topic in the BCAP programs.
The user who needs more information on this topic is referred to the ASHRAE
Handbooks for advice.

The methods described in Chap. 1,“ASHRAE Standard Methods,” of this section
provide a reasonable first guess of the size of a heating system. The BCAP method-
ology can then be used to fine-tune the heating system to provide optimal thermal
comfort and energy consumption.

The estimate provided by the ASHRAE standard methods is usually reasonably
accurate for uniformly heated buildings. The more localized the heating and the
more the unheated surfaces are at nonuniform temperatures, the less reliable the
estimate. This relatively simple calculation is the result that would be obtained if no
special attention is given to radiant heat transfer within the building and is typical of
calculations often used by heating system designers.

2.4 BCAP METHODOLOGY
EXAMPLE CALCULATION

This section provides an example of using the BCAP methodology and comparing
the BCAP results to several different building heating analyses. The final results are
shown, as opposed to the detailed step-by-step calculations, due to the complexity of
the calculations. However, the CD-ROM included with the Handbook can be used
to reproduce these results.
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2.4.1 Comparing BCAP Calculations to Field-Test Data

The BCAP methodology was validated by using data collected from the Adaptable
Fire-Safe Demonstration House located in Bowie, Maryland. The two-story house
has about 2200 ft? of living space, 8-ft ceilings, and is typical of houses built in the mid-
Atlantic region of the United States. A complete first story floor plan of the house is
illustrated in Fig. 2.6. During the 1993 to 1994 winter, the house was equipped with
and heated by radiant panel heaters. During this time, the room air and the operative
air temperatures were measured in various locations around the house.

The best reported data available for validation were collected in the dining room.
During a 5-h period of time, the outside air temperature was —2.22°C (28°F). The
dining room air and operative temperatures were reported over this 5-h period.
The room air floor directly underneath the center of the heater is 21.3°C (70.4°F). In
addition, the calculated mean radiant temperature at this location is 24.3°C (75.7°F).
Since the methodology calculates a mass averaged room air temperature, the calcu-
lated value was compared to the temperature measured at 109.22 cm (43 in) from
the floor. This location, since it is near the vertical center of the room, should be very
close to the mass averaged room air temperature. Comparing the measured and
calculated mean room air temperatures shows a difference of only 0.3°C (0.5°F).
The difference between the measured and calculated operative temperatures is
0.4°C (0.6°F). Both these differences are well within the expected tolerance of the
methodology showing that it accurately predicts room air and operative tempera-
tures.
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FIGURE 2.6 Schematic showing the first floor of the house used for validation.
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2.4.2 Example Calculations and Results

Heating analysis examples of four different buildings were performed to show the
utility of the BCAP programs. These structures are listed in Table 2.3(a) along with
the insulation values, infiltration rates, inside and outside design air temperatures,
and the door and window surface areas. The dimensions listed in Table 2.3(b) are all
length x height x width, and the coordinate system for all dimensions is shown in Fig.
2.7. Each structure was analyzed by comparing different radiant heating systems to
each other and to a convective heating system. The convective heating analyses must
be qualified by noting that the BCAP methodology does not include the effect of

TABLE 2.3(a) NAHB Results for the Dining Room (3.759 m x 4.064 m x 2.438 m)
with Outside Temperature of —2.22°C (28.0°F)
Walls R-19,e=0.9
Windows R-2,e=04,7=0.1
Floor R-11,e=0.9
ACH 0.5 (22.7 kg/h)
Indoor measured temp 18.1°C (64.5°F)
Indoor measured 7, 21.7°C (71.0°F)
Heater

2 ft x 8 ft Enerjoy People Heater

50 W/per ft?

Centered 2 ft from back wall,
6 ft 2 in from side walls
800 W total output, 90% radiant

Evaluation location 1.88 m from front kitchen wall, 3.45 m from front wall,

1.09 m from floor

BCAP calculations T = 18.4°C (65.0°F)
T =24.3°C (75.7°F)
T,, =21.3°C (70.4°F)
TABLE 2.3(b) Descriptions of the Example Buildings Used to Demonstrate
the Utility of the BCAP Programs
Warehouse House Office Factory
Building 12mx6mx6m 2mx3mx6m 12mx3mx6m 12mx6mx6m
data (A0 ftx 20 ftx 20 ft) (40 ftx 8 ftx 20 ft) (40 ft x 8 ft x 20 ft) (40 ft x 20 ft x 20 ft)

Wall R-11 R-19 R-11 R-11
Window R-2 R-3 R-2 R-2
Window surface

area 5% 20% 20% 10%
Door R-2 R-3 R-2 R-2
Door surface area 10% 5% 10% 10%
Ceiling R-19 R-38 R-19 R-19
Floor R-1 R-19 R-1.5 R-1
Infiltration 2 ACH 0.4 ACH 1.5 ACH 2 ACH
Outside temp (°C) 0°C 0°C 0°C 0°C
Indoor design

temp (°C) 10°C 18°C 20°C 10°C
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All dimensions measured from this point.

FIGURE 2.7 Schematic showing the coordinate system and dimensions used to define
the buildings.

room air movement on the thermal comfort of the occupants. Consequently, this
may, in some unknown way, impact the analyses. The various heaters used in the
analyses are listed in Table 2.4 and the evaluation locations for each building are
listed in Table 2.5. Unless otherwise stated, all heaters exhibit 70 percent of the out-
put as radiant heat, whereas the remaining 30 percent output is convective.

2.4.2.1 Warehouse. The results from the warehouse heating analysis are shown
in Table 2.6. The first radiant heating system is a tube-type heater located in the
center of the ceiling between the left and right surfaces as shown in Fig. 2.8(a). The
tube-type heater is modeled by using four uniform cylindrical radiant flux segments
(type 10 in Table 2.4). Each heater was assigned a power output of 2200 W for a
total heat input of 8800 W. For this case, all the evaluation locations were 2 m
(6.56 ft) above the floor surface. The result for the first location, which is positioned

TABLE 2.4 Types of Discrete Heaters Used in the
Examples and Validation of the BCAP Programs

1 Uniform hemispherical radiant flux, 180°

10 Uniform cylindrical radiant flux segment, 90°
12 Uniform cylindrical radiant flux segment, 30°
Fixed-temperature slab heating

TABLE 2.5 Evaluation Locations in Each Building

Building Location 1 Location 2 Location 3 Location 4
Warehouse Imx2mxIm 6mx2mx3m 11mx2mx3m

House TmxImx5m 4mxImx55m 6mxImx3m 05mx1Imx05m
Office 2mxImx3m 6mxImx3m ImxImxSm 10mxImxIlm
Factory 2mx1Imx3m 6mxImx3m 6mxIlmx1lm 4mx1lmx1lm

The dimensions are given in terms of x-, y-, and z-, as shown in Fig.2.7.
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TABLE 2.6 Warehouse Heater Evaluation Using a Tube-Type Radiant Heater,
a Temperature-Controlled Floor Slab Heater, and a Convective Heater

Heater information

Number  Power/ Evaluation location

of heater”  Top/Tun Top/Twne Top/Tee  Top! Tt
Heater type heaters (W) (°C) (°C) (°C) (°C)

Tube-type (type 10)
located in center

of ceiling 4 2200 10.6/11.8 14.6/19.9 11.0/12.6
Floor heating (Toor = 20°C) Slab 5433 11.8/13.7 12.3/14.6 12.0/14.1
Convection 1 5800 8.1/6.2 8.0/5.9 8.1/6.2

The air temperature for each heating system was 10°C (50°F).

" The slab heat input into the building is 2810 W by convective heat transfer and 2633 W from radiative
heat transfer. These results show that 52 percent of the heat to the room is by convection and 48 percent is
by radiation.

well away from the heater, is the coldest temperature. The second location, which is
directly beneath the heater, is substantially warmer. The higher operative tempera-
ture is due to the increased radiant field from the heater. The calculations show that
the operative temperature is 4.6°C higher than the mean air temperature, leading
to a thermally warmer climate compared to a system without radiant heating. The
third location is directly underneath the right edge of the heater and, therefore, is
slightly cooler than the second location. All three locations, however, exhibit an
operative temperature greater than the mean air temperature.

The second heating system is a floor slab heater with a temperature of 20°C
(68°F). Although all locations exhibit approximately the same operative tempera-
ture, the first location, which is closer to a wall, is between 0.2°C and 0.5°C lower
than the other operative temperatures. This lower temperature is due to the effect of
the proximity of the walls. Since the walls lose heat to the ambient, the wall surface
temperatures are lower than the floor temperatures. The calculations show that the
wall temperatures in the vicinity of the first location are about 12°C (53.6°F), lead-
ing to the lower mean radiant temperature which, in turn, leads to the lower opera-
tive temperature. The total heat that is added to the room by the floor slab heater is
5433 W. The calculations show that 52 percent of the floor heat is convective and 48
percent is radiative.

The third heating system is a convective system. From a modeling standpoint,
the heat is added directly to the air, and then the air heats the building surfaces.
The power necessary to achieve the design air temperature is 5800 W. However, the
results in Table 2.6 show that even though the room air temperature is 10°C (50°F),
the operative and mean radiant temperatures are substantially lower than for the
previous two heating systems. Consequently, even though the convective system
requires less energy to maintain the design air temperature, the occupants would
feel colder with the convective system than with either of the radiant systems. As a
final comparison, the convective heating system required 10,900 W to provide an
11°C (51.8°F) operative temperature. The mean room air temperature was, how-
ever, 18.1°C (64.6°C). Consequently, the convective system required 2100 W more
power than the radiant tube-type heating system to provide the same level of ther-
mal comfort.
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FIGURE 2.8 Schematics showing the radiant heater systems for the various examples. The
schematics are shown from the top. (a) Warehouse. (b) House. (c) Office. (d) Factory.

2.4.2.2 House. The heating system analysis for the house is shown in Table 2.7.
The first system is a radiant heating panel mounted flush with the ceiling and located
in the center of the ceiling. The power output necessary to maintain the 18°C
(64.4°F) design air temperature is 3000 W. All the evaluation locations exhibit an
operative and mean radiant temperature greater than the mean air temperature. The
third location (Table 2.5), which is directly under the radiant heater, exhibits very
high operative and mean radiant temperatures. This is due to the proximity of the
heater to the evaluation location.

The second heating system is composed of four radiant panels again mounted
flush with the ceiling. Each panel is located in a corner of the ceiling with the heater
center 1 m (3.28 ft) from each wall, as shown in Fig. 2.8(b). Each panel was powered
at 730 W to achieve the design room air temperature. All the evaluation locations
exhibit a fairly uniform operative temperature with the fourth location about 1°C
(1.8°F) higher than the other three locations. The reason for this is that the fourth
evaluation location is positioned under one of the heaters.

The convective heating system required 2500 W to achieve the design room air
temperature. As with the previous example, the mean radiant and operative tem-
peratures are lower than the room air temperature, leading to a colder feeling than
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TABLE 2.7 House Heater Evaluation Comparing Two Different Panel-Type Radiant
Heating Systems and a Convective Heating System

Heater information

Number  Power/ Evaluation location

Of heater Top/Tmn Top/Tmn Top/Tmrl Top/Tmrl
Heater type heaters W) (°C) (°C) (°C) (°C)

Panel heater (type 1)

located in the center

of the ceiling 1 3000 19.3/204  19.1/20.0 27.1/36.1 18.5/18.9
Panel heaters (type 1)

located in corners of

the ceiling. Heater

center is 1 m from

each wall 4 730 18.5/18.9 18.6/19.1 18.8/19.6  19.5/20.9
Convective 1 2500 16.4/149 16.4/149 16.5/151 16.5/15.0

The room air temperature was 18°C (64.4°F) for each case.

for the radiant cases. Consequently, to achieve the same level of comfort, the air tem-
perature would have to be increased by increasing the power to the heater. The con-
vective heating system required 2950 W to provide a 19.2°C (66.6°F) operative
temperature. The mean room air temperature for this case was 21.0°C (69.8°C).
Consequently, the convective system required slightly more power than the second
radiant panel system and slightly less power than the first radiant panel system to
provide the same level of thermal comfort. The difference between this example and
the warehouse example is the insulation. Since the house is well insulated, the inside
wall temperatures are approximately the same for both heating systems; however,
the calculations did not include air stratification or air movement.

2.4.2.3 Office Building. The heating system analysis for the office building is
illustrated in Table 2.8. The radiant heating system, shown schematically in Fig.
2.8(c), is a perimeter system composed of eight panel-type radiant heaters powered
at 1200 W per heater. The combined heater output is 9600 W. The design air temper-
ature is 20°C (68°F). The operative and mean radiant temperatures for the office

TABLE 2.8 Office Building Heating Analysis Comparing Eight Panel-Type Radiant
Heaters Positioned Around the Perimeter of the Room with a Convective Heater

Heater information

Evaluation location

Number  Power/

of heater  Top/Tiun Top! Trnwe Top! Trnwe Top! Trnwe
Heater type heaters (W) (°C) (°C) (°C) (°C)
Panel-type (type 1)
located around
room perimeter 8 1200  21.3/22.5 20.8/21.6  21.0/22.0  21.1/22.1
Convection 1 6950 16.2/12.2 16.0/12.0  162/123  16.2/12.3

The air temperature was 20°C (68°F) for each case.
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building are uniform, with the second location (center of the room) exhibiting a
0.2°C to 0.5°C lower operative temperature than the other locations. The reason for
this lower operative temperature is that the heaters are on the perimeter of the
room, whereas the evaluation location is at the center of the room.

The convective system required 6950 W to maintain the design air temperature.
The operative temperatures are approximately 5°C (9°F) lower than for the radiant
heating system, whereas the mean radiant temperatures are about 10°C (18°F)
lower than those exhibited by the radiant heating system. Some possible reasons
why the operative and mean radiant temperatures for the office convective heating
system are substantially lower than the corresponding temperatures for the house
are the lower ceiling and wall insulation values. These lower values would, in turn,
lead to lower wall and ceiling inside surface temperatures that then lead to lower
mean radiant temperatures. The convective heating system required 9150 W to pro-
vide a 21.0°C (69.8°F) operative temperature. The mean room air temperature for
this case was, however, fairly high at 26.0°C (78.80°F).

2.4.2.4 Factory. The factory heating analysis is shown in Table 2.9. The goal of
this analysis is to show the benefit that can be achieved from localized and selective
heating. To show this comparison, five heating systems were evaluated. The first is a
spot-type radiant heating system (type 12 from Table 2.5) positioned 6 m (19.7 ft)
above the local workstation and spaced as shown in Fig. 2.8(d). The second system is
the same as the first, except located 3.5 m (11.5 ft) above the floor. The third is the
same as the second, except powered at a lower rating. The final two heating systems
are convective heating systems. The first radiant spot heating system required a
power output of 2200 W per heater to maintain the design air temperature of 9.5°C
(49.1°F). The first two locations are at two of the individual workstations, whereas
the other two locations are positioned away from the workstations. The results show
that, although the room air temperature is only 9.5°C (49.1°F), the workstations are
maintained at an operative temperature of approximately 13°C (55.4°F). The two
nonworkstation locations exhibit operative temperatures slightly higher than the
mean air temperature since the wall temperatures are greater than the building
mean air temperature.

The second case exhibits the situation in which the same heaters are used, except

TABLE 2.9 Factory Heating Analysis Comparing Six Spot-Type Radiant Heaters Positioned
Above Workstations to a Convective Heater

Heater information

Number  Power/ Evaluation location

of heater Top! Trure Top! Trure Top! Trure Top! Trnwe
Heater type heaters (W) (°C) (°O) (°O) (°O)

Spot-type (type 12)

on ceiling (6 m

above floor) 5 2200 13.2/169 12.9/162  11.3/13.1 10.0/10.4
Spot-type (type 12) 5 2200 17.5/25.7  17.7/26.2 9.6/9.9 9.3/9.4

3.5 m above floor 5 1500 12.2/181  12.4/185 6.6/6.7 6.3/6.4
Convective 1 6000 7.2/4.9 7.1/4.8 7.2/14.9 7.3/52

The spot heaters were first positioned at 6 m, and then at 3.5 m. A second case was investigated at 3.5 m
with 1500 W spot heaters. The air temperature for all cases except the 1500 W spot heater case was 9.5°C
(49.1°F). The air temperature for the 1500 W spot heater case was 6.3°C (43.3°F).
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they are lowered from the 6-m (19.7-ft) elevation to an elevation 3.5 m (11.5 ft)
above the floor. This action increases the operative temperature at the workstations
by 4.3°C to 4.8°C (7.7°F to 8.8°F). Conversely, the operative and mean radiant tem-
peratures at the nonworkstation locations exhibit a corresponding decrease. The
reason for this decrease is that the radiant heat is more focused when the spot
heaters are closer to the workstation. Consequently, the workstation operative tem-
peratures increase while the nonworkstation operative temperatures decrease as the
heaters are moved closer to the floor.

The third case illustrates the energy savings that can be accomplished through
selective and focused radiant heating. In this case, the radiant heaters remain in the
same location as for the second case, but the power per heater is reduced from 2200
W to 1500 W. This power reduction results in a room air temperature of 6.3°C
(43.3°F). The data in the table show, however, that the workstation operative tem-
perature is within 1°C (1.8°F) of the workstation operative temperatures from the
first case. The nonworkstation operative temperatures, as expected, approach the
room air temperature.

The convective heating system required 6000 W to maintain the design air tem-
perature at 9.5°C (49.1°F). As expected, the operative and mean radiant tempera-
tures are substantially lower than those calculated for the three radiant heating
systems. An interesting comparison is between the convective and 1500 W radiant
heating systems. Although the radiant system results in a mean air temperature that
is 3.2°C (5.8°F) lower than that produced by the convective heating system, the
workstation operative temperatures are 5.0°C to 5.3°C (9.0°F to 9.5°F) greater than
those produced by the convective heating system. To provide a better comparison,
the 1500 W radiant heating system was reexamined with each heater at 1200 W,
resulting in a total heat input of 6000 W. The workstation operative temperatures
decreased to 9.9°C (49.8°F) and 10.0°C (50.0°F), respectively. The nonworkstation
operative temperatures decreased to 5.2°C (41.4°F) and 5.0°C (41.0°F), whereas the
room air temperature decreased to 5.0°C (41.0°F). Consequently, the radiant sys-
tem, with task heating, can produce a more favorable thermal climate than the con-
vective heating system with the same power input.

2.5 CONCLUSIONS

The BCAP methodology advances the sophistication of sizing and placing heating
and cooling systems. The examples provided in this chapter show that a heating
and/or cooling system can be optimized to provide thermal comfort to particular
regions of an enclosed space (e.g., in the factory setting).

At this point, the reader should have an appreciation for the complexity neces-
sary to design, specify, and place heating and cooling systems. Designing for a spe-
cific dry-bulb temperature is much easier than designing for human thermal
comfort; however, the rewards of increased fuel economy can be enormous.
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CHAPTER 1

INTRODUCTION TO
RADIANT PANELS

1.1 RADIANT PANEL BASICS

A radiant heating panel, normally a flat surface, is defined as a surface from which
at least 50 percent of energy transfer is accomplished through radiation. The bal-
ance of surface or panel face heat transfer occurs by convection. Radiant heating
panels include concealed and visible panels that cover or encompass a large or
small fraction of a wall, floor, or ceiling. Panel form ranges from discrete ceiling
units to cove, recessed, or surface-mounted wall units, and embedded floor, ceiling,
or wall hydronic tubing, or electric cables, wire, and mats.

Research results and physical governing laws prove that the radiative emission
from a surface is independent of surface orientation. However, it is well docu-
mented that convection heat transfer is a strong function of surface orientation.
For example, Nusselt number (Nu) correlation for a heated horizontal plate facing
downward versus the same heated horizontal plate facing upward leads to sub-
stantially different convective heat transfer coefficients. As long as the surface
temperature and other characteristics remain the same, the radiation heat transfer
rate is unchanged. However, the varying heat transfer coefficient changes the per-
centage of the total energy that is represented by the radiant energy emitted from
the surface.

For example, a heated plate facing downward with a surface temperature of 370 K
exposed to an air temperature of 290 K results in a natural convection Nu of 98, lead-
ing to a convective heat flux from the surface of 110 W/m?2 The same plate exposed to
the same conditions—but facing upward—results in a natural convection Nu of 491,
almost five times larger, equating to a fivefold increase in the convective heat trans-
fer rate—552 W/m?.

For this plate at the given temperature, the radiative emission is 1063 W/m? Con-
sequently, changing the orientation of the heated plate from horizontally facing
downward to horizontally facing upward changes the percentage of the radiative
emission from about 90 percent to 48 percent for these example conditions.

Large-percentage variation significantly impacts heating system design. The ori-
entation can be adjusted to achieve the desired level of occupant thermal comfort,
which may be determined from a combination of convective and radiant heating.
The level of occupant thermal comfort obtainable from surface conditions and ori-
entations is explained in Sec. 8 of this Handbook, where the BCAP design method-
ology is demonstrated.

5.3
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Thermal radiation is transmitted at the speed of light, travels in straight lines that
can be reflected, and elevates the temperature of solid objects by absorption but
does not perceptibly heat the air through which it travels. All bodies in the built envi-
ronment exchange thermal radiation continuously. The rate at which heat transfers
depends on the following four factors:

1. Emitting surface and receiver temperature

2. Radiating surface emittance

3. Receiver reflectance, absorptance, and transmittance
4

. Emitting surface and receiver view factor—viewing angle of the occupant to the
radiant source

All types of radiant panels can be successfully designed if the preceding factors are
taken into consideration in the analysis. The impacts of the physics involved often
determine which type of radiant panel or heater is more appropriate for a given
application as well as the operational efficiency of the installation.

1.2 RADIANT PANEL CHARACTERISTICS

Radiant heating panels are used in residential, commercial, institutional, and industrial
buildings. Each type of panel has found application in all types of buildings, although
certain applications are more likely candidates for each type of radiant panel. For
example, discrete-metal or framed-fiberglass modules are common for T-bar grid ceil-
ing heating, whereas hydronic tubing and electric cables and mats are used for floor
heating or warming panels. Gypsum panel ceilings with embedded or surface-affixed
resistance wire were commonly used in residential, all-electric homes in the 1960s.
Where low-intensity, high-temperature heating is required, gas-tube, electric quartz, or
filament heaters are used.

Radiant heat is fuel-neutral. A radiant heater is not defined by the energy input;
rather, it is defined by the predominant method of heat output. Most electric radiant
heaters are available in 120, 208, and 240 V, and for some types 277 and 480 V is
available. International use requires design for additional specific voltages including
100,200,220, and 347 if uniform wattage output is desired for standard sizes or mod-
els. Hydronic radiant panels may receive heated fluid from almost any source
designed to heat water, including geothermal heat pumps, boilers, combination
potable water heaters, and alternate energy sources.

Radiant panels provide unique opportunities for the provision of thermal comfort
and conservation of energy. Occupants of radiantly heated buildings confirm comfort
satisfaction. State-of-the-art design programs graphically verify comfort conditions
through a thermal comfort signature. Based upon comparative comfort satisfaction,
you would expect that radiant systems would be very common. In fact, radiant heat-
ing, although very popular, is far from challenging the dominant market share of tra-
ditional forced-air systems. There are many explanations, but it is very hard for both
users and the radiant industry to fathom why everyone does not have one form or
another of radiant heating.

Occasional failure of metal, rubber, and plastic concealed conduit has had little
impact on hydronic radiant heating growth. Electric radiant heating growth was
hampered by the rapid escalation of electricity costs following the oil embargo and
concealed radiant ceiling failures due to a few publicized materials and installation
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failures. However, failures are extremely rare when licensed contractors who spe-
cialize in radiant installations install materials with prominent testing organization
marks and labels.

Air conditioning is now a standard feature in new homes throughout the United
States. This has led some contractors to front-load air-conditioning costs, while low-
ering the heating cost, thus making it harder for someone selling only heating to
compete. But perhaps the biggest hindrance to growth is the lack of comparative sys-
tem information output availability from the design programs in common use. When
convection and radiant systems are compared as though both are convection sys-
tems, the radiant advantages are not apparent. Design programs must incorporate
the performance characteristics unique to radiant systems in order to provide robust
comparative information.

The lesson to be learned is that designers need access to computer simulation
programs that factor mean radiant temperature (MRT) into dynamic heat transfer
analysis that is related to occupant thermal comfort. It is essential that codes and
standards be monitored for inclusion of radiant, as well as other, heating systems.
Finally, additional research is needed to more precisely define occupant health and
productivity relationships to heating and cooling system thermal comfort perfor-
mance. ASHRAE Standard 55-92, Thermal Environmental Conditions for Human
Occupancy, provides a means by which this process could proceed were the Stan-
dard to become central to system design.

There are proven materials, components, and equipment listed or marked by lead-
ing nonprofit testing organizations for all radiant designs and applications. There is
also a large pool of qualified installers, many who are members of the Radiant Panel
Association (RPA) and are listed in the RPA Internet directory. The benefits of radi-
ant heating and cooling merit the “learning curve” investment to develop the same
specification confidence that is enjoyed with convection systems.

1.3 RADIANT PANEL SYSTEM EVALUATION

There are many advantages unique to radiant panel systems. The authors have

included those recognized in ASHRAE Handbook Fundamentals, research, and man-

ufacturers’ literature. The importance of each feature will vary with the application

and geographic location. However, a full understanding of the impact of radiant panel

features on design comparison is essential to a robust comprehensive evaluation.
Radiant panel evaluation features include the following:

¢ Better comfort levels because radiant loads are satisfied directly and air motion is
at normal ventilation levels.

¢ Energy savings due to reduced air infiltration and exfiltration, lower or nonexis-
tent heat transmission losses compared with ducted systems, and lower heat loss
due to dry-bulb air temperatures that are no higher than the level required for
occupant thermal comfort.

¢ Low or minimal maintenance is required for radiant panels.

e Reduced air filtration as makeup air is required only for ventilation and not for
deliveries of heat as forced-air systems require.

¢ One hundred percent usable floor space and simplified wall, floor, and structural
systems because there is no space-conditioning equipment at the outside walls.

Downloaded from Digital Engineering Library @ McGraw-Hill (www.digitalengineeringlibrary.com)
Copyright © 2004 The McGraw-Hill Companies. All rights reserved.
Any use is subject to the Terms of Use as given at the website.



INTRODUCTION TO RADIANT PANELS
5.6 RADIANT HEATING SYSTEMS

¢ Cleanliness due to elimination of mechanical equipment in the conditioned floor
space satisfies certain legal requirements.

¢ Window treatment freedom as installation is not restricted by space-conditioning
equipment.

¢ Simultaneous hydronic heating and cooling without central zoning or seasonal
changeover when a four-pipe system is used.

e Common central air system can serve both interior and perimeter zones.
¢ Space partitioning and use flexibility with modular radiant panel systems.

¢ Reduced air quantities for 100 percent outside air systems mean smaller penalties
in terms of refrigeration load.

¢ Draft-free environment due to a minimum supply of air quantities with radiant
heating and cooling.

¢ Little or no noise compared with induction and fan-coil units.
¢ Peak load reduction due to mass thermal energy storage in the panel structure,
exposed walls, partitions, and furnishings.

e Hybrid system problem solving when coupled with other conditioning systems for
heat loss (gain) compensation for cold or hot floors, walls, windows, skylights, fire-
places, or other cold surfaces.

Radiant panel disadvantages include the following:

¢ Slow response is a characteristic of high-mass systems that can be ameliorated by
careful selection and installation of heating elements and controls.

¢ Nonuniform surface temperatures due to improper element sizing, piping instal-
lation spacing, or insufficient heat capacity.

¢ Options may be restricted for building materials selection, floor coverings, fur-
nishings location, and heater proximity.

¢ Renovation, redesign, and furnishings options and costs may be impacted.

Radiant heat panels provide natural, direct source-to-object heating that does
not require a heat transfer medium. A radiant panel is noiseless, odorless, and gen-
erally maintenance-free. Panel design and planar location establish basic heat trans-
fer characteristics that can be managed by thermostats, and fluid controls in the case
of hydronic systems.

1.4 RADIANT SYSTEM COST ANALYSIS
FACTORS

Electricity, oil, gas, propane, wood, and alternative energy sources have all been used
successfully as the source of energy for radiant heating. Deciding which energy
source to choose requires rigorous analysis. Factors to be determined include not
only the usual series of equipment and insulation iterations, but also the use,
lifestyle, and building-as-system control implications on operating cost. Initial, life-
cycle, and maintenance cost analysis add yet another dimension.

The simple first-order fuel cost per Btu analysis shows how the market currently
prices the various energy options, using Btus as the common indicator. Incorpora-
tion of actual installation, use, and control factors leads to operating cost informa-
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tion that reflects the actual system-specific Btu requirement under conditions of use.
The real-world, or miles-per-gallon, information may be expressed in a form that can
be used with Btu cost to determine which heating system using which fuel is the most
cost-effective in terms of annual operating cost.

A simple comparative indicator of overall Btu lifestyle efficiency is expressed as
Btus per heating degree day per square foot of total heated space. This index is an
excellent indicator of just how efficiently a heating system is able to address occu-
pant thermal comfort requirements in the routine use of occupied space and is
expressed in terms of known parameters as:

B E (Btu)
~ HDD (day - °F) X A (%)

g (1.1)

The performance parameter  is then given in units of Btu/ft*> per heating degree-day
in a heating system. Typical numbers range from 2.5 to greater than 10. The lowest
number represents the lowest comparative conditioned space Btu usage. As an
example, consider a home where { is 4.0 for a 2000-ft* house in a region of the coun-
try where there are 7000°F-days. Employing this equation shows that the annual
energy consumption to heat the home would be approximately 20,515 kWh, which,
at a rate of $0.06/kWh, would cost approximately $1231 per heating season. The sim-
ple multiplication of { by the cost per Btu of the various fuels provides the actual
cost per degree-day per square foot of space as actually used for each system being
analyzed. The operating analysis provides perspective for the life-cycle cost analysis
and is worth looking at in detail.

Life-cycle analysis incorporates all original installed cost factors associated with
each heating system selection in relation to the building in which the system is to be
installed. To prevent surprises, review local code, building, or association regula-
tions to determine that all requirements for specific systems and equipment have
been included. Minimum energy standards adopted by most jurisdictions are those
from ASHRAE Standards 90.1 and 90.2 for commercial and residential buildings,
respectively.

Accurate maintenance, repair, and equipment life input is essential. An appropri-
ate cost of capital, or discount, rate is applied in order to reduce each alternative to
what is known as the net present value of the expenditure stream for each system.
The Federal Energy Management Program (FEMP) website provides extensive dis-
count rate information.

While there are life-cycle costing models in many texts, a universally accepted
model for energy analysis may be found on the Internet at the U.S. Department of
Energy website. The FEMP Building Life Cycle Cost (BLCC) program is designed
for use by both for-profit and nonprofit organizations with adjustment of tax
input. While the program is designed for the entire building, a similar approach
can be developed for heating- or cooling-system-only analysis. However, a true
appreciation of radiant system life-cycle cost performance stands out in a BLCC
analysis.

Finally, although out of the scope of engineering analysis, it is important to obtain
projections for long-term fuel cost and to incorporate an assessment of the impact of
market and technology changes. The array of projections may seem intimidating.
However, information developed by the U.S. Government Department of Com-
merce contains long-term trend analysis, which provides perspective to other infor-
mation being reviewed. Analysis, which includes occupant comfort-based operating,
life-cycle, and present and projected fuel costs, provides meaningful information for
comparative radiant and convection heating system evaluation.
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1.5 RADIANT APPLICATIONS ARE EXTENSIVE

Electric and hydronic radiant heating panels are appropriate for all buildings. They
are commercially available in the configurations required to provide heating for all
building types. The characteristic features of radiant heating panels are common to
both hydronic and electric radiant heating systems. Key radiant panel features
include lack of dust, noise, odor, maintenance, and impact on relative humidity.

Electric radiant systems exhibit the control flexibility characteristic of electricity,
including very fast-acting systems. Temperature setback and thermal storage is also
possible over a broad range of comfort requirements. Electric utility rate structures
often are an important factor in economic analysis for electric radiant panel systems.
The local Public Utility Commission has historically overseen electric rates, which
differed by use and customer classification. In some areas, the rates in a given class
were flat all year long. In other areas, the rates per kilowatthour were fixed, but dif-
ferent during different seasons and varied by time slots over a 24-h period.

With deregulation and the associated industry dynamics, real-time pricing is likely
to become more common. In fact, in areas where electricity charges in relation to
system-wide demand—real-time pricing—are in place, users have the option (indeed,
incentive) to schedule electric consumption when rates are most attractive. With real-
time pricing the rates may change frequently and fluctuate widely. Real-time pricing
eliminates the rate stability and predictability that are characteristic of time-of-day or
peak and off-peak time periods during which flat rates are either high or low.

Identification of the daily time periods with low and stable rates is an important
factor in determining the thermal storage potential of a radiant system. Building
mass retention of radiant heat or cool enables a level of thermal sailing that could be
important under a condition of power interruption necessary to gain the full benefit
of time-of-day rates or real-time pricing.

Electric radiant heating panels generally consist either of discrete manufactured
panels, modules, or fixtures ready for electrical connection on-site, or of terminated-
component heating elements consisting of cable, wire, or assembled mats. In some
cases, terminations are field constructed. Electric radiant panels and component
products are described in some detail in Chap. 2 of this section because these com-
ponents are integral to the radiant panel. Hydronic mechanical systems, such as boil-
ers, geothermal heat pumps, and combination heaters are not part of the radiant
hydronic panel, but are discussed in Chap. 3 of this section in terms of characteristics
that could influence radiant panel performance and control.

Hydronic systems involve a broad selection of radiant panel configurations. Tradi-
tional high-mass systems are most common. The growing interest in radiant hydronic
heating has spurred the development of many new radiant panel approaches. Innova-
tions include small-diameter capillary-style mats, interconnected routed aluminum-
covered plywood flooring, routed plywood flooring, and under-floor-suspended or
heat conduction plate-routed hydronic tubing. The proponents of each of the many
system and design options provide information about important features of their sys-
tem. The literature identifies features and benefits that manufacturers believe give
their system a performance, installation, or cost advantage.

Warm-air radiant heating involves the routing of heat transfer ducting through the
concrete floor or slab. Figure 1.1 shows a common approach using air for floor heat-
ing and cooling. The heated or cooled air may be in a closed system, or all or part of
the air may pass through the space being conditioned to provide supplemental heat-
ing or ventilation on its way back to the furnace. Systems like this have been devel-
oped for many different types of building using either the floor or the ceiling, or both.
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FIGURE 1.1 Ducted radiant panel. Section showing air-conditioning distribution system.

Panel design methodology is governed by the same opportunities for output
maximization as other radiant systems. However, the air dynamics of such a system
where the air usually flows into the room and out through a return in a manner
similar to a forced-air system are beyond the scope of this Handbook. Application
of this approach to duct routing provides floor warming in buildings with concrete
floors that might be uncomfortable with ceiling delivery of warm air convection
heat.

Radiant heating has long been especially valued for its successful use in very spe-
cific situations in conjunction with conventional heating. For the most part, unless
part of a carefully engineered project, the installation of radiant heating or cooling
has usually occurred as a retrofit to solve a comfort, operational, or energy cost
problem. In fact, hybrid or combination radiant heating or cooling offers not only
comfort, but also economic operating benefits. The use of radiant systems in combi-
nation with other systems is covered in detail in Sec. 7 of this Handbook.

1.6 BASICS OF RADIANT DESIGN

Maximizing radiant output is the goal of radiant panel design. Minimizing backloss
and edge loss is an important first step toward maximizing frontal heat output. Panel
planar location and airflow past the panel determine the split between radiant and
convection heat output. Evaluation of radiant panel efficiency is essential to deter-
mining panel sizing and estimating system energy use. The analysis of the surface
heat balance applies the first law of thermodynamics to the surface of the radiant
panel. Figure 1.2 shows the thermal resistance factors, represented by R, the series of
resistors.

Although the ratio of heat delivered is an important design factor, it is essential
to factor in the thermal boundaries imposed by occupant thermal comfort to
develop a practical radiant system design. The chart in Fig. 1.3 shows the percentage
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FIGURE 1.2 Thermal resistance network for a radiant panel system.

of dissatisfied people related only to discomfort due to cold or warm feet related to
floor temperature. The participants were in a condition of thermal neutrality. The
results were not gender-sensitive.

Another significant factor is the impact of air movement, whether natural or
mechanical, in reducing the surface temperature of the radiant heat panel, thereby
reducing the radiant output. In the built environment, air movement is primarily a
function of the heating system design. Coordination of air distribution design is
important for radiant panel sizing and design to assure desired performance, and
conformance to indoor air change code requirements. Studies of the effect of air
velocity over the whole body have found thermal acceptability unaffected in neutral
environments by air speeds of 50 feet per minute (fpm) or less. Subjective responses
indicate that there is no interaction between air speed and radiant temperature
asymmetry. Changes in percent dissatisfied due to draft and radiant asymmetry are
independent and additive. There was no significant difference between responses of
men and women to draft.

The chart in Fig. 1.4 shows the relationship of occupant thermal comfort to draft
in terms of the percentage of people dissatisfied (PPD) as a function of mean air
velocity.

Radiant panel planar location is the primary determinant of the split between
radiant and convection frontal heat output. In a laboratory study, zero-clearance
framed insulated heat panels placed upon the ceiling have 95 percent radiant output.
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FIGURE 1.3 Floor temperature comfort graph—percentage of people dissatisfied as a
function of floor temperature.

The same panel placed on the wall will have from 60 to 70 percent radiant frontal
outputs. Face-up floor placement further increases convection and reduces radiant
output to between 50 and 60 percent or less. These differences are important sizing
determinants. For example, an ASHRAE-sponsored University of Illinois research
project found the wattage requirements for identical radiant output to be 250 W for
ceiling location, 325 W for wall location, and 350 W for floor location. Radiant out-
put is a key factor in reducing the energy required to provide conditions of equiva-
lent human thermal comfort with a radiant system in comparison with a convection
heating system.

1.7 RADIANT DESIGN PROGRAMS INCLUDE
THERMAL COMFORT

Early energy design and simulation programs did not incorporate mean radiant tem-
perature (MRT) and human thermal comfort design factors into their governing
algorithms. The result is the design assumption that average unheated surface tem-
peratures (AUSTS) are equal to the air temperature. There are many architectural
features, building materials, and operating conditions that result in circumstances in
which this assumption is invalid. The programs were not able to model dynamic
occupancy-oriented use of radiant systems.

Computer programs that incorporate these factors recognize the performance
characteristics that are unique to radiant heating panels in terms of design load,
human thermal comfort, and energy consumption. For design purposes, radiant pan-
els were treated as though their heat transfer process was identical to that of con-
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FIGURE 14 Draft thermal comfort graph—draft conditions dissatisfying 15 percent of
the population.

vection heating systems. A Btu was considered to be a Btu, regardless of its use, heat
transfer mode, or actual quantity requirement for the particular design purpose and
heating system. The heating Btu requirement using each system was accepted as
being the same.

Efforts to increase the efficiency of heating treating processes and travel into outer
space necessitated accurate calculation of all three forms of heat transfer. The expo-
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nential increase in computer and programming capability make it practical to address
the built environment with the same precision. Dynamic computer programs closely
link lifestyle, building use, weather conditions, internal load contribution, indoor air
quality requirements, and human thermal comfort in order to provide engineers with
better information for heating system selection and design optimization.

1.8 FUEL SELECTION ANALYSIS

Fuel cost projection and analysis have become a more difficult input to the complex
process of system selection than has historically been the case. Fuel costs have fluc-
tuated widely, and significant long-term influences are emerging. The advance in
seismic and extraction technology has identified and unlocked oil and gas reserves.
Advances in gas steam turbine heat recovery, secondary combustion, and electric
power generation technology have increased efficiency from 30 percent to more
than 80 percent, using natural gas. (See Fig. 1.5.)

100% I M Electrical [ Thermal I
90%
85%
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80% H
66%
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33%
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40% 1

20% 1

FIGURE 1.5 Electric power generation efficiencies.
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Computer, electronics, and programming technology advances combined with in-
vestment in related transmission infrastructure and industry mergers, have vastly in-
creased the ability of electric utilities to route power to serve need. Vast energy trading
operations present new energy supply and cost management options for both utilities
and consumers. The economic practicality of less expensive, smaller generation facili-
ties designed for intermittent and peak power generation is another important factor
to be considered in electricity cost and availability analysis projections.

The dramatic advances in electric power generation efficiency are being incorpo-
rated into new and existing generation facilities. The strategies include combined-
cycle gas generation, heat recovery, and secondary combustion for both gas and coal
plants, where coal is first converted into gas. These techniques can dramatically
increase the Btu conversion efficiency from the historic average of approximately 33
percent to a somewhere between 40 and 80 percent, depending upon the circum-
stances. Aside from the normal shareholder-driven quest for greater economic
returns, public policy is driving utilities to reduce pollution while increasing capacity
to facilitate economic expansion through the provision of adequate electric power at
rates that increase with or below the rate of inflation. The impact of public policy,
industry deregulation, and foreign energy pricing are the wild cards in energy pric-
ing and availability projections.

Deregulation of the natural gas and electric utility industries not only opens mar-
kets to competition, but also unleashes a torrent of technology investment. Inter-
industry corporate mergers create companies that provide a selection of energy
choices. All of these developments tend to narrow fuel economic differences and to
lessen the significance of fuel heating and cooling energy selection. A leveling of the
fuel selection options enables review of the full range of comparative qualitative as
well as quantitative system performance features.

Section 5 presents each of the radiant panel options because evaluation of all radi-
ant heating system options is important to assuring selection of the system that best
suits the overall objectives and optimizes system performance. The goal of this sec-
tion is to familiarize the reader with the characteristics and features of each radiant
panel system. Once the system selection is made, the reader will proceed to Sec. 8.
Discussion will begin with electric radiant heating, because those systems are rela-
tively simple when compared with gas-fired and hydronic systems, which involve
combustion and fluid-flow control dynamics, respectively. The objective is mastery of
basic radiant design principles. The following chapters empower the reader to
develop input appropriate for inclusion of electric, gas, or hydronic radiant panel
heating systems in the selection process. The reader will be equipped to perform a
complete evaluation of system and equipment alternatives.
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CHAPTER 2

ELECTRIC RADIANT
HEATING PANELS

2.1 ELECTRIC RADIANT PANEL OVERVIEW

Electric radiant heating panel is defined as a flat surface from which at least 50 per-
cent of energy transfer is accomplished through radiation from the electrically pow-
ered panel. The source of the energy that produces heat rad